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PREFACE 



The technology of gas lubrication has advanced considerably during 
the past decade. Ten years ago there were virtually no externally 
pressurized (aerostatic) gas bearings in industrial use in this country, 
and apart from the pioneering research of G. L. Shires at N.G.T.E. 
and of Robinson and Sterry at A.E.R.E. very little had been learned 
about their performance and application. About this time, however, 
two research programmes began which were to lead to a number of 
manufacturers marketing products with aerostatic bearings. The first 
was at the National Engineering Laboratory, where a team led by 
H. L. Wunsch pioneered the application of air bearings to grinding 
spindles, machine slideways and form measuring instruments. This 
work was taken up and developed commercially by the Churchill 
Machine Tool Co. Ltd., who now supply an air bearing wheelhead as 
standard equipment on most of their range of precision grinding 
machines. The second research programme was carried out at the 
University of Southampton under the leadership of the late Dr. N. S. 
Grassam. The work was primarily concerned with the problems of 
operating bearings at very high speeds and in 1962 there evolved the 
air turbine dental drill, operating at 500 000 r.p.m., which was probably 
the first mass produced air bearing product. The Dental Manufacturing 
Co. Ltd. have continued production to the present time and have 
achieved a peak output of 1 500 units per month. The year 1963 saw 
the birth of Westwind Turbines Ltd., another offshoot of the Southamp- 
ton programme, which has ever since devoted itself entirely to the 
application of air bearings to machine tools and scientific instruments. 
Several thousand of Westwind's 100 000 r.p.m. drilling spindles are 
employed in the precision drilling of electronic printed circuit boards 
throughout the world's computer industries. 

Aerostatic bearings have now become firmly established in such 
applications as precision grinding, micro hole drilling and a variety 
of instruments such as roundness measuring machines and turbine 
flowmeters for gases. They are being tried in an ever-increasing range 
of applications in machine tools, textile spindles and turbo-machinery. 
The purpose of this book is to place at the disposal of the design 
engineer who is facing these challenges a survey of the experience 
gained from the many and diverse applications of aerostatic bearings 
which have already been successfully accomplished. Most aspects 

9 
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relating to design have been covered, including basic theory, design 
methods, materials and manufacture and inspection and installation. 
In addition to emphasizing the advantages that aerostatic bearings 
have been shown to possess, stress has also been laid upon their 
limitations and areas of difficulty. Theory has been kept to a minimum 
consistent with a proper understanding of design procedures, and 
emphasis has been placed upon many practical features which have 
determined the success or failure of past applications. Although this 
book is primarily intended to assist designers, those engaged in 
teaching gas lubrication will also find something of value in its pages. 

Finally, I would like to express my appreciation of the help that I 
have received in the preparation of this book from many individuals 
and organizations. Space considerations preclude a comprehensive 
list but I am particularly indebted to Mr. W. Kammerling of Westwind 
Turbines Ltd. and to Dr. N. Tully of Oxford University. 

John Powell 

Lytchett Matravers 
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( = — ) ratio of specific heats of gas 
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8 phase angle by which rotor whirl lags unbalance; 

pocket depth 
e eccentricity ratio in journal bearing 
0 angle measured from load line of journal bearing 
<f> attitude angle in aerodynamic journal bearing 
4>n attitude angle in hybrid journal bearing 
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to angular velocity of rotor 
co* angular velocity of whirl or vibration 
co { cylindrical synchronous resonance speed 
co 2 conical synchronous resonance speed 
co c onset speed of self-excited whirl 
/* viscosity; 
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p density: p 0 at supply condition, p d downstream of feed holes, 

p a ambient 
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^ damping ratio 



h 

dynamic journal bearings 



dimensionless compressibility number for aero- 



compressibility number for hybrid journal 



bearings 

a radius of journal bearing; 

inside radius of annular thrust bearing 
a width of rectangular slot 
a 0 velocity of sound at gas supply conditions 
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/' outside radius of thrust bearing 

c radius of ring of feed holes in annular thrust bearing 
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radius of whirl orbit 
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width of feeding slot 

nd 2 p U 

= — r for pocketed feed holes I c r , , , 
4 ) Varea of feed hole 

(= ndh for annular feed holes) J 

C damping coefficient 

C D coefficient of discharge of feed hole 

/ W \ 

(= ) load coefficient 

C Lu load coefficient of axial flow model of aerostatic journal bearing 
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C Q flow dispersion coefficient 

C, specific heat at constant volume 
C„- load dispersion coefficient 

D diameter of journal bearing 

D, bore diameter of hollow rotor 
E Young's modulus 

F friction force 

F d dimensional factor in aerostatic bearing analysis 
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F r friction torque in thrust bearing 

F T tangential friction force on journal surface 
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G ( = F d .F g .F p ) slot factor 

G 0 slot factor for concentric journal bearing 
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I transverse moment of inertia of rotor 

/„ polar moment of inertia of rotor 

J half-distance between centres of journal bearings in a 
bearing machine 

K y= p'^j absolute pressure ratio across feed hole 
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= J bearing stiffness constant 

K A axial stiffness 

K a angular or tilt stiffness 

Y ( P "- P ° \ 

' \ = p -p J 8 au 8 e pressure ratio 

K go gauge pressure ratio for concentric journal bearing 

Kg* optimum gauge pressure ratio 

L length of journal bearing 

M mass flow of gas through bearing 

P pressure; 

W\ 

LD I specific loading 

P a ambient pressure 

P d pressure downstream of feed hole or feed slot 

Pjo = P d for concentric journal bearing 

P,„ mean pressure in hybrid journal bearing 

P 0 supply pressure 

R gas constant 

5 complex stiffness of rubber 

T absolute temperature 

T a absolute temperature of supply gas 

U linear velocity of bearing surface 

W total load on bearing 

Wj aerodynamic load vector in hybrid journal bearing; 

W,, effective aerodynamic load vector in hybrid journal bearing 

W s aerostatic load vector in hybrid journal bearing 
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a ambient 
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9 gauge 
H hybrid 
o supply; 

concentric bearing 
s aerostatic 
sf squeeze film 

Superscript 

* design or optimum condition 



CHAPTER 1 

SELECTION OF BEARING TYPE 

1.1 Introduction 

At a very early stage in the design of any rotating machine the engineer 
must decide on the type of bearing to be employed. Two basic types 
have found wide acceptance and will always receive serious considera- 
tion: the hydrodynamic oil bearing and the rolling contact bearing. 
More recently several new kinds have been developed for specialized 
applications. These have included bearings lubricated by a wide variety 
of liquids, hydrostatic ones, bearings using solid lubricants such as 
graphite or molybdenum disulphide, magnetic types, and bearings 
lubricated by air and other gases. 

Two specialized applications stimulated the early development of 
gas-lubricated bearings. The designers of high precision gyroscopes 
for use in inertial navigation systems required a spin axis bearing with 
very low friction and vibration levels and with both independent of 
time. Gas-lubricated bearings offered a considerable improvement 
over the precision ball bearings that were previously employed. In 
nuclear engineering the designers of gas circulators required a bearing 
that would permit the machine to be sealed into a reactor system and 
left unattended for up to twenty years. The lubricant also had to be 
unaffected by high temperature and irradiation. From these specialized 
beginnings gas bearings and, in particular, air bearings have developed 
to a stage where they can be used for many applications in general 
engineering. Air bearings have already successfully been employed 
in several types of machine tool and their wide utilization is predicted 
in precision grinding machines of all types and in high-speed drilling 
machines, hand tools and textile machinery. 

The first thing the designer must know when considering the use of 
air bearings is how they compare with the established types of bearing 
with which he is already familiar — what are their relative advantages 
and disadvantages? Before this comparison is attempted even in the 
broadest terms, it is however necessary to understand the basic methods 
of operation of gas-lubricated bearings. 

1.2 Types of gas bearing 

A gas-lubricated bearing can be defined as two accurately machined 
surfaces separated by a thin film of gas and arranged so that any 

15 
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tendency to change the clearance between the surfaces is resisted by 
a change of pressure in the gas film. 

Fig. 1.1 shows the three basic types of gas bearing. The aerodynamic 
kind is often called self-acting because it generates its pressure within 
the gas film by the mechanism of viscous shearing. The process is 
similar to that occurring in hydrodynamic oil bearings. Pressure is 
generated when one surface is moving relative to the other so that the 




(a) Aerodynamic 



r 

vzzzzzzzza 



\ //////// /A * 



r 



(b) Squeeze film 
Fig. 1.1 Types of gas bearing 



(c) Aerostatic 



lubricant is dragged into a convergence between the two. The aero- 
dynamic bearing is a simple and elegant concept, being entirely self- 
contained and independent of any external pressure source or other 
mechanism. It was this kind that received most of the early develop- 
ment in connection with gyroscopes and nuclear applications but it 
has not yet received wide application in general engineering for two 
reasons. Firstly, the bearings must be manufactured to very high 
standards of accuracy and therefore their production cost is large 
Secondly their load capacity is proportional to the lubricant viscosity' 
and as the viscosity of air is about ten thousand times less than that of 
an S.A.t. 10 oil, aerodynamic bearings have a maximum load 
capacity which is typically less than 5 lbf/in 2 (0-35 kgf/cm 2 ) of plan 
area. This load capacity would nevertheless be adequate in many 
applications and as manufacturing techniques are refined aerodynamic 
bearings should become more widely used. 

Like the aerodynamic bearing, the squeeze film bearing is indepen- 
dent of an externa supply of gas and generates pressure between he 
bearing surfaces. In this case, however, the movement producing he 
pressure is vibratory and normal to the bearing surfaces The squeeze 

the labor 1 ? S S ° far , f ° Und many Pr3Ctical a PP'*ations onto de 
* V^T\' h largdy be because the motion required to 

generate the load-supporting pressure does not derive from the normal 
functioning of the bearing (such as the rotation of the shaft in th Tease 
ol the aerodynamic bearing) but must be supplied by an external 
S«»g ISST***** -gnetostr Jive or jg* 
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The aerostatic bearing is often called 'externally pressurized' because 
the pressure in the gas film is generated at an external source, usually 
a compressor The gas from the external source is fed into the clearance 
space through flow restnctors which are often feed holes in one of the 
bearing surfaces, and escapes continuously to the atmosphere from 
he outs.de edges of the bearing. Relative to the aerodynamic beaZ 
he aerostatic type has the advantage of being able to carry higher 
oads, and this ability is independent of any relative movement between 
the bearing surfaces. However, it requires power continuously to be 
expended ,n maintaining its supply of pressurized gas, and this feature 
is a major design consideration since excessive gas flow can render the 
bearing uneconomical. 

Bearings have traditionally been classified according to their function. 
Those providing radial support for a shaft are called journal bearings 
and are usually of cylindrical geometry. Bearings which provide 
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tacn square represents a possible bearing type, but the table is not 
cla.med to be comprehensive. However, the shaded areas represent 
types which have thoroughly been investigated. For these a reliable 
design basis exists and is presented in this book. 



Fig. 1.2 Classification of aerostatic bearings 
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axial location of the rotor and carry axial or thrust loads are called 
thrust bearings, and usually have flat bearing surfaces which in plan 
view are circular or annular. Aerostatic bearings, however, in common 
with other bearing types, can take the form of combined journal and 
thrust bearings of conical or spherical geometry. 

Aerostatic bearings can also be classified according to the type of 
flow restrictor through which the gas is fed to the bearing clearance. 
The most widely used restrictor is a circular feed hole since this is 
probably the easiest to produce. The restrictor can, however, take 
the form of a narrow slot, a capillary tube or the porosity of a sintered 
bearing bush. A classification of types of aerostatic bearing is given 
in Fig. 1.2. 

The present work will be confined mainly to consideration of aero- 
static bearings of the feed hole type, sometimes called jet fed, and to 
bearings with slot feeding. Cylindrical journal bearings and flat thrust 
bearings will be considered. These types are easier to produce by 
established manufacturing methods, have a reliable basis for design 
and have been made and tested in large numbers in many sizes and 
for many different applications. Their use is therefore based on muc 
experience and future designers may employ them with confidence. 



\/h\'//,W/r7777\ 
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(b) Load on shaft 



Pressure difference supporting load 



Fig. 1.3 The aerostatic journal bearing 
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1.3 The aerostatic journal bearing 

The mode of operation of an aerostatic journal bearing is explained 
with reference to the typical jet fed journal bearing of Fig. 1.3. The 
bearing consists of a cylindrical bush into which are drilled two rows 
of gas feed holes spaced evenly around the bearing circumference. 
Compressed gas from an external source is supplied to the reservoir 
surrounding the bearing. From the reservoir the gas flows through the 
feed holes into the clearance between the shaft and the bush and then 
axially to the ends of the bearing where it exhausts to atmosphere. 
The pressure in the reservoir is the gas supply pressure P 0 . The pressure 
falls as the gas flows through the feed holes and enters the bearing 
clearance at a pressure P d , exhausting at the end of the bearing at 
a pressure P a . 

With no load applied to the shaft (and neglecting its weight), the 
shaft adopts a concentric position in the bush. In this case there is 
no variation of pressure circumferentially around the bearing and 
Fix = The pressure forces on the shaft balance. 

When a load is applied to the shaft in the vertically downward 
direction, the shaft deflects in that direction so that the clearance at 
the top of the bearing is increased, and that at the bottom is reduced. 
At the top of the bearing the resistance to the flow of gas escaping to 
atmosphere is thus lessened so that more gas flows in through the top 
feed holes. This flow increases the pressure drop through the feed holes 
and the pressure P dl falls. At the bottom of the bearing the resistance 
to the flow of gas escaping to atmosphere has been increased so less 
gas flows through the bottom feed holes. The pressure drop through 
these feed holes has been reduced and the pressure P dl rises. A difference 
of pressure now exists across the shaft to balance the applied load. 

For all loads within the capacity of the bearing there is an equilibrium 
position for the shaft. The eccentricity ratio e (the actual shaft radial 




Eccentricity ratio c 

Fig. 1.4 Typical load-eccentricity relationship for an aero- 
static journal bearing 
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deflection expressed as a fraction of the mean radial clearance) is an 
important parameter in all journal bearings. Fig. 1.4 shows a typical 
load-eccentricity ratio graph for an aerostatic journal bearing. It is 
usual to express the load capacity of an aerostatic journal bearing in 
terms of the dimensionless load coefficient C L where 

c = 11 

L (P 0 -P 0 )LD' 

where W is the load, L is the length, and D is the diameter of the 
bearing. The load coefficient at a given eccentricity ratio is dependent 
upon the gauge pressure ratio K go where 

K - P *- P Q 
90 Pa- Pa 

for the concentric shaft position. A typical relationship between load 
coefficient and gauge pressure ratio is shown in Fig. 1.5. The values 




of load coefficient shown apply to the theoretical case of a short journal 
bearing with a large number of jets— the load coefficients of real 
bearings are somewhat lower. 

Fig. 3.2 shows the actual load capacity that can be achieved by 
aerostatic bearings of conservative design at a supply pressure of 
100 lbf/in 2 (7 kgf/cm 2 ) gauge. In most industrial applications the 
available air supply pressure seldom exceeds this figure and in any 
case higher pressures would involve greater airflows and for this reason 
might often be uneconomical. The figure provides a basis of com- 
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parison with other bearing types and offers a 'rough cut' estimation 
of the load capacity available to the designer within a given physical 
size and shape. For another supply pressure P 0 the load capacity 
attainable can be found by multiplying by the ratio 

(P.- P.) 
100 ' 

where (P 0 -P„) is expressed in lbf/in 2 . 

The stiffness of an aerostatic journal bearing can be seen from Fig. 1.4 
to be constant up to an eccentricity ratio of 0-5. The aerostatic stiffness 
K can therefore be defined as: 

W 

K = — (for e < 0-5), 
eh 0 

where W is the load, £ the resulting eccentricity ratio and /;„ is the mean 
radial clearance of the bearing. It can be seen that the stiffness is 
inversely proportional to the clearance and typical values are given 
in Fig. 1.6 illustrating that the stiffness can be increased by reducing 
the clearance to a limit determined by the difficulty and cost of manu- 
facture. A typical radial clearance for comparative ease of manufacture 




Diametrical clearance (in) 

Bearing diameter 2 in; Length 2 in 
Supply pressure 100 lbf/in 2 gauge 

Fig. 1.6 Radial stiffness and airflow of an aerostatic 
journal bearing 
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might be 0 000 5 in. At this clearance a journal bearing of 2 in diameter 
and 2 in long supplied at 100 lbf/in 2 gauge would provide a radial 
stiffness of about 400 000 lbf/in and a maximum radial load capacity 
in excess of 150 lbf. It can be seen from Fig. 1.6 that the airflow 
through this bearing would be 0-34 s.c.f.m. and to supply this flow 
compressed to 100 lbf/in 2 gauge would require approximately 0-1 h.p. 
of installed compressor power. The airflow is proportional to the cube 
of the bearing clearance so that a reduction in clearance provides a 
significant reduction in the demand for compressor power as well as 
an increase in radial stiffness. 
The power dissipated as heat due to the friction in any full journal 

bearing operating with a lubricant of viscosity is given by nixD ^ ? 

0 

where co is the angular velocity in radians per second. 

With a knowledge of the method of operation of the aerostatic 
journal bearing and of the major factors determining its performance 
it is possible to make a preliminary comparison with other bearing 
types in order to assess where advantages may be gained from its use. 
Comparisons will be made with the two established bearing types— the 
hydrodynamic bearing and the rolling contact bearing— with particular 
emphasis on load capacity, stiffness, power (friction plus external 
pumping power), axis definition and wear. The comparison is also 
extended to include the hydrostatic oil bearing which is finding 
increasing utilization. 



1.4 Comparison of bearing types 

In order to focus the discussion and to avoid too great a use of 
generalizations, for these are difficult to interpret without numerous 
qualifications, it has been decided to use a specific example to present 
this comparison of bearing types. The author makes no claim to be 
an authority on hydrodynamic, hydrostatic or rolling contact bearings 
but hopes that the following examples illustrate the more important 
features of all three bearing types. In particular it is hoped that this 
comparison will highlight both where air bearings can be used to 
advantage and where their application might lead to difficulties and 
should be avoided. 

The 2 in diameter air bearing already described is compared to a 
hydrodynamic bearing and a ball bearing which might be chosen for a 
similar duty such as a wheelhead quill assembly for a precision grinding 
machine. It is assumed that in each case the bearing should locate 
within a quill of outside diameter of 4 in and that from a consideration 
of rigidity the shaft diameter should be at least 1-5 in. The three 
bearings are shown in Fig. 1.7. The dimensions are self-evident except 
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Aerostatic bearing 

2 in (5 cm) diameter; 2 in (5 cm) long; 
air supply 0-34 s.c.f.m. at 100 lbf/in 2 gauge; 
diametrical clearance 0 001 in (0 0025 cm); 
temperature 20 C. 



zzzzzzzzz 



Hydrodynamic bearing 
1-5 in (3-7 cm) diameter; 2 in (5 cm) long; 
oil-S.A.E. 10; viscosity 3 x 10" 6 lbfscc/in 2 - 
tcmperature 40 C; 

diametrical clearance 0-001 in (0-0025 cm). 




35 Ibf 
axial preload 



Ball bearing 

Outside diameter 315 in (80 mm); 
inside diameter 1-57 in (40 mm); 
width 0-709 in (18 mm); 
oil mist lubrication (Esso Univis P38); 
temperature 20 C 



Fig. 1.7 Comparison of bearing types 



perhaps for the diameter of the hydrodynamic bearing which is normally 
limited to minimize frictional heating. 

(a) Load capacity Typical values of radial load capacity for the three 
bearings are shown in Fig. 1.8. The values for the hydrodynamic 
bearing are calculated assuming an operating temperature of 40°C at 
3 000 rev/min. No value is given at 20 000 rev/min since this speed 
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Bearing Type 


Maximum Radial Load (Ihf) 


at .* tPUti rc\, nun 


at 20 000 rcv/min 


Aerostatic (c = 0-5) 


95 


120 


Ball bearing 


1 050 


600 


Hydrodynamic 


5 000 (40 C C) 




Hydrostatic (e = 0-5) 


1 900 





Fig. 1.8 Comparison of bearing types— load capacity 



would be prohibited by excessive power consumption and heating. 
The values for the ball bearing are taken from a manufacturer's 
catalogue and relate to a high quality precision instrument-type 
bearing. The load capacity of the aerostatic bearing is increased at 
high speeds by aerodynamic effects, accounting for the higher value 
given at 20 000 rev/min. The largest ball bearing recommended for a 
speed of 30 000 rev/min has a maximum radial load capacity of 250 lbf 
illustrating that at higher speeds, the two bearing types become closer 
in this respect. 

The comparison in terms of load capacity and speed is extended 
to include other bearing types in Fig. 1.9. The curves for all bearings 
except the aerostatic bearing are derived from the Institution of 
Mechanical Engineers Data Sheet No. 65007 (Ref. 1) to which the 
reader is referred if further information is sought. In each case a 
shaft diameter of 2 in and a bearing length of 2 in applies. 

In this figure, in the case of all types except the aerostatic bearing 
a nominal life of 10 000 hours is assumed. The curves are based on 
normally good engineering practice and commercially available parts 
Improved performance is possible with exceptionally high engineering 
standards or specially produced materials. 

It can be seen that both dry rubbing bearings and oil impregnated 
porous metal bearings can carry greater loads than an aerostatic 
bearing at speeds up to 300 rev/min and 1 500 rev/min respectively 
The rolling bearing can carry a greater load at all speeds up to its 
maximum of 9 000 rev/min. The hydrodynamic bearing can carry a 
considerably greater load than the aerostatic bearing at all speeds 
above about 20 rcv/min and both types can theoretically operate at 
speeds up to the burst limit for a solid steel shaft. However, using a 
hydrodynamic bearing for speeds approaching this limit presents a 
considerable coohng problem; the solution would demand a pressurized 
oil supply recirculating through an efficient cooler and designing the 
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Fig. 1.9 General comparison of bearing types (based on 
I.Mcch.E. data sheet No. 65007) 



10' 



bearing to permit a maximum heat flow through the bearing wall 
into a large heat sink. 

Boundary lubrication in hydrodynamic bearings enables them to 
withstand considerable overloading for limited periods. This feature 
is not shared by other bearing types to anything approaching the same 
degree and so hydrodynamic bearings are usually preferred for the 
most arduous applications. 
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(b) Radial stiffness It is extremely difficult to obtain a realistic com- 
parison of journal bearing stiffness. If the lubricant film only is con- 
sidered the hydrodynamic bearing is undoubtedly much stiffer than 
the other bearing types. The effective stiffness of a spindle supporting, 
for example, a grinding wheel is dependent upon a number of other 
factors. These include the stiffness of the shaft, the bearing bush, the 
quill body and the support structure. Some of these factors can drasti- 
cally reduce the overall stiffness of the spindle when a measurement is 
made in the plane of the grinding wheel, i.e. where the load is actually 
applied. 

In practice, for quill assemblies employing bearings in the size range 
considered the hydrodynamic bearing provides an overall stiffness in 
the region of 500 000 to 1 000 000 lbf/in. The aerostatic bearing and 
the ball bearing will provide comparable stiffness in the region of 
250 000 to 500 000 lbf/in. It is stressed that these values are typical 
of those likely to be measured for an overhung load such as that 
applied to a grinding wheel mounted at one end of a quill assembly. 
In overall stiffness the aerostatic bearing gains in relation to the ball 
bearing because, as illustrated in Fig. 1.10, it permits the use of a shaft 



Hearing deflection 



Total deflection 



^r^ - 




Vpplicd load 



Hearing deflection 



(a» Aerostatic bearings 






Applied load 



(hj Hall bearings 
Fig. 1.10 Effective stiffness of machine spindles 



of larger diameter and greater rigidity. In many instances in the 
author's experience it has been possible to provide greater overall 
stiffness with air bearings than was previously achieved using ball 
bearings. 

(c) Total power consumption The total power consumptions for the 
three bearing types are compared in Fig. 1.11. The aerostatic bearing 
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Bearing Type 


Power Required (h.p.) 


at 3 000 rev/min 


at 20 000 rcv/min 


Friction 


Total 


Friction 


Total 


Aerostatic 


0-001 


0101 


0 045 


0145 


Ball bearing 


0 007 


0 007 


0164 


0-164 


Hydrodynamic 


0-480 


0-480 






Hydrostatic 


0-200 


0-400 







Fig. 1.11 Comparison of bearing types — power consumption 

exhibits by far the lowest friction torque and consumes very little power 
within the gas film. This means that little heat is generated and the 
aerostatic bearing is the coolest running and seldom has thermal 
distortion problems. To get a true comparison with other types of 
bearing it is also necessary however to include the power expended 
externally to the bearing in the compressor. When this is done it can 
be seen that the power consumed is still considerably less than that 
required by the hydrodynamic bearing. At 3 000 rev/min the ball 
bearing consumes less total power. At this speed grease lubrication 
can be used and the ball bearing is independent of any external source 
of power, lubrication or cooling. At 20 000 rev/min the picture changes 
considerably. Not only is the friction heat produced in the ball bearing 
much greater than that produced in the aerostatic bearing, but the 
power consumed exceeds the sum of the friction loss and the com- 
pressor power required by the aerostatic bearing. At this higher 
speed the ball bearing requires oil-mist lubrication which is provided 
by a lubricator fed from a compressed air supply. Thus the ball 
bearing also demands compressor power in providing its lubrication 
and cooling. This additional power however is not included in the 
comparison given in Fig. 1.11. Thus it can be seen that as the speed 
increases aerostatic bearings become relatively more efficient and at 
very high speeds are unrivalled for efficiency and cool running. 

(d) Axis definition An important requirement of bearings for many 
precision spindle applications is the ability accurately to define the 
axis of rotation of the shaft. In an aerostatic bearing the averaging 
effect of the gas film can reduce the run-out to below a quarter of 
the roundness error of the shaft surface. Most ground shafts can, 
with a little care, be produced round to about 20 ^in (0-5 urn). With 
such a shaft supported in aerostatic bearings a run-out of less than 
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5 uin (01 25 urn) can be realized. If great care is exercised in grinding 
the shaft a roundness of 5 pin is possible. By this means precision 
spindles with aerostatic bearings have been produced for use in 
roundness measuring machines which are capable of defining a true 
axis to within uin (0 025-0 038 urn). 

In respect of axis definition hydrodynamic bearings and ball bearings 
are undoubtedly inferior to aerostatic bearings. According to the 
manufacturers* catalogues the best ball races are capable of giving a 
run-out performance in the region of 20 pin (0-5 pm) and hydrodynamic 
bearings have a similar limit. The low run-out capabilities of aerostatic 
bearings can be approached only by hydrostatic bearings which share 
the same roundness averaging effect. However, even hydrostatic 
bearings are likely to be inferior to the best aerostatic bearings due to 
distortion in the shaft and bearings caused by the high pressures 
employed, and by the friction heating which occurs at all but the 
lowest speeds. Thus in respect of axis definition the aerostatic bearing 
has no equal and this feature has been exploited not only in roundness 
measuring machines but in wheel spindles and work spindles for all 
types of grinding machines and in spindles for fine hole drilling 
machines. 



(e) Wear All rolling contact bearings must be subject to wear since 
some rubbing contact occurs whenever the shaft is rotating. In the 
case of the ball bearing chosen for the present example the radial load 
capacity at various speeds is given for a 500-hour design life. The life 
is extended by running at lower loads and at lower speeds but the life 
will always have a definite limit even under ideal conditions. 

Hydrodynamic bearings rub at starting and stopping although 
wear from this source should be very small as long as oil provides 
boundary lubrication, and as the applied load is low during starting 
and stopping. However, hydrodynamic bearings experience wear for 
a number of reasons. The large friction heating raises the temperature 
and causes oxidation of the oil and corrosion of the bearing surfaces. 
Deterioration of the bearing surfaces by corrosion can lead to solid 
particles circulating in the oil and increasing the wear rate. Breaking 
down of the bearing surfaces is accelerated by high pressures resulting 
trom high loading. However, hydrodynamic bearings can operate 
efiectively for many years if they are adequately cooled and the oil is 
well filtered and changed frequently. 

The aerostatic bearing is theoretically not subject to wear. No rub- 
bing contact ever occurs and most pure gases will cause neither 
corrosion or erosion of the bearing surfaces. However, it must be 
emphasized that this is an ideal condition and will only be approached 
m practice il attention is given to detail in the design both of the 
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bearing and of the complete air supply installation. The bearing must 
not be subjected to loads beyond its capacity, and it must be con- 
structed of stainless materials. The gas supply must be filtered to 
remove solid particles of a size likely to cause damage (say less than 
half the least clearance) and to reduce any excessive liquid contamina- 
tion. Finally it may be necessary to make provision to safeguard the 
bearing in the event of gas pressure failure. This often takes the form 
of automatically cutting-off the drive and providing an adequate 
storage volume to support the shaft until rotation ceases. A detailed 
consideration of installation design is given in Chapter 11. 

1.5 Aerostatic and hydrostatic bearings 

Before concluding this preliminary comparison of bearing types 
some mention must be made of hydrostatic oil bearings. These are now 
the subject of concentrated research and development activity and are 
finding increasing application particularly in the field of machine tools 
Design in formation on hydrostatic bearings is given in reference 29 
Future designers may often be faced with the problem of choosing 
between an aerostatic and a hydrostatic bearing. 
The principle of operation of the hydrostatic journal bearing is 
ntially similar to that of the aerostatic journal bearing. The oil is 
■id from a high pressure source and is fed through flow restrictors 
r the bearing clearance at points arranged symmetrically around 
earing in one or two axial planes. However, the flow restrictors 
e not jets drilled within the bearing bush but often take the form 
of a coil of fine bore tubing mounted externally to the bearing. The 
flow through the restrictors is laminar and the pressure drop occurs 
by the mechanism of viscous shearing. 

In hydrostatic bearings the lubricant must be recirculated and this 
involves collecting the oil exhausting from the bearing, suitably sealing 
the shaft to avoid losses, and providing a return pipe to the pump. 
These factors add to the cost of the hydrostatic bearing system and, 
with the high cost of the pump, help to make them relatively more 
expensive to provide than aerostatic bearings. 

When comparing hydrostatic and aerostatic bearings there are two 
fundamental differences in the lubricant properties which must be 
borne in mind. Firstly the oil can be considered to be incompressible, 
and secondly its viscosity is usually between 100 and 1 000 times 
greater than the viscosity of air. These two factors mean that in practice 
very much higher supply pressures can be used with oil before flow 
rates become excessive and before the demand for pumping power 
becomes prohibitive. Thus one finds that hydrostatic bearings operate 
typically at supply pressures in the range 1 500-3 000 lbf/in 2 , and even 
higher pressures may be used in the future. 
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The maximum load capacity of any externally pressurized bearing 
is proportional to the supply pressure. A hydrostatic bearing is 
therefore capable of carrying a very much higher load than an aero- 
static bearing of the same size and shape. It is also much stiffer. 
Therefore in applications where bearing loads are very high, or where 
a very high lubricant film stiffness is required, the hydrostatic bearing 
competes with the hydrodynamic bearing and the aerostatic bearing is 
not seriously considered. 

One basis for comparing aerostatic and hydrostatic bearings is in 
considering that equal pumping power is required to supply the 
bearings. Assuming that the two bearings are the same size and shape 
and have the same clearance, and neglecting the compressibility oft 
gas, this condition is represented by the equation: 

(P.-P*) 1 # f 
= constant. 

I* 

The load capacity is proportional to (P 0 -P a )D 2 9 giving 

Hydrostatic load capacity 



city = //fou 
ity V n QiT ' 



Aerostatic load capacity 
The friction power loss is proportional to /<co 2 , giving 

Hydrostatic power loss /i oil 
Aerostatic power loss /* air ' 

for the same speed. 

These equations highlight the superiority of the hydrostatic bearing 
in terms of load capacity and the aerostatic bearing in terms of friction 
At higher speeds the friction power loss in the hydrostatic bearing 
rapidly becomes prohibitive. 

A second basis for comparison is in terms of equal load capacity. 
This will occur for geometrically similar bearings when 

(P 0 -P a )D 2 = constant, 

v (p _p \ -i± 
gl vmg J Wro 4 P ,p g r W 

LI *o "a/hydro- 

or for a ratio of supply pressures of twenty, 



D hvdro = 0224D 



.ILTlV 



On this basis of comparison and for constant speed the friction power 
loss is proportional to jp^Zpji, and for a viscosity ratio of 200 one has 

Friction power loss in hyd rostatic bearing 1 
Friction power loss in aerostatic bearing ~ 2' 
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Thus it is theoretically possible to produce a hydrostatic bearing of 
equal load capacity and stiffness and lower friction power loss. How- 
ever, this performance may not be practicable owing to the fact that 
the smaller diameter shaft is often of inadequate rigidity. Hydrostatic 
bearings are also more expensive to produce and this difference is 
greater at small sizes. A major cost factor is the hydrostatic pump and 
this cost does not decrease proportionately with size. Thus hydrostatic 
bearings are best suited to applications where speeds are relatively low 
and where arduous operating conditions demand their high load 
carrying capacity. In applications involving high speeds or requiring 
low friction or cool running the aerostatic bearing will generally offer 
a simpler and more economical solution. 

Load and power consumption data are included in Figs. 1.8 and 1.11 
for a typical hydrostatic bearing which could be considered for the 
same application. A supply pressure of 2 000 lbf/in 2 is assumed and 
the viscosity of the oil is taken to be 200 times greater than that of air 
The same bearing dimensions apply as in the case of the aerostatic 
bearing— namely 2 in diameter and 2 in length. Once again it is seen 
that compared to the aerostatic bearing the hydrostatic bearing carries 
a considerably higher load and consumes considerably more power. 

1.6 Advantages and limitations of aerostatic bearings 

The advantages of aerostatic bearings can be summarized as follows: 

(a) low friction giving low power loss and cool running characteristics; 

(b) capability of operating at very high rotational speeds; 

(c) precise axis definition; 

(d) low or zero wear rate giving a long life; 

(e) little or no need for periodic maintenance; 

(f) capability of operating at very high and very low temperatures; and 

(g) low noise and vibration levels. 

All these advantages are not necessarily easily obtained in any one 
particular application. For example, the maximum operating speed 
may be determined by the onset of self-excited whirl instability or the 
friction level may be raised by liquid impurities in the gas supply. 
The following chapters attempt to describe how, with the benefit of 
the available design data and practical experience, these ideals can be 
approached. 

In addition to the advantages already listed, air bearings possess 
advantages of convenience which, although mostly self evident, are 
nevertheless often overlooked by those inexperienced at using air' as a 
lubricant. Air is universally available with a nearly constant chemical 
composition and well established physical properties and behaviour. 



32 



DESIGN OF AEROSTATIC BEARINGS 



Compressed air is widely used and is available in the majority of fac- 
tories and industrial plants. On a very large number of machines 
compressed air is employed to drive motors and turbines, to actuate 
pneumatic cylinders, to lubricate ball bearings by carrying oil mist, 
and for cooling or use in air dusters. In many of these machines the 
incorporation of air bearings, using the existing compressed air supply, 
often seems a logical development. 

With the possible limited exception of water, air and its constituent 
gases are the only lubricants that can freely be exhausted to atmosphere 
without danger or risk of harmful pollution. This permits an open 
cycle lubrication system of great simplicity compared to recirculating 
oil systems. 

ar 

Finally, and particularly important in relation to prototype and 
research machines, air bearings have an inherent cleanliness and general 
convenience which can be appreciated fully only through first-hand 
experience. 

Aerostatic bearings can solve some lubrication problems which 
would be insoluble or extremely difficult to solve by any other means. 
Examples of these demand operation at very high or very low tem- 
peratures with very low friction at high rotational speeds. However, 
in many applications two or more types of bearing can be used, each 
type offering some small performance or manufacturing cost advantage, 
but with no clear-cut superiority. In this introductory chapter the 
author has attempted to present a realistic basis of comparison by 
which to choose or to reject aerostatic bearings. However, a great deal 
of care and attention to detail will be needed if aerostatic bearings are 
successfully to be employed. If equal diligence were always applied 
to the application of conventional bearing types an equally effective 
solution might often be realized. For example, a hydrodynamic 
bearing can be manufactured or a ball bearing can be installed to the 
same degree of precision as the aerostatic bearing, and their lubrication 
systems can be planned as thoroughly as the compressed air supply 
system. They can also be mounted into the machine structure with 
equal care to minimize distortion due to clamping stresses. 

It is not meant to imply that many designers employing conventional 
bearing systems neglect refinements in design and manufacture, but 
rather that, since familiarity does in many cases tend to breed contempt, 
any new bearing system tends to be applied with greater care than the 
old. Often an improvement in performance can result from the care 
as much as from the novelty. 

The author has included this reflection to counterbalance any 
natural enthusiasm or bias which must inevitably colour his writings 
in favour of aerostatic bearings. It is intended to prompt the designer 
to take a second look at his present bearing system and to make his 
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comparison with the new bearing while keeping in mind all possible 
refinements to the design, manufacture and installation of the old. 

In all engineering design it is at least as important to appreciate the 
disadvantages and limitations of a mechanism or technique as to under- 
stand its advantages. The latter are often immediately apparent while 
the former are often overlooked. Thus it is important before proceeding 
to deal with design in detail that the disadvantages and limitations of 
aerostatic bearings are given close consideration. By this means 
unsuitable applications will quickly be identified and the designer will 
avoid joining the ranks of those prejudiced against a new technique 
through an unfortunate and ill-conceived initial experience. It is to be 
regretted that the history of gas lubrication lists many such 
disillusionments. 

A major consideration with aerostatic bearings is always their 
limited load-carrying capacity. It is essential that before commencing 
any bearing design calculations all the applied loads are accurately 
estimated. There are many sources of such applied loads including: 

(a) rotor weight; 

(b) static and dynamic unbalance; 

(c) applied cutting loads in machine tool spindles; 

(d) electro-magnetic forces in motors; 

(e) pressure forces on turbines or compressor wheels; and 

(f ) transmission forces through a belt, coupling or gearing. 

These forces must correctly be combined to give the maximum total 
load to be carried by the bearing at each operating condition. At this 
stage the physical location of the bearings should carefully be con- 
sidered since by proper adjustment the effective applied load can often 
be reduced. Any possible overload or accident condition must carefully 
be considered and the bearing should be designed to give a generous 
safety margin in all possible cases. Where some accidental contact of 
the bearing surfaces cannot be avoided full consideration must be 
given to the choice of bearing materials so that the damage and wear 
are minimized. 

The other major limitation which must always be borne in mind 
concerns the cleanliness of the air supply. This aspect is considered in 
detail in a later chapter but it is important to note at this stage that the 
design clearance and feed jet or slot dimensions are likely to be dictated 
in many cases by considerations of blockage by solid and liquid 
impurities in the gas supply rather than by considerations of gas flow 
or stiffness. 

Finally, the designer must resist the temptation to design a super 
bearing at a small clearance demanding an impossible degree of 

D.A.B. 2 
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precision in manufacture and an impossibly high quality of air 
filtration. The designer is advised to start in the machine shop by finding 
out exactly what degree of precision can be achieved with the available 
equipment. A wise man having arrived at a tolerance will then often 
double it to arrive at a practical and successful design. 



CHAPTER 2 



THEORY OF AEROSTATIC LUBRICATION 

2.1 Introduction 

It is not the author's intention to burden the design engineer with a 
great deal of advanced mathematical analysis or to pursue academic 
discussions of phenomena which, while they might be of great intrinsic 
interest, are of little or no practical importance. It is rather the purpose 
of this chapter to give some understanding of the basic physical 
behaviour of gases upon which the design of aerostatic bearings is 
based. Those already well read in fluid mechanics will find little new 
and will quickly pass on to the following chapters dealing with design. 
However, the newcomer to the field will make better use of the design 
information if he has a basic understanding of the theory upon which 
it is based. An attempt has been made to limit this treatment to 
essentials and to keep the mathematics simple so that the information 
is meaningful to the greatest possible number. Wider ranging and more 
advanced treatments of the theory of aerostatic lubrication will be 
found in the various references given in the bibliography. It is left 
to these to satisfy the specialist and the researcher. 

2.2 Flow between parallel plates 

(a) Rectangular slot In almost all practical bearings the flow in the 
bearing clearance is laminar and pressure losses occur due to viscous 
shearing in the gas film. It is of fundamental interest therefore to 
understand the laminar flow of gases between flat and parallel plates. 
In this simplified treatment a number of assumptions are made. 

(a) Inertia forces due to acceleration can be neglected compared with 
frictional forces due to viscous shearing. 

(b) Laminar flow conditions exist at all points in the gas film. 

(c) Pressure is constant over any section normal to the direction of flow. 

(d) There is no slip at the boundaries between the fluid and the plates. 
In the following analysis the dimensions and co-ordinates are shown 

in Fig. 2. 1 . Using this nomenclature and applying the stated conditions 
to the well known Navier Stokes equations the following expression 
results: 

d 2 u 1 DP 

dy 2 ~ f ,dx- ,U 

35 
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Flow occurs in (he x direction due to pressure P, being higher than 
pressure P } . The velocity distribution across the film in the v direction 
follows a parabolic curve and the gas in contact with each plate is 
stationary. 

Fig. 2.1 Flow between parallel plates 



This equation connects the pressure gradient in the x direction with the 
resulting velocity distribution in the y direction. Here u is the velocity 
of the gas at any point, P is the pressure at that point, and // is the 
viscosity of the gas. 
Integrating equation (1) gives 

du 1 dP 

ay n dx 

where A is a constant; integrating again yields 

1 dPy 2 
"=- — ^ +Ay + B. 
H dx 2 

If // is the clearance between the plates, then // = 0 at y = 0 and at 
y = h - substituting these boundary conditions gives 

B = 0 

and 

A = - — — h 
2// dx 

and so 

1 dP , 

U= 2»Tx* y - H) - W 
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Equation (2) gives the velocity of the gas at any given position across 
the gas film and it will be noted that the velocity distribution is parabolic. 



The mass of gas flowing between plates of width a is given by: 



The greatest velocity is at the centre of the clearance, i.e. at y = 



i = ap j g u dy, 

where m is the mass flow rate of gas and p is the density of the gas ; 
which upon substituting for u from equation (2) becomes 



and 

aph 3 dP 

m = , 

12// dx 

whence rearranging gives: 

dP__ 12///H 

dx ~ aph 3 ' (3) 

Equation (3) gives the relationship between the mass flow rate and the 
pressure gradient between the plates in the direction of flow. The 
density p has so far been assumed constant in the y direction and 
equation (3) applies to both liquids and gases. However, the density 
of a gas is dependent upon the pressure and as the pressure varies in the 
X direction equation (3) cannot be integrated to give the pressure 
distribution in the x direction until some relationship is established 
between the gas density and the pressure. It is reasonable to assume 
that the gas behaviour is isothermal since the heat generated in the gas 
film is small, and the bearing walls are usually metal and therefore of 
high thermal conductivity. At isothermal conditions 

\ = *r. (4) 

where R is the gas constant and T the absolute temperature. Substi- 
tuting for p in equation (3) and separating the variables gives: 

ah* 

Then 

Pl Pz ~ ah 3 ■ (5) 

Equation (5) is of fundamental importance to the understanding of 
aerostatic bearings. It expresses the pressure drop along the slot in 
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terms of the mass flow, the gas properties and the slot dimensions. Some 
bearings, both journal and thrust, employ slot feeding. That is the gas 
is fed through a slot before entering the bearing clearance. To such 
slots equation (5) can be applied directly provided that the slots are 
rectangular, i.e. a is constant. In this case P x will be the gas supply 
pressure P 0 , and P 2 will be the pressure in the bearing at the point of 
entry which is usually denoted by P d . Thus, for a rectangular feeding 
slot of length y and clearance z equation (5) can be written: 

UwRTy 

r 0 f A - . (6) 

In journal bearing analysis it is usual to divide the bearing into a 
number of 'equivalent slots' each supplied with gas from a feed hole 
or a feed slot. This arrangement is shown in Fig. 2.2. The slot width 
in this case is given by: 

_ nD 
a = — , 
n 

where D is the diameter of the bearing and n is the number of feed 



feed hole wiih pocket (or feed slot) 




Fig. 2.2 Equivalent slot in a journal bearing 



holes in a row around the bearing. When the shaft is concentric in 
the bearing the film thickness for all the slots is the mean radial 
clearance h u . Thus for an equivalent slot equation (5) can be written as 

pi p2 UnmnRTl 
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where P a is the ambient pressure where the gas exhausts from the end 
of the bearing. 

If one considers the complete 360° journal bearing, this can be 
rearranged to yield the total mass flow of gas from both ends of the 
bearing thus 

\2nRTl w 

It can be seen that the flow is proportional to the cube of the bearing 
clearance. This fact is often of considerable economic importance 
since even a small increase in clearance can involve a considerable 
penalty in terms of increased flow and pumping power requirement. 

(b) Circular plates The laminar flow in a rectangular slot has been 
considered and it has been shown how this theory can be applied to 
feed slots and to segments of journal bearings. Another important case 
occurs in thrust bearings where the gas is fed into the centre of two 
circular plates and flows radially outwards. This arrangement is shown 
in Fig. 2.3. In this case assuming laminar flow and with the other 





Fig. 2.3 The simple aerostatic thrust bearing with central feed 
hole and pocket 



assumptions as before the Navier Stokes equations can be written as: 

C 2 u _ [ dP 
dy 2 fi dr' 
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where r is some radius from the centre of the plates which is greater 
than the pocket radius a and less than the bearing radius b. Integrating 
twice and applying the same boundary conditions as before yields 

w = 27^ J '°'- /,) - (9) 

Then the mass flow through annulus of width /; and radius r is given by 

m = 2nrp j h g u dy. 
Substituting for u from equation (9) and integrating gives 

dP 6/mi 

In equation (10), as in equation (3), the negative sign implies that the 
pressure is falling in the direction of flow, i.e. in the positive r or the 
positive x direction. Again assuming isothermal conditions in the gas 
lilm and separating the variables gives: 

_ 6fimRT dr 

and integrating from the pocket where r = a and P = P d to the outer 
edge of the bearing where r = b and P = P a gives: 

M^l^,-.. (12) 




nh 3 

Equation (12) can be rearranged to give the flow and it can be seen 
that the flow is proportional to the cube of the clearance in thrust 
bearings as well as in journal bearings. 

Fig. 2.4 shows a more common and practical type of aerostatic thrust 
bearing. This bearing is of annular plan form with a central hole of 
radius a through which a shaft may pass. A ring of feed holes supplies 
a pocket or groove in the form of a circle of some intermediate radius c 
However, the same analysis also applies if the gas is fed into the bearing 
through a circular slot at the same radius. In either case the pressure 
at radius c is P d and the gas flows radially inwards and radially outwards 
to exhaust at pressure P a at the inner radius a and the outer radius b 
Equation (1 1) can be integrated to give the pressure at any radius r: 

for the region of outward flow, and 

P 2 P 2 . \2/im 2 RT /c\ 

P ~ Pd ^ ,0g '(J (14 > 
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Fig. 2.4 The annular aerostatic thrust bearing with jets 
feeding an annular groove 



for the region of inward flow. By substituting P = P a at r = b in 
equation (13) the outward flow is given by 

(Pj-Pbnh 3 

m = — nF (15) 

\2nRT log 




■ c 



and by substituting P = P a at r = a in equation (14) the inward flow m, 
is given by 

(P, 2 -P 2 )*ft 3 
'«2 = 7—. (16) 

12/^7 log. 



It can be seen that the inward flow will be equal to the outward flow 
when 

b_c 
c a 

or c 2 = ab. 

This is the usual design condition for annular thrust bearings and 
applies to the design data given in Chapter 4. 
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2.3 Flow through feed holes 

In many aerostatic bearings the gas is supplied to the bearing 
clearance through feed holes drilled in the bearing wall. In considering 
the flow through feed holes the following assumptions can be made: 

(a) there are no pressure losses upstream of the throat of the jet, i.e. 
the pressure at the entry to the jet is the supply pressure P 0 ; 

(b) the pressure immediately downstream of the jet is the static pressure 
in the throat of the jet. 

Then considering the flow through a nozzle of the same throat 
diameter as the jet, the relationship between supply pressure and static 
pressure at the throat is given by: 



y-1 



V 

a. 



2-\ 



y-i 



where P d is the static pressure at the throat, 
v is the velocity at the throat, 
a D is the speed of sound at the supply conditions 
y is the ratio of specific heats for the gas. 

and then 

.2 



The mass flow through the jet 

tn = C D p d Av, 

where C D is the coefficient of discharge, 
p d is the density at the throat, 
A is the cross section area of the throat. 

Then for isentropic expansion 



and therefore 



»' 2 = ClplA 2 




_ 2C 2 D A 2 p 2 0 a 

Then substituting for the speed of sound at the supply condition 

a 0 = (.yRT 0 )* 
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and rearranging, gives the mass flow through a jet as: 



m = C D Ap 0 (2RT o f 



v-1 
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(17) 



The value of the coefficient of discharge C D is usually taken to be 
0-8 in design calculations. However, C D varies with the pressure 

ratio - as shown in Fig. 2.5. It can be seen that the value of C D falls 
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Fig. 2.5 Variation of C D with AT— typical values 



at pressure ratios above 0-7 and this has sometimes been taken into 
account, for example, when considering the ultimate load capacity of 
thrust bearings (see Ref. 3). 

Equation (17) can be simplified by writing 



F(yK) 



where 



2 

y — 



y+l 

v 



(18) 



K- P ~ d 



F(yK) varies with K as shown in Fig. 2.6. The function reaches a 
maximum value at the choked jet condition obtained by differentiating 
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F(fK) = 



(For air = 1-41) 

Fig. 2.6 Variation of F(yK) with A' 



equation (18) with respect to pressure ratio and equating to zero, when 



7 + 1 



iv — i 



(19) 



At all values of K below that defined by equation (19) F(yK) has a 
constant value of 0-484 for air (y =1-41). 

The value of the area A of the throat of the jet will depend upon the 
type of feed hole used. The two types commonly used are shown in 
r-ig. 2.7. For a simple orifice the smallest flow area occurs in the bore 
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Annular orifice »-j ,/ | m 

Fig. 2.7 Types of feed hole 
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of the feed hole and 




where d is the diameter of the feed hole. The smallest flow area with an 
annular orifice occurs in the outlet to the bearing clearance and in 
this case 

A = ndh, 

where /; is the local clearance. It can be seen that the two areas will 
be equal when h = - and for all larger clearances the jet can only 

operate as a simple orifice. However, in practice such large clearances 
are very rare and simple orifice compensation is achieved by exhausting 
the feed hole into a pocket. The minimum effective pocket depth 5 
is then given by 




since the feed hole must still operate as a simple orifice as the local 
clearance reduces to zero. Simple orifices always give a greater gas 
film stiffness than annular orifices because the throat area is independent 
of the local clearance. The annular orifice reduces in area as the 
bearing surfaces approach and as a result the downstream pressure 
does not increase as rapidly as it would if the throat area remained 
constant. However, for a given clearance the annular orifice diameter 
is usually larger and it is occasionally preferred to use annular orifices 
to facilitate manufacture in a bearing where stiffness is of secondary 
importance. 



2.4 Jet and slot combinations 

(a) Journal bearings It has already been described how a journal 
bearing can be considered as being composed of a number of rectangular 
slots arranged circumferentially around the shaft. This concept was 
shown in Fig. 2.2. It is usual to consider that the number of slots is 
equal to the number of feed holes in a row around the bearing. In 
this case, for a bearing with two rows of feed holes, the flow through 
the slot is equal to the flow through one feed hole. For a bearing with 
a single central row of feed holes the flow in the slot is equal to half 
the flow through a feed hole, since each feed hole supplies two slots with 
gas exhausting at both ends of the bearing. 

Considering a bearing with two rows of feed holes, the flow through 
the feed hole given in equation (17) can be substituted into equation (5) 
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for the flow in the slot to give: 



Now 



p i p2 24»RTI.C D Ap 0 (2RT 0 )>F{yK) 

ah 

Pa- P a 



P ~P 
1 o 1 a 



where 



Also putting 



and assuming 




' o J a 



n p„ 

Po ^ 



t„ = r 



(i.e., the supply temperature is equal to the temperature in the slot) 
then ' 

24n(2RT )*lC D AF(yK) 

"'"^pT -p~\ • (20) 




P.ah 3 

' earing 



The calculation ot the load capacity of the aerostatic journal beanng 
requires the solution of equation (20) for each jet and slot combination 
V\ hen load is applied to the shaft it moves to an eccentric position in 
the bearing. It can be seen from Fig. 2.8 that at an angle 0 to the load 
line, the local bearing clearance is given by 

h = /^(l-ecosfl), 

where c is the eccentricity ratio. Thus for any given mean radial 
clearance h and eccentricity ratio e, the mean clearance of each slot 
can be calculated and substituted in equation (20) to obtain the 
pressure at the point where the gas enters the bearing. Then assuming 
hat the pressure falls parabolically to the ends of the bearing and that 
the pressure between adjacent jets in two rows is constant, the pressure 

\!7 1 I T ° n V he Shaft Can be summed vectorially to yield the 
load on the shaft (see Fig. 2.10). 

However, equation (20) is not explicit in terms of P d or K g and hence 
its solution is a matter of successive approximations which are both 
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h = /i«U-c«>s 0) 



Fig. 2.8 Variation of clearance around a loaded journal 
bearing 



P 

lengthy and tedious. Shires (Ref. 4) noticed that as p d approaches 
unity, equation (20) reduces to 

since F(yK) reduces to 

P 



■ - 5V. 



1 - 



Po-Pa 



= 1- 



0 {l ~ K ° )K 



The slot factor G is given by 



C = 



PJPo 



24/4(2/? T)* /C D /1 



1 - 



(21) 



where F p is the pressure factor, 

F ff is the gas properties factor, 
and F d is the dimensional factor. 

Shires calculated the variation of K g with G for both compressible and 
incompressible flow and for various values of y. The results are shown 
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graphically in Fig. 2.9. For incompressible flow K g can be expressed 
explicitly in terms of G as 




Fig. 2.9 can be used to provide a rapid solution of equation (20). If 
K go is the gauge pressure ratio for the concentric bearing, i.e. when 
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Fig. 2.9 Theoretical characteristics of the jet and slot 
combination (after Shires, Ref. 11) 



h - h 0 , and the corresponding value of G is G 0 , then the value of G 
for any slot at angle 0 to the load line in a bearing at eccentricity 
ratio e is given by J 

I. - Off 

1 

(1-ecos.a) 3 ' W 
Thus it is only necessary to make one full calculation of G for the 
concentric bearing; then by calculating the value of G for each slot 

om Fie 2°9 n ( 2, ; h the COr T P ° nding V3,Ues of *. can be found 
r m h f a , S Way the pressure distribution in the bearing 
can be found for any eccentricity ratio and the corresponding load 
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capacity can be calculated as shown in Fig. 2.10. A typical variation 
of load coefficient C L with K go and e is shown in Fig. 1.5. 



Pressure from each feed hole is 
fell over a chord of width D sin 




Radial pressure force from each full length axial slot 
F r = PAL-2i)D sin £ + 2 [i(Pj-P a )ID sin 



and resolving vertically the total load 

W = F r -F fi + 2{F n -F ri )o 
for eight feed holes per row, i.e. A' = 8. 



Fig. 2.10 Load capacity of aerostatic journal bearing- 
axial flow model 



However, the load capacity calculated by this method will be greater 
than that achieved in practice due to two factors which have not yet 
been considered but which distort the pressure distribution (Fig 2 11) 
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(a) Axial flow model 



<b> Real bearing 



Fig. 2.1 1 The effects of dispersion and non-axial fl( 
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The first of these is the effect of dispersion as the gas flow diverges 
from around the feed jet. Dudgeon and Lowe (Ref. 5) have studied 
the effects of dispersion and have shown that the theoretical load is 
reduced by a factor called the load dispersion coefficient C w given by 

„D\O.379 /rr 0 X O.758 

dn\ o u /Ln\ 0 42 /pn 0 0505 
[nDj 



C w = 0-89 



\nd) \nL) 



(23) 



Some typical values of load dispersion coefficients are given in Fig. 2.12 
and some typical values of flow dispersion coefficients C Q are given 
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Fig. 2.12 Typical load dispersion coefficients (afler 
Dudgeon and Lowe, Ref. 5) 
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Fig. 2.13 Flow dispersion coefficients (after Dudgeon and 
Lowe, Ref. 5) 
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in Fig. 2.13. It can be seen that the effects of dispersion will be greatest 
in short bearings and bearings with few jets per row. In these cases the 
gas flow may not be fully dispersed to fill the whole of the bearing 
circumference before it exhausts to atmosphere at the ends of the 
bearings. It will be seen that bearings with circumferential slot 
feeding do not suffer from dispersion effects and this constitutes one 
of their major advantages. 

The second factor affecting load capacity not yet considered is 
non-axial flow. So far it has been assumed that in each slot around an 
eccentric journal bearing the gas flows axially from the plane of the 
feed hole to the end of the bearing. Yet in practice the circumferential 
pressure distribution causes the gas to flow around the bearing from 
the region of high pressure to the region of low pressure. The effect 
of this non-axial flow is to reduce the pressure differential across the 
shaft and hence to reduce the load capacity. 

No simple analytical solution exists for the effects of non-axial flow. 
Dudgeon and Lowe (Ref. 5) give a computer programme for calculating 
its effect to which the reader is referred for a more rigorous treatment 
of this aspect of journal bearing design. Shires has deduced a semi- 
;rapirieal correction factor for non-axial flow in which the constant 
vas derived from a series of experimental results by Robinson (Ref. 6). 
shires' correction factor also makes some allowance for dispersion 
mce Robinson's results must have included this effect. Shires gives 

[ cosh (6-36//D)-! ( + / L-21 
§L . 0-315 l sinh(6 W +tanh ( 6 ' 36 -F- /J (24) 




where C Lo is the load coefficient based on the axial flow model previously 
considered and C L is the load coefficient corrected for non-axial flow. 

The design data given in Chapter 3 is based on the work of Shires 
and of Dudgeon and Lowe and on much experimental data. Though 
less precise in any particular case than a numerical computer solution 
the design data derived by this method enables the effect of variation 
m the different parameters rapidly to be evaluated. It has been found 
that design load capacities and stiffnesses are predicted to within 
ten per cent in most cases for bearings of length-to-diameter ratio below 
two and of near optimum design. Longer bearings are seldom used 
because the effect of non-axial flow increases as the bearing length-to- 
diameter ratio increases and thus long bearings are very inefficient 
load supporters. 

(b) Thrust bearings Thrust bearings can be treated in a similar way 
to the journal bearing equivalent slot already considered. In the case 
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of the simple thrust bearing with central feed hole shown in Fig. 2.3, 
the flow through the feed hole given by equation (17) can be equated 
to the flow in the clearance space given in equation (12). However, 
once again the resulting equation is not explicit in terms of P d and a 
bearing slot factor is introduced. 

PJP 0 24n(2RT)\C D d 2 log, (b/a) 



G = 



F 



Pa 8/J 3 
P Pg • Pd 

The factors F p and F g are identical with those used in the journal 
bearing theory. In aerostatic thrust bearings the effects of compressi- 
bility on the pressure distribution in the clearance space is small and 
is often neglected. In this case the incompressible relationship between 
K g and G applies: 



1 + 



(■♦5) 



The total load which the bearing will support is proportional to K 
and is obtained by integrating the pressure over the whole of the 




P. — 



1/2 



Total load l»' = na*P 4 + j 2nrPdr-nb 2 P, 

n(b 2 -a 2 ) 



2 In (bin) 



Fig. 2.14 Load carried by circular thrust bearing with 
central feed hole 



thrust plate (Fig. 2.14). The solution is 



n(b 2 -a 2 ) 
2 log, (b/a)' 



(27) 
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Since G is a function of the clearance h, K g may be plotted against h 
for a particular design to illustrate the shape of the load versus clearance 
curve. Fig. 2.15 shows this transformation of equation (26). The shape 



a.* 



I 



5< 

1 — 

s 

3 




I 2 
Bearing clearance // (in x I0" J ) 



Fig. 2.15 Variation of thrust bearing gauge pressure ratio 
with clearance 



rf the curve is typical of all aerostatic thrust bearings. K increases as 
i is reduced, slowly at large clearances, then more rapidly and finally 
slowly again. The point of greatest slope is the point of maximum 
oeanng stiffness. For incompressible flow the maximum stiffness 
iccurs when 

K* = 0-69 

and G* = 1-25, 

under which conditions 



and 



( 
f 



dh) h* 



W\* = _ 0-69(P o -P a )n(b 2 -a 2 ) 
Jh) /i*21og e (b/a) 

Under these conditions the load capacity is given by 

0-69(P o -P a )n(b 2 -a 2 ) 



(28) 



W* = 



and the mass flow by 



2 log e (b/a) 

n{h*)\py-P l) 
12nRT\og e (blaY 



(29) 



(30) 
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where P* corresponds to K* = 0-69. In practice the assumption of 
incompressible flow means that predicted loads and stiffnesses are 
between ten and twenty percent less than those measured experimentally 
for actual bearings. This means that the design charts given in 
Chapter 4 tend to underestimate bearing performance and therefore 
incorporate some margin of safety. The basic theory for symmetrically 
loaded thrust bearings does not neglect any factors of major importance 
corresponding to dispersion or non-axial flow in journal bearings. 

The annular thrust bearing supplied by a ring of feed holes can be 
treated in a similar way by equating the total flow through the feed 
holes to the total flow in the clearance given by equations (15) and (16). 
It is assumed that the inward and outward flows are equal which is 
the condition defined by 

c 2 = ab. 

In this case the slot factor is given by 

G = F p .F g .F d , • 
where F p and F g are as before and 

C D nd 2 log e (/y q) 
Fd= 321? ■ < 31 > 

where n is the number of feed holes of diameter d. The incompressible 
relationship given in equation (26) can again be applied and the values 
for maximum stiffness of K*, G* and (dKJdh)* are the same as before 
The total load capacity is obtained by integrating the pressure given 
in equations (13) and (14) over the surface of the bearing between 
radius a and radius b. The load is given by 

w _ K,(Po -PaMb-a) 2 

log e (b/a) ' < 32 > 

The maximum stiffness is 

'dW\* = _ 0*9(P o -PMb-a) 2 

dt > I h* log, (b/a) ' (33) 

at which condition the load is 

w * = 0-WP o -P a )n(b-af 

^gAbjaV W 

and the mass flow is 

3f*RT\og e (b/a) " < 35) 
By comparing equations (30) and (35) it can be seen that with all 
other (actors equal the mass flow of gas through the anniJaMhrus! 
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bearing is four times as great as for the simple thrust bearing with a 
central feed. Therefore in order to minimize the pumping power 
required the simple thrust bearing is used wherever other design 
factors permit. The annular thrust bearing must be used wherever a 
shaft projects beyond the bearing assembly. The annular bearing 

g. In most practical machines 
with aerostatic bearings the single bearing element demanding the 
greatest individual gas flow is almost always an annular thrust bearing 
Equation (35) shows that in order to minimize this flow the ratio b/a 
should be as large as possible. 

2.5 Flow through slots in series 

(a) Journal bearings A journal bearing in which the supply gas is fed 
to the clearance space through narrow slots in the bearing sleeve is 
shown m Fig. 2.16. The bearing clearance can be divided into a number 





-Hh- 

Fig. 2.16 Journal bearing with circumferential inlet slots 

equal to the number of feed slots, and each two-slot 
-ombination can be treated in a similar way to the jet and slot com- 
oination already considered. 

Rewriting equation (5) for the flow through a slot in terms of the 
dimensions given in Fig. 2.16 gives the following expressions for the 
"ow from P a to P d in the feed slot and from P d to P a in the bearing slot. 

2 2 24»RTmy n 
P °- P * = —^—-^ (36) 

where y is the length of the feed slot (usually the thickness of the 
bearing sleeve), 
z is the thickness of the feed slot, 

n is number of feed slots giving the width of the slot as — 
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24/iRTml „ 
h 3 ' TiD 



(37) 



fZf"T^ B thC m f S fl ° W m (3nd incid entally t iRT too), equations 
(36) and (37) are combined to give: 4 



Pl-P 1 




Equation (38) can be rearranged to give 

Po-P a m~-P a )+2Pa\ 1+a' 



then 



whence putting 



gives 



P - P 

1 o r a, 



(Po-P a ) + 2P a 



P = 



IP. 



P -P 

1 o r a 



1+0, 

This has a real solution: 

It should be noted that for a single ring of feed slot! 

a = 2 




and for two rings of feed slots 




a = 



(38) 




(39) 



X^on^r' r 6 T ^ Sl0t feeds *• bearing slots 
slot q a U nd°on fagTn atumi g^a "EST *" * each 
the slot to the end of the b "^7^ " f ""^ distributi °n from 
accent slots, the rad^forcl SSj 
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slot can be calculated. The radial forces can then be summed vec- 
tonally to yield the load on the shaft. For short bearings the bearing 
characteristics shown in Fig. 2.17 can be derived. 
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Fig. 2.17 Characteristics of short journal bearings with 
circumferential slots (after Shires and Dee, Ref. 7) 



One significant feature of all bearings with inlet slots is that the load 
capacity and stiffness are functions of the dimensions and fluid pressures 
only. Unlike bearings with metering orifices gas properties and tem- 
perature do not influence the performance. Furthermore, the choice 
of optimum dimensions, which can be expressed simply as ratios of 
linear dimensions, is not significantly affected by the level either of the 
supply pressure or of the ambient pressure over normal working 
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ranges. In fact a bearing designed for pressurizing with a gas will also 
work at the same gauge pressure ratio with a liquid. This is because 
the bearing depends for its operation on the pressure drop through 
two successive slots of similar dimensions and at the same temperature. 
A change in fluid density or viscosity changes each pressure drop by the 
same factor so that the pressure ratio remains constant. 

In the case of short journal bearings with circumferential inlet slots 
the critical design parameter is the ratio of dimension a where 



a = 



a = 




for two rings of slots, and 
for one ring of slots. 



For maximum stiffness at an eccentricity ratio of 0-5, a should 
approximately equal to eight. In practice it is sometimes necessary 
to design at smaller values of a (for example to keep z large to simplify 
manufacture) and there is little deterioration in performance down to 
a = 2. 

Bearings with circumferential inlet slots will not be weakened by 
dispersion effects since the gas is introduced to the clearance space 
evenly around the whole circumference of the bearing. However the 
load capacity will be reduced by the effects of non-axial flow and a 
correction is made for this in the design data given in Chapter 3 

Slot-led journal bearings can take a variety of forms with circum- 
terential slots, axial slots and combinations of both types. Bearines 
with axial inlet slots can be analysed by the same basic method already 

sToK aVp "t rT f ° r beadn8S With ci ™^erential inlet 

slots. An estimate of the load capacity of the bearing can be obtained 

by considering the bearing as a series of strip bearings each fed bv a 

mf uch 0 a St-" 6 ? ?* 9 ^ ^ P-uretstrloutL 

m such a strip for an incompressible fluid and his conclusions are 
shown m Fig 2.18 (although this does not include any allowance for 
dispersion)^ Two cases are considered, an axial slot" OA, over he 
complete bearing length and an axial slot, OB, over the centra 
half only. The load coefficients for journal bearings with six ax a 

sl2 1 TnVt V^bl ated TH USing tHiS ****** -^.TndTe 

= °' 4: (40) 
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Fig. 2.18 Characteristics of axial inlet slots (after Shires 
and Dee, Ref. 7) 
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where L is the bearing total length, 
nD ■ , ■ 

— is the circumferential distance between inlet slots, 

/; is the number of slots, 
y is the depth of the inlet slot, 
and z is the width of the inlet slot. 

Although the total length of axial inlet slot in a bearing may be 
greater than that of the equivalent circumferential slot the mass flow 
requirement may not be significantly higher. This is because the flow 
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from the axial slot is concentrated towards the ends. A comparison of 
the mass flow from bearings with the same clearance is given in Fig. 
2.19, which illustrates this point. 





Fig. 2.19 Comparison of mass flow requirements of axial 
and circumferential inlet slots (after Shires and Dee, Ref. 7) 

Bearings with axial slots will be weakened by the effects of dispersion 

the^T .° fl ° ffer 3 ° f Hmiting ° r CVen n «W£ 

he effects of non-axial flow. This is a particularly valuable feature 

t Z J u 3 bearmg ° f ' arge len g th -to-diameter ratio must be u ed 

entt.lv to the" "^f' V h3t 3Xial S ' 0tS ' PCrha P S even tan- 
gentially to the journal surface, may increase the dynamic stability 

of beanngs for high speed applications. This P ossib~dS 8 S 



THEORY OF AEROSTATIC LUBRICATION 61 

more fully in Chapter 7. To date few applications of bearings with 
axial slots have however been proposed and the available design and 
experimental data are limited. 

(b) Annular thrust bearing with circular inlet slots An annular thrust 
beanng Wlth circular inlet slots is shown in Fig. 2.20. From equation 
( 1 5) it can be seen that 

2 2 _nn, ni RT (b\ 



for the outward flow region between the radius of the slot c and the 




z \Jab In (b/a)/ 



2.20 Characteristics of thrust bearings with circular 
inlet slots (after Shires and Dee, Ref. 7) 
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outer radius b. From equation (16) it can also be seen that 



for the inward flow region between the slot and the inner radius a. 
Once again it is assumed that the inward and outward flows are equal 
and therefore c 2 = ab. Then by adding equations (41) and (42) and 
putting the total flow M = m x +m 2 we find 

The flow through the inlet slot is given by equation (6) for a mass 
flow M as 



\2fiRTMy 



Pi-Pi = 

where the length of the slot 

a = 2nc 
= 2n(ab)*. 

Equations (42) and (43) can be combined to give 

j-Pl 
Pi -Pi 



Pi- Pi 1 



0 -r a rnx , V 




tab)*/ log,, (/>/</) 



1 



1+a' 

and as before for journal bearings 



K '-\TT*+2) 11 < 39 > 

where again 

2P 



P -P ' 

1 o 1 a 



of th ITZ ?r v Q Z K ° a " d thC '° ad ° n the beari °g is independent 

SfiSS • 8 3 eqUatI ° n (32) alS0 applies t0 annular beari "gs 
u h slot feeding assuming incompressible flow in the bearing clearance. 
1 he stinness is given by 

d _K = (Po-PaHb-a) 2 (dK g \ 

^StnK\ f01 ' 0ad Carded by an a »" U,ar ^«St 

bearing can be obtained by assuming a linear fall in pressure from 
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the slot or ring of jets to the inner and outer edges of the bearing. The 
resulting expression for load is 



W-K.libt-a'HP.-P.) (47) 



and for stiffness 



^ = - 2 (P 0 -W-O^ (48 ) 

Equation (32) tends slightly to underestimate the bearing load and 
equation (47) tends to overestimate it. For most design purposes 
equation (32) is generally the more reliable. Purposes 

By differentiating K g with respect to h for the slot-fed annular thrust 
bearing the following values were obtained by Shires. 



Supply pressure ratio, PJP a 


2 


3 


5 


Optimum value of a 


0-65 


0-72 


0-77 


Corresponding value of A, 


0-68 


0-69 


0-70 


Corresponding value of dK g /dh 


-0-64 


-0-61 


-0-58 




The negative sign indicates that K g increases as h decreases It is 
interesting to note how close the value of K g for optimum stiffness is 
to the value of 0-69 previously obtained for jet-fed bearings. However 
the theoretical stiffness of the slot-fed bearing is lower than that of 
the jet-fed bearing and this can be seen by comparing the value of 

the numerical constant (^=-0-69^) in equation (33) with the 

values in the table above. However, as the stiffness of the jet-fed 
bearing may be slightly reduced by the effects of dispersion the 
ditterence will be less in practice. 

The variation of K g with a is shown in Fig. 2.20. It is noteworthy 
that the optimum ratio of bearing dimensions for maximum stiffness 
is insensitive to pressure level. 

The mass flow of gas through the bearing is given by equation (43) as 

Tift 3 

M = 7^(P5-P 2 a) 

3/^Tlog, 
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which can be rearranged to give 



P 2 -P 2 



IfiRTlogJ- 



G) 1+ * 



(49) 



2.6 Friction in bearings 

When one surface of a fluid film bearing is moved relative to the 
other a resisting force is set up by the shearing of the fluid. The magni- 
tude of the force depends upon the viscosity of the fluid but the 
mechanism is essentially similar for both liquids and gases. 

Fig. 2.21 shows two parallel flat plates separated at a distance // by 
a fluid of viscosity ft. The upper plate is stationary and the lower plate 




Fig. 2.21 Simple slider bearing 



is moving at velocity U. The equation defining viscosity states that 
the force opposing the motion is given by 

F = ~^ A dy ( 5 °) 

at any plane parallel to the surfaces within the fluid film A is the 
area of the plates (A = dl) and u is the velocity of the gas at any 
position in the film. 3 

Assuming that there is no pressure variation in the x direction the 
direction of motion, equation (1) reduces to 



Integrating gives 



d 11 A 

uy 2 



du 

— = B (constant) 
and u=By + C (constant). 
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Substituting the boundary conditions 

u = U at y = 0 
and u=0 aty = h 

gives d JL = B = _U 

dy h 

and substituting in equation (50) gives 

IT -, u 

= & f (51) 

Equation (51) expresses the frictional resistance of a flat pad bearing 
It has little direct practical use although it can be applied to certain 
sl.deway bearings that have been used in machine tools. However 
the ; fractional resistance of the concentric journal bearing can simply^ 
be derived from equation (51) by imagining the fluid film to be wrapped 
around a cylindrical journal of diameter D and length L rotating with 
angular velocity co. 6 

Then 

/ = 7lD, 

U-f. 

h = h„ 

and a=L, 
and the tangential force on the surface of the journal 

HnD 2 Lo) 



or the friction torque 



2h 



_ D unD^Lw 
F T — = 



2 4/, 0 
and the friction power loss is given by 

HnD 3 Lco 2 

Equation (52) applies to all full concentric cylindrical journal bearings. 
I he friction increases slightly in an eccentric bearing but the increase 
can be ignored for almost all practical purposes and certainly at 
eccentricity ratios below 0-5. 

Fig. 2 22 shows an annular thrust bearing with parallel surfaces 
separated at a distance /; by a fluid of viscosity //. The inner radius 
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upper plule stationary 



W7A 



lower plate rotating at 
angular \clocity o> 



vzm 




Fig. 2.22 Friction torque in a circular thrust bearing 

of the film is a and the outer radius of the film is b. This model corre- 
sponds to both the annular thrust bearing and the simple thrust 
bearing with central feed hole and pocket since in the latter case the 
pocket depth will make the friction negligible over the area of the 
pocket. 

Considering an annulus of radius r and width <5r, equation (51) 
be substituted as follows 

a = <5r, 
l = 2nr 

and 



therefore 



or the torque 



V = rco, 

n2nr 2 codr 



F = 



h 

n2ncor 3 dr 



Then integrating from r = a to r = b gives 

friction torque = ^~ (b 4 -a*) 

and the friction power loss = (b*-a*) 



(53) 



SufiS*^ h b P e used t0 !f imate u the friction power ,oss in a, ™*t 

t^^W&bo^.^ bC aPPHed t0 3,1 aer ° Static thrUSt 
2.7 Uses of the theory of aerostatic bearings 

^t^^ZT giV T " tH f nCXt tW ° cha P ters is based "Pon 
If - , * 7 resented here - A n understanding of the foregoing will 

a ?£d ?n e T r * interpretation offlerign 

data and m appreciating their limitations and range of application 
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It will facilitate the extending of the design data to bearings of 
similar geometry which are excluded. It will also indicate a mefhod 
of approach to the analysis of bearings of other geometrical forms 
such as those with conical or spherical surfaces, which are not included 
in the present work. 



CHAPTER 3 



DESIGN OF JOURNAL BEARINGS 

3.1 Feasibility study 

All designs must begin with a feasibility study. At this stage the 
designer attempts to build a bridge out from the known boundary 
limitations towards the required operating performance. In the case 
of aerostatic journal bearings the design usually has boundary limita- 
tions imposed by the following factors: 

(a) the available gas supply in terms of pressure and flow; 



U»uiul.ir\ limitations 



Required performance 



available 
gas 

suppl) 


llow 


pressure 




available 
space 
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length 
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properties 
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constant 




friction i 
power j 
loss I 

I 



Fig. 3.1 Design of journal bearings— feasibility study 
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(b) the space available in which to engineer the bearing which will limit 
the length, diameter and plan area; 

(c) the available manufacturing capability which will determine the 
minimum practical clearance. (In practice the limiting factor could be 
jet diameter or slot width and these could be determined by manufac- 
turing difficulty or by problems of filtering the gas supply. In any case 
the result is to impose a lower limit on the bearing clearance.) 

The stages in the feasibility study for an aerostatic journal bearing 
are shown diagrammatically in Fig. 3.1. Before beginning the designer 
will have made some estimation of the load the bearing must carry 
and of the required stiffness. The importance of including all possible 
loads which might arise has already been stressed. It is advisable at 
this stage to tend to overestimate the loading or to include a generous 
factor of ignorance. If the feasibility cannot be established it may be 
necessary to go back and recalculate the loads more accurately prior 
to a second attempt. However, if the feasibility is established the bearing 
can always be trimmed at a later stage of design to operate at a lower 
supply pressure or to take up less space in the machine. 

The first step in the feasibility study will be to estimate the maximum 
radial load capacity. This will involve consideration of the available 
supply pressure and the length and diameter of the bearing This 
step can often be achieved by referring to Fig. 3.2. This gives an estimate 
ot the load capacity of bearings of up to 6 in in diameter and 6 in in 
length supplied at 100 lbf/in 2 gauge. The graphs of load capacity 
relate to all gas bearings with two rows of jets and the values given tend 
to slightly underestimate the performance which can be achieved by 
a bearing of good design and manufacture at an eccentricity ratio of 0-5. 

The second step in the feasibility study involves the estimated radial 
load capacity and mean bearing clearance in an estimation of stiffness 
For most aerostatic bearings the stiffness is constant up to an eccen- 
tricity ratio of 0-5 and can be calculated from equation (54). 

Radial stiffness 

2W 

Radial stiffness K = - — (e = 0-5) for 0 < g < 0-5. (54) 

Data are given at an eccentricity ratio of 0-5 for two reasons. Firstly 
most bearings operate linearly up to this eccentricity ratio and so the 
load values taken together with the clearance permit an accurate 
estimation of radial stiffness. Secondly, most designers choose to 
operate a bearing under normal working conditions at eccentricity 
ratios up to 0-5 or 0-6 and to make use of higher eccentricity ratios 
to provide capacity to withstand overload or accident conditions 
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Fig. 3.2 General performance of air journal bearings with 
simple orifice feeding at quarter stations 



At this stage, since it affects the chosen value of the mean radial 
clearance it is of interest to consider the effect of the geometric error 
which will remain after manufacture. This is illustrated with reference 
to Hg. 3.3. It can be seen that, as the stiffness reduces at high values 
ol eccentricity ratio the major proportion of the available load capacity 
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Fig 3 3 Influence of manufacturing error on selection of 
journal bearing clearance 
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Fig. 3.4 Friction power loss in air journal bearings 
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can be achieved at a mean radial clearance only three or four times 
greater than the total radial error in the bearing surfaces. Thus if 
the total radial error resulting from misalignment, taper, ovality and 
so on is estimated to be 0 000 1 in (0 000 25 cm), an efficient bearing 
could be designed at any mean radial clearance greater than 0-000 3 in 
(0 000 75 cm). 

Gas bearings offer such low friction in comparison with other types 
of bearings that the friction power loss is often ignored in the feasibility 
study. However, it may be important in applications demanding very 
low friction such as in dynamometers, gyroscopes, turbine flowmeters 
balances and other instruments, or in high speed machines where 
the friction power loss can become a significant part of the power 
input to the machine. The friction power loss can be quicklv estimated 
by reference to Fig. 3.4. 

The final step in the feasibility study involves consideration of the 
supply pressure and the chosen clearance in an estimation of the gas 
flow required by the bearing. This flow value can then be compared 
with that available in the supply. Fig. 3.2 can be used to estimate 
the flow through a.r bearings. However, while the load capacities 
obtained from Fig. 3.2 can be taken to apply for any gas and at any 
temperature the airflow values relate only to air at 15°C The table 
below gives multiplication factors for some common gases at various 
temperatures. 



Ma 



ss no 



w of gases relative to air at 15°C 



Gas 


Temperature 

°C 


Mass flow of gas 
Mass flow of air at 15°C 


Air 


300 


0-31 


C0 2 


15 


1-88 


H 2 


15 


014 


He 


15 


013 


H a O 


100 


0-87 


A 


15 


113 


CO 


15 


0-95 


C 3 H 8 


15 


3-5 


0 2 and N 2 


15 
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In practice it will usually be necessary to repeat each of the stages of 
the feasibility study several times before the feasibility is established 
and an outline design is evolved. However, the designer should arrive 
at this stage with an approximate but useful knowledge of the size 
and shape of the bearing, its clearance, load capacity, stiffness, friction 
and gas consumption. It is now possible to proceed to study alternative 
designs in some detail; to select a jet-fed or slot-fed bearing and to 
investigate the effect of variations in the jet or slot dimensions and 
arrangement on the performance of the bearing. 

3.2 Jet-fed bearings 

The load capacity and stiffness of an aerostatic journal bearing 
depend primarily upon the design value of the gauge pressure 
ratio K r-ig. 1.5 shows a typical variation of load coefficient with 
K go and it can be seen that the optimum value of K varies with eccen- 
tricity ratio as shown in the following table. 



e 


Optimum value of K go 


01 


0-6 


0-5 


0-4 


0-9 


0-35 



From these data Shires recommended designing at a gauge pressure 
ratio of 0-4. However, there are advantages in using somewhat higher 
values of K go and in fact the designer has a fairly wide choice. 

One factor which often establishes a lower limit to the choice of A' 
is the consideration of choking of the feed holes. This occurs at a 
condition defined by equation (19). Bearings operating with choked 
teed holes have often been observed to exhibit an aerostatic instability 
which has been called air hammer, and the condition is avoided for 
this reason. For air the critical pressure ratio across the feed hole is 
given by: 

~ = 0-528. 

* O 

This value applies to all diatomic gases such as oxygen, nitrogen 
hydrogen, etc., which have a ratio of specific heats of 1 -4. Monatomic 
gases such as argon and helium with a ratio of specific heats above 1-6 
have a critical pressure ratio of 0-486. Triatomic gases such as carbon 
dioxide and dry superheated steam have a ratio of specific heats of 
around 1-3 and a critical pressure ratio of 0-546. Polyatomic gases 
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such as propane which have a ratio of specific heats of 113 have 
critical pressure ratios around 0-59. 

The gauge pressure ratio at which the feed holes become choked can 
be obtained for air from the equation: 

_ 0-528 -PJP 0 

Kgo ~ ~^p!pV' (55) 

This limitation is shown in Fig. 3.5 for bearings exhausting to atmo- 
sphere (P a = 14-7 lbf/in 2 ). It can be seen that air bearings will have 
choked feed holes at K go = 0-4 at supply pressures in excess of 
55 lbf/in gauge, and therefore at higher supply pressures a higher 
value of K is recommended. 
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which the smallest practical feed hole size is employed and to investigate 
the variation of radial stiffness with gauge pressure ratio as the clearance 
is varied. The results of this exercise are shown in Fig. 3 6 It can be 
seen that the maximum stiffness occurs at K go = 0-8. No advantage 
is gained at higher gauge pressure ratios, i.e. at smaller clearances 
and manufacturing difficulties increase. The value K = 0-8 can 
therefore be taken as an upper limit for practical design "purposes 



in 




Fig. 3.6 Variation of radial stiffness with gauge pressure 
ratio by variation of clearance only 



The designer is interested in the range of gauge pressure ratios 
between 0-4, or the critical value for choking in the lower limit, and 
0-8 in the upper limit. This region is shown for bearings exhausting 
to atmosphere in Fig. 3.5. The problem is correctly to match the feed 
hole size and arrangement to the bearing clearance in order to achieve 
a suitable value of gauge pressure ratio. 

Matching jet size to clearance Fig. 3.7 shows the corresponding values 
of jet diameter and diametrical clearance for an air bearing with simple 
orifice feeding operating at gauge pressure ratios of 0-4, 0-6 and 0-8. 
The bearing chosen is of typical design and will be used as a standard 
of reference. It has a length-to-diameter ratio of unity and is supplied 




Diametrical clearance 2li 0 (in x 10" ') 



Fig. 3.7 Jet diameter versus clearance for simple orifices 



at 50 M/in 2 gauge through two rows of eight feed holes at quarter 
stat.ons or one row of eight feed holes at half station. The exhaus 
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(d) Jet station for two row bearings I L 

Fig. 3.8 Variation of jet diameter with various parameters 
—simple orifices 
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The various correction factors given in Fig. 3.8 can be used to 
allow for variation in supply pressure, number of feed holes per row, 
length-to-diameter ratio and the distance of the rows of feed holes 
from the ends of the bearing. Figs. 3.7 and 3.8 taken together permit 
the correct choice of bearing parameters to achieve the desired gauge 
pressure ratio in most simple orifice compensated air bearings 
exhausting to atmosphere. Figs. 3.9 and 3.10 provide the corre- 
sponding information for air bearings with annular orifice compen- 
sation. Within their scope these four figures will assist with the 
design of almost all jet-fed air bearings for industrial and commercial 
applications. 
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diameter versus clearance for annular orifices 
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Fig. 3.10 Variation of jet diameter with various para- 
eters— annular orifices 
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At this stage it is worth noting a few basic differences between simple 
orifices and annular orifices. For a given clearance and gauge pressure 
ratio the annular orifice is invariably larger in diameter and therefore 
easier to produce. However, it has already been remarked that since 
the orifice area is dependent on the local bearing clearance the annular 
orifice produces a bearing of lower stiffness. Annular orifices are also 
liable to become smeared over in bearings in which rubbing takes 
place due to overloading. For these reasons simple orifices are to be 
preferred and should be used in preference to annular orifices whenever 
possible. However, simple orifices require pockets to be formed in 
the bearing surface around the feed holes and this sometimes presents 
difficulties particularly in small bearings and in very hard materials 
It is interesting to note that in one of the most successful commercial 
apphcations of air bearings, the high speed air turbine dental drill 
the 0-186 in diameter bearing bushes made of sintered tungsten carbide 
employ annular orifices of 0 006 in diameter 



Types of simple orifice With simple orifices the pockets can take a 
variety of forms. Probably the easiest to manufacture, and therefo. 

^T?f^ ld *! y USCd ' is the circular P° cket shown in Figs. 3.11(a) 
and 3.11(b) The pocket is formed by fixing a round plug in which the 
jet is already drilled into a hole drilled radially through the bearing 
bush. The jet plug must be sealed to prevent leakage, and this can 

fFiJTnS? k y S M eW,ng in I hC P ' Ug against a rin 8 seal or ^sket 
lit, k }) ° r 'I' S ° lde , nng ° r brazing (Fi S- 31 J (b)). Robinson and 
e ! y u W ° rk L ° n aerostatic bea "ngs used circumferential 

pockets similar to those shown in Fig. 3 1 1(c) 

n,^K°I din f n° th \ the , oretical analysis of journal bearings assuming 

£S h r 0VV u thC ,0ad Capadty 0f a beari "g sho "'d be almost 

rf Sated to ^ ° f ^ ^ sim P le 
are estimated to provide maximum load coefficients approximately 

ten percent higher than bearings with annular orifices, but the 7h7c % 

makes no distinction between the performance of simple orifice 

compensated bearings with different types of pocket InTactice the 

choice of feed hole type is somewhat more critic*! Annular orinc 

compensated I bearings are found to be some thirty percent weaker 7h a " 

tttorf F- h st.v ed th h e°n S ?? ^ F** ™ S * due ? o two 
aciors. firstly, the pockets reduce the effects of dispersion and 

qua? oX 5SSL IP* in mak ' ng the so ' Jrce diame^r ffective^ 
Seconl in P °tt l™*"' d ° make a si «" ifica "' contribution 
hi P h nr« Cre ' ner " a effixts are of significance owing to 

. . noles lhe load capacity of annular orifice compensated 
beanngs can be reduced. However, as the shock w£„Zl£S 
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Seal 




(a) Screwed jet plug 



(b) Soldered jei plug 





(c) Jet with circumferential pocket (as used by Robinson and Sterry) 

Fig. 3.11 Some practical forms of simple orifices 



are lost within the pockets 
of simple orifice compensated bearings. The effect of pocket type on 
the load capacity of simple orifice compensated bearings is less certain 
Robinson and Sterry (Ref. 6) reported that circumferential pockets 
could provide up to twenty-five percent greater load capacity than 
circular pockets. However, Whitley (Ref. 8) reviewing work by 
Robinson and Sterry and Allen and Stokes concludes that, within the 
experimental error, the bearings with circumferential pockets were no 
better than those with circular pockets. It is probable that in most 
applications the additional manufacturing complexity involved in 
producing circumferential pockets would be difficult to justify in 
terms of increased load capacity or stiffness. 

Circumferential pockets and other more complex forms of pockets 
should always be applied with caution. If incorrectly designed they 
can lead to a weakening rather than a strengthening of the bearing. 
They can also constitute a large storage volume for gas within the 
bearing which is a condition which can lead to instability. A good 
general rule for all aerostatic bearings is to keep all pocket volumes 
to a minimum and this consideration often helps to determine the 
type of pocket finally chosen. Whatever type of pocket is used, pro- 
vided that they do not extend axially towards the bearing ends much 
beyond the plane of the feed holes, the jet diameters can be determined 
from Figs. 3.7 and 3.8. 



82 



DESIGN OF AEROSTATIC BEARINGS 



Designing at high gauge pressure ratios From Fig. 3.7 the advantage 
in terms of jet diameter of designing at high gauge pressure ratios is 
immediately apparent. In practice the use of higher gauge pressure 
ratios does not incur such a large proportional loss of load capacity 
as the axial flow theory shown in Fig. 1.5 implies. This is possibly 
due to the higher axial pressure gradients reducing the circumferential 
flow of the gas and hence reducing the weakening effect of non-axial 
flow. The penalty incurred from the use of high gauge pressure ratios 
is the increased gas consumption shown in Fig. 3.12. If the smallest 
possible jet diameter is used and a high gauge pressure ratio chosen 
to optimize stiffness, the gas flow is lower than if the same size jets 
were used at a lower gauge pressure ratio achieved by increasing 
clearance or moving the jets closer to the ends of the bearing. 

The theory of aerostatic journal bearings assuming axial gas flow 
enables a useful relationship to be established between the various 
design parameters for the purpose of designing at a given value of K . 
The various parameters can be adjusted using Figs. 3.7 and 3.8 or 
Figs. 3.9 and 3.10 to yield a practical design. However, in order to 
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take some account of the effect of dispersion it is necessary to consider 
its influence upon the choice of the number of jets per row. It is also 
necessary to consider the influence of non-axial flow upon the choice 
for the length-to-diameter ratio and the distance of the jets from the 
ends of the bearing. Having weighed the influence of these two factors 
upon the various bearing parameters against manufacturing con- 
siderations, a design compromise can be evolved with the bearing 
dimensions finally decided. 
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Fig. 3.13 Influence of number of jets on load coefficient 



Influence of dispersion Fig. 3.13 illustrates the influence of the number 
of jets per row upon the bearing load capacity. One curve is derived 
from the theory of Dudgeon and Lowe which has been referred to in 
Chapter 2. The effect of dispersion in reducing the load capacity of 
the bearing decreases as the number of jets increases. Doubling the 
number of jets from eight to sixteen yields a sixteen percent increase 
in load capacity. This prediction is supported by experimental data 
obtained by Robinson and Sterry (Ref. 6). The agreement is fairly 
good for more than eight jets per row. The load capacity of the real 
bearing falls more rapidly at low numbers of jets and the correction 
based on dispersion can be seriously in error where less than six jets 
are used. Most practical aerostatic journal bearings employ between 
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six and twelve jets per row, the number of jets tending to increase at 
low length-to-diameter ratios. Manufacturing considerations usually 
determine that the larger the journal diameter the larger must be the 
mean radial clearance although not necessarily in direct proportion. 
The result is that with larger bearings the designer often chooses to 
compensate for the increased clearance by increasing the number of 
jets with or without increasing their diameter. 
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Fig. 3.15 Influence of length-to-diameter ratio on journal 
bearing load coefficient 



Fig 3 15 shows the influence of the length-to-diameter ratio on 
journal bearing load capacity. In this case the load coefficient based 
on diameter C' L is used where 



W 

C 



(P 0 -P a )D 2 - 

The data presented enable the estimation of the optimum bearing 
length for a given diameter. It can be seen that there is little or nothing 
to be gained in terms of total load capacity in producing quarter 
station bearings at length-to-diameter ratios greater than 2-0 or half 
station bearings at length-to-diameter ratios greater than 1 -5. 

For the same clearance and gauge pressure ratio the half station 
bearing consumes only half the gas flow of the quarter station bearing 
Therefore in cases where gas flow must be minimized and particularly 
where short bearings are employed (L/D between 0-5 and 10) the 
gas flow can be reduced by fifty percent for a twenty-five percent loss 
of load capacity by changing to a bearing with a single row of feed 
holes. 

Where load capacity and stiffness are of primary importance two 
rows of jets at quarter station bearings are usually preferred. It is 
of value to note that due to the superiority of short bearings in terms 
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of load coefficient it is sometimes advantageous to use two short 
bearings separated by a narrow exhaust recess in preference to a single 
long bearing. 

The data presented in Figs. 3.14 and 3.15 are based on the theory 
of Dudgeon and Lowe and take account of both dispersion and non- 
axial flow. They have been substantiated by the results of numerous 
experimenters including Allen and Stokes (Ref. 10), Robinson and 
Sterry (Ref. 6) and Powell (Ref. 9). The data can be applied with 
confidence to all air bearings exhausting to atmosphere and designed 
within the stated range of variables. In practice the measured load 
coefficients have been found to be insensitive to gauge pressure ratio 
over the range 0-4 to 0-8 and the majority of bearings tested have been 
found to be within -10% and +20% of the stated values of load 
coefficient for gauge pressure ratios in this range. 

Air mass flow The mass flow of air through a bearing of length-to- 
diameter ratio of unity operating at a gauge pressure ratio of 0-4 and 
zero eccentricity is given in Fig. 3.16 plotted against diametrical 
clearance. The correction factors for other gauge pressure ratios 
were given in Fig. 3.12. The mass flow is independent of the number 
of jets and is inversely proportional to the length-to-diameter ratio 
and the feed hole station. These latter factors can be quickly accounted 
for by reference to Fig. 3.17. For gases other than air the multipli- 
cation factors given in the table on page 72 can be used. 




IJiamelrical clcanir.ee 2//„ (in) 



Fig. 3.16 Mass flow as a function of diametrical clearance 
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Fig. 3.17 Variation of mass flow with bearing geometry 



Non-atmospheric conditions The information so far given will permit 
the design of most jet-fed air journal bearings operating at atmospheric 
temperature, supplied at normal workshop air pressures (up to 
100 lbf/in 2 gauge), and exhausting to atmosphere. Probably upwards 
of ninety-five percent of future aerostatic gas bearings will operate 
under these conditions. However, there are applications of aerostatic 
bearings where both supply and exhaust pressures and temperature can 
be widely different from those so far considered. For example, air 
bearings in aircraft ancillary equipments must operate at altitudes 
where ambient pressures and temperatures are very low. There are 
also numerous applications for aerostatic bearings in flowmeters, 
compressors and circulators for use in chemical plants where both 
supply and exhaust pressures can be of the order of several hundreds 
of poundsforce per square inch and temperatures of several hundreds 
of degrees Celsius are common. Many of these potential applications 
will involve the use of gases other than air, and in particular an impor- 
tant group will consist of bearings operating on steam. 

Fig. 3.18 is useful in assisting the optimization of the various bearing 
parameters for bearings operating at elevated or reduced pressures. 
It shows the variation of the bearing slot factor G 0 with the ratio of 
exhaust to supply pressures for a gauge pressure ratio of 0-4. It also 
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Ratio of exhaust to supply pressure PJP a 



Fig. 3.18 Effect of pressure ratio on optimum bearing slot 
factor 



shows the variation of the pressure factor F p . Since F p increases more 
rapidly than G 0 , to maintain the required value of G 0 for a constant 
gauge pressure ratio, it is necessary for the jet area to be reduced as 
the pressure ratio rises. The basic design charts shown in Fies 3 7 
and 3^9 are calculated for P 0 = 14-7 and P 0 = 64-7 lbf/in 2 . Therefore the 

ratio = 0-227. Using this condition as the standard of reference, 




Ratio of exhaust to supply pressure PJP, 
P. = 14-7 lbf/in J (abs) 



Fig. 3.19 Variation of optimum jet diameter with pressure 
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at which the jet diameter d = d*, the value obtained from Fig. 3.7 
or Fig. 3.9, correction factors for other supply pressures can be calcu- 
lated and these are plotted in Fig. 3.19. Fig. 3.19 can be used with 
Fig. 3.7 or Fig. 3.9 to obtain the desired relationship between jet 
diameter and clearance at any supply pressure. However, for other 
exhaust pressures the effect of P a in the denominator of the gas 
properties factor F g must also be taken into account. 

The influence of temperature on the design of the bearing can be 
deduced from a study of the gas properties factor F g which is given by 

24/<(2KT) + 



In addition to occurring directly in the equation as absolute tempera- 
ture it must be remembered that the gas viscosity is also temperature- 
dependent. It is preferable therefore to include temperature with the 
gas properties in assessing the influence on the bearing design. For 

IC A 

constant slot factor G„ the product of F g and F d , i.e. -~- , must remain 

constant. Thus varying the jet area alone and keeping all other factors 
in F d constant gives 

Thus for annular orifices 

d ^ [Ai(*r)*] airal l5 . c 

d* W*r)*] ' 

and for simple orifices 

From a knowledge of the gas properties and the operating temperature 
a correction factor for jet diameter can thus be obtained. Some 
correction factors which have been used in various aerostatic bearings 
are given in Fig. 3.20. More information on gas properties is given 
in Appendix 1. 

The mass flow of gas through a bearing is also dependent upon the 
supply and exhaust pressures, temperature and gas properties. From 
equation (8) it can be deduced that for a concentric bearing of fixed 
dimensions: 



90 DESIGN OF AEROSTATIC BEARINGS 

which can be rearranged to yield: 

(P n -Po) 2 



Ma: 



fiRT 



^ K 

(Po-Pa) * 



■J- 



This proportionality can be used to take account of any variation in 
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Angular stiffness In addition to the radial stiffness of a journal bearing 
it is sometimes important to know the angular or tilt stiffness. This is 
particularly so with bearings which are flexibly mounted and which 
must therefore possess a degree of self-aligning ability. Bearings with 
two rows of feed holes or slots possess greater angular stiffness than 
those with a single central row. The optimum feed station lies between 
one-quarter and one-eighth of the bearing length from the ends of the 
bearing. For quarter station bearings the angular stiffness K a is related 
to the linear radial stiffness by equation (56): 

K. = W (56) 

Equation (56) is easily derived by assuming that the forces in the 
bearing act in the feeding planes. This method gives accurate predic- 
tions of angular stiffness only with quarter station bearings. One- 
eighth station bearings exhibit approximately five percent higher 
angular stiffness which is seldom justified on account of the doubling 
of gas flow. 

The practical effect of equation (56) is frequently to ensure that a 
flexibly mounted bearing is designed at a higher length-to-diameter 
ratio than if it were rigidly mounted. 



3.3 Slot-fed bearings 

Designing journal bearings with slot feeding permits some degree 
of control over the two factors tending to reduce the load capacity 
and stiffness of jet-fed bearings. Circumferential feed slots can eliminate 
the effects of dispersion but are still affected by non-axial flow. Axial 
inlet slots can reduce the effects of non-axial flow but still suffer from 
dispersion. Thus circumferential feed slots can be applied to advantage 
in short journal bearings where the effect of non-axial flow is least. 
Axial slots can be applied to advantage where a long bearing must be 
used and some control of non-axial flow is essential in maintaining 
load capacity and stiffness. 

It might seem from the above that slot-fed bearings are always to be 
preferred to jet-fed bearings. However, this is not the case since jet-fed 
bearings, of the simple orifice type at least, possess a higher theoretical 
load capacity and stiffness based on the axial-flow model. Thus 
although the effects of dispersion and non-axial flow are greater in 
jet-fed bearings they subtract from a greater initial strength and con- 
sequently jet-fed bearings can be superior in some cases. 

Journal bearings with circumferential slots are compared to bearings 
with simple orifice feeding jets in Fig. 3.21. In each case the feeding 
is in the quarter station planes. It can be seen that for length-to- 
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to 3-0). Full-length axial slots undoubtedly offer higher load coefficients 
in bearings of high length-to-diameter ratios. This advantage is offered 
at the expense of higher gas flow (Fig. 2.19) and considerably greater 
difficulty of manufacture when compared to bearings with jets or 
circumferential slots. 

It is the author's opinion that journal bearings of low length-to- 
diameter ratios with circumferential slot feeding will be used widely. 
They can be produced in a range of materials, including refractories 
for high temperature applications, and when produced in metal are 
unlikely to be much more expensive to produce than jet-fed bearings 
However, bearings with axial slots are seldom likely to offer sufficient 
advantage to justify their high cost of manufacture and will find only 
limited application. Some researchers claim an advantage for axial 
slot bearings in terms of stability at high rotational speeds. (This 
aspect is discussed more fully in Chapter 8.) This advantage, however, 
is at best only marginal and is unlikely to promote the wid'escale use 
of this type of bearing. 

The advantages of bearings with circumferential inlet slots may be 
summarized as follows. 

(a) The aerostatic performance is independent of fluid temperature 
and properties even to the extent that they can be operated with liquids 
as well as gases. The optimum choice of bearing dimensions is inde- 
pendent of temperature and fluid properties, and is insensitive to 
pressure level. 

(b) The manufacture of the bearings involves no drilling, permitting 
the easier use of refractory materials as alternatives to metals. Bearings 
made from tungsten carbide or silicon nitride will withstand surface 
contact at high speed without damage. Silicon nitride remains chemi- 
cally inert and dimensionally stable at temperatures up to 1 200 C 'C. 

(c) Circumferential inlet slots approach the ideal conditions of a line 
source and eliminate the loss of load capacity and stiffness associated 
with flow dispersion. The gain is greatest at low length-to-diameter 
ratios and offers the possibility of bearings having an aspect ratio 
similar to that of ball races. 

Design of bearings with circumferential slots It has been shown in 
Chapter 2 that the design of journal bearings with circumferential 
feeding slots depends only on the correct matching of the slot dimensions 
and the bearing clearance dimensions. The important factor, a, is 
given by 




for one ring of slots; 



for two rings of slots, and 
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where //„ = radial clearance at zero eccentricity, 
2 = width of inlet slot, 
y = radial length of inlet slot, 
/ = distance of slot from end of bearing. 

The optimum value of a for stiffness and load capacity is eight 
However, such a high value may often be difficult to attain. For bearings 

With two rings of slots it is unlikely that | will often exceed unity. This 

requires that £ = 2 for a = 8. Since in the majority of bearings h a 

will be of the order 0-001 in or less the manufacture of the width 
of the slot z at half of this value can present great difficulties Thus 
in practice it is usual to make h 0 and z almost equal and to compromise 
a a value of a between one and two. The variation in load coefficient 

Vt. ■ a\ ,TVu 0T ha ' f Stat, ° n and quarter station feed ''ng in Figs. 
3.22 and 3.23. The curves are drawn for a length-to-diameter ratio of 

givent the t^bl^r ' ameter ^ ^ ^ mU ' tip, >' by the ^ 
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slots— half station feeding 
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In all bearings the mean aerostatic radial stiffness for eccentricities 
up to 0-5 is given by 

2LD(P 0 -P a ) 

The mass flow of gas is given by : 

M = ( p2 o~P 2 a) nDhl 



(1+a) \2nRTl' 

The gas flow is therefore lower at a = 8 than at lower values of a 
and a considerable penalty is incurred by designing at values of a = 2 
and below. This penalty as well as the loss of load capacity and stiffness 
must often be accepted in arriving at a practical design which can be 
manufactured by existing techniques. 



3.4 Example of design procedure 

Problem An air-lubricated journal bearing must be designed to carry 
a load of 100 lbf at an eccentricity ratio of 0-5. Its radial stiffness 
should exceed 400 000 lbf/in. A workshop airline is available at 
75 lbf/m gauge. The airflow should not exceed 0-50 s.c.f.m. A con- 
sideration of the manufacturing facilities available suggest that geo- 
metric errors may total 0-000 2 in in relation to the diametrical clearance 
and holes down to 0 005 in diameter can be drilled. The machine 
design limits the bearing diameter to 2 in but does not restrict the bearing 
length. 6 

Feasibility A study of Fig. 3.2 shows that a bearing of 2 in diameter 
and 3 in long could carry a load of about 145 lbf at e = 0-5 on a 
supply pressure of 100 lbf/in 2 gauge. Thus supplied at 75 lbf/in 2 gauge 
its load capacity would be given as follows: 

145 x ^ = 109 lbf. 

A diametrical clearance of 0-001 in would require an airflow of 
0-23 s.c.f.m. at 100 Ibf/irr gauge and a flow of 0-23x0-65 = 0-15 
s.c.t.m. at 75 lbf/m gauge. This is acceptable and so is the fact that the 
clearance chosen is five times greater than the manufacturing error 

rJw % n t( ? confirm that this clearance will give adequate 

radial stiffness. From the equation 
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K= 2x109 Ibf 
5xl0 -4 in 

= 437 000 Ibf/in. 

From this study it can be concluded that a suitable bearing can be 
designed with the following dimensions: 

diameter 2 in 

length 3 in 

diametrical clearance 0-001 in 

It is now necessary to decide upon the type of feeding. This decision is 
usually made after considering the performance and manufacturing 
difficulties of the various alternatives. 

Simple orifice feeding From Fig. 3.7 it can be seen that using one 
central row of eight feed holes or two rows of eight feed holes at quarter 
stations requires the following feed hole diameters. 

K g = 0-4 3-2 x 10~ 3 in at 50 lbf/in 2 gauge and LID = 1 
K. = 0-6 4-8 xlO" 3 „ „ „ „ 

» " " " 99 99 99 99 99 M 

K. = 0-8 7-2 x 10~ 3 „ „ „ „ 

From Fig. 3.8 it can be found that these diameters corrected for the 
length-to-diameter ratio of 1 -5 and the supply pressure of 75 lbf/in 2 
gauge become 

at Kg = 0-4 = 3-2xl0~ 3 x 1-1x0-82 = 2-9xl0" 3 in 
^ = 0-6 =4-3x10" 3 in 

* 9 = 0-8 =6-5xl0" 3 in. 

It can further be seen that to design at K g = 0-4 is impossible since 
only three feed holes of 5 x 10 3 in diameter could be drilled and so 
few feed holes would seriously impair the load capacity (Fig. 3.13). 
A practical design would use either six or eight feed holes per row of 
either 5x 10 3 in or 6 x 10~ 3 in diameter, all alternatives providing a 
gauge pressure ratio between 0-6 and 0-8. The choice of six or eight 
feed holes per row and one or two rows of feed holes can now be 
decided as follows. 

At an eccentricity ratio of 0-5 the required load coefficient is given by 

100 

n , - , = 0-222. 
75 x 3 x 2 

D.A.B. . 
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Fig. 3.14 shows that this value will only be exceeded by a bearing 
with two rows of feed holes at between one quarter station and one 
eighth station. Thus a half station bearing will not meet the specifi- 
cation. This is confirmed by reference to Fig. 3.15. The load coefficient 
based on diameter is given by 



75 x 2 x 2 
= 0-33. 

It can be seen that this coefficient is not reached by half station bearings. 
It would not be reached even if twenty feed holes were used since 
Fig. 3.15 shows that only a twenty percent increase in load would 
result, giving for a half station bearing the maximum possible 
Ci = 0-24 x 1 -2 = 0-288 only. 

For a bearing with two rows of eight feed holes at quarter station 
Fig. 3.15 gives: 

C L = 0-355. 

Fig. 3.13 indicates a loss of load capacity of ten to twelve percent 
if six feed holes are used and so this possibility also is eliminated. Two 
rows of eight or more feed holes must be used and the final choice is 
decided by a consideration of airflow. 

Fig. 3.2 indicated an airflow of 0-15 s.c.f.m. for a bearing with two 
rows of feed holes at quarter station operating at a gauge pressure 
ratio of 0-4. Fig. 3.12 shows that the airflow will be three times greater 
if the bearing operates at a gauge pressure ratio of 0-8. Thus one has— 

/ 

31 Z = * *, = 0-8 airflow = 0-45 s.c.f.m. 

Using Fig. 3.17 to examine the effect on airflow of employing one 
eighth station feeding yields— 

- = i K g = 0-6 airflow = 0-57 s.c.f.m. 

I = i K g = 0-8 airflow = 0-9 s.c.f.m. 

Both of these alternatives are eliminated on the basis of excessive 
airflow. Thus the final choice will be two rows of eight feed holes at 
quarter stat.on. A feed hole diameter of 5 x 10~ 3 in is to be preferred 
providing the lowest gauge pressure ratio and airflow. However feed 
holes of up to 6-5 x lO" 3 in might be used and still keep the bearing 
within specification. 5 
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The final design is as follows: 

diameter 2 in 

length 3 in 

diametrical clearance 0-001 in 

feedin g 2 rows of 8 simple orifices 

at quarter station 
feed hole diameter 5 x io~ 3 in 

Performance on a supply pressure of 75 lbf/in 2 gauge: 

radial load capacity (at e = 0-5) 107 lbf 
radial stiffness (0 < e < 0-5) 428 000 lbf/in 
airflow 0-35 s.c.f.m. 



Annular orifice feeding In this design example bearings with annular 
orifice feeding could be eliminated since they would not provide 
adequate load capacity. Annular orifice bearings have thirty percent 
lower load capacity than a simple orifice bearing of similar size, shape 
and feed arrangement. 



Slot feeding Fig. 3.21 clearly indicates that a slot-fed bearing with 
six slots would not give the required load coefficient at a length-to- 
diameter ratio of 1-5 and a gauge pressure ratio of 0-2. However, the 
possibility of employing a slot-fed bearing must be examined more 
closely. A gauge pressure ratio of 0-2 is chosen because it offers the 
highest load capacity at large eccentricity ratios and the highest radial 
stiffness. This can be seen in Fig. 2.17. It can also be seen that a higher 
load capacity is obtained at an eccentricity ratio of 0-5 by designing 
at a gauge pressure ratio of 0-4. Thus for very short bearings with 
quarter station feeding the load coefficient 

Q = (1-4)0-5 
= 0-375. 

Then allowing for the effect of non-axial flow this value is reduced at 
a length-to-diameter ratio of 1-5 to 

0195 

C L = 0-375 x = 0-244 (from Fig. 3.21). 

Thus the load carried by the slot-fed bearing 

= 0-244 x 75 x 3 x 2 lbf 



= 110 lbf 
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and the mean radial stiffness up to this eccentricity ratio for a diametrical 
clearance of 0-001 in, 

110x2 
= 440 000 lbf/in. 

At an eccentricity ratio of 0-9 the load capacity of the slot-fed bearing 
would be 160 Ibf, from Fig. 2.17, and the load capacity of the simple 
orifice compensated bearing would be 176 Ibf, from Fig. 3.15. Thus 
the load capacity and stiffness of the two bearings are closely comparable. 

Fig. 2.17 also shows that to design the slot-fed bearing at a gauge 
pressure ratio of 0-4 requires that 

a* = 1-4, 

"" 1 / 

thus a = 2-75 

Now h 0 = 5x 10 -4 in and / = 0-75 in and putting y = 0-75 in (it 
could scarcely be larger) gives 

5x 10" 4 . 
= l-8xl0~ 4 in. 

This example highlights the difficulty in making slot-fed bearings 
Accurately manufacturing such fine slots requires the utmost precision 
and is often prohibitively expensive. Moving the slots closer to the 
ends of the bearing eases the manufacturing problem a little For 
example, with one eighth station feeding 





Hoaxer, since the bearing ,s designed at a gauge pressure ratio of 
0-4 the airflow ,s .still within the design limits with one-eighth station 
slot feeding. With one-quarter station feeding and K = 0-4 the airflow 
is the same as for the jet-fed bearing, namely 015 s.c.f.m. Moving to 
one-eighth station feeding doubles the flow to 0-3 s.c f m This con 
sideration tempts the designer to consider higher gauge pressure 
rauos to give wider slots and to sacrifice some airflow" Desig^ £ I 
K, = 0-6 gives a* = 1 and feeding at quarter station eives 



quarter station gives 
z = 5-0 x 10 -4 in. 



DESIGN OF JOURNAL BEARINGS 101 

This change reduces the load capacity at c = 0-5 to barely 100 Ibf and 
increases the airflow to 0-28 s.c.f.m. 

It can be concluded that a slot-fed bearing could be designed to meet 
this requirement but that its manufacture would present some difficulty 
Most designers would probably choose the simple orifice bearing 
unless some special circumstance, such as the need for ceramic bearings 
to withstand high temperature, made the problem of drilling jets more 
acute than the slot production problem. 



CHAPTER 4 



DESIGN OF THRUST BEARINGS 



4 1 Introduction 

The basic theory of aerostatic thrust bearings described in Chapter 2 
provides a reliable basis for design in respect of load capacity, stiffness 
and gas consumption. The simplifying assumption of an incompressible 
pressure distribution in the bearing clearance yields values of load 
capacity and stiffness which are invariably exceeded in practice by up 
to ten percent. The load-carrying performance is not appreciably 
reduced by dispersion or by any effect corresponding to non-axial flow 
in journal bearings. Thus as far as calculating load capacity and stiffness 
are concerned thrust bearings are rather easier to design than journal 
bearings. However, there are two areas which present considerably 
more difficulty in thrust bearings than in journal bearings. These are 
proneness to a self-exciting instability sometimes called 'air hammer", 
and high gas consumption. Both these conditions are aggravated 
where a thrust bearing in the form of a narrow annulus must be used. 

The problem of aerostatic instability is dealt with more fully in a 
later chapter. In the design of thrust bearings, however, the problem 
must be kept in mind from the outset. It is generally true to say that 
designed at random most thrust bearings would be unstable. Many 
difficulties can be avoided by observing the following rules. 






single gmoVc 



(h) double groo\ 
double feed 



(O double grou\c- 
single feed 



T>pe ij) demands ihe least gas flow 

Types (h) and (c) provide greater load capacity and axial StflTntW ai 
the expense or greater gas flow 
Type lb) provides a high till stiffness 

Fig. 4.1 Grooved annular thrust bearings 
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(a) In all annular thrust bearings keep the ratio of outside to inside 
diameter as large as possible. 

(b) Keep the volume of all pockets and grooves to a minimum by 
limiting both depth and width. Avoid using pockets wherever possible 
and instead outline any desired pocket area by narrow grooving as 
shown in Fig. 4.1. 




Inside diameter 2a (in) 



For other supply pressures multiply load by P '\ 

1 00 

Tor ullimalc load muliiply by 1-45. 

Al P 9 -P a = 75 Ibfin 2 muliiply flow by 0-625; 

» » =50 „ „ M „ 0-325; 

m = 25 „ , 01 70. 

oooiy 

Axial stiffness K = 1 -44 Till sliffness = K{b + a) \ 

Fig. 4.2 General performance of annular air thrust bear- 
ings with a ring of jets 
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(c) Where two thrust bearings are employed these should be loaded 
one against the other so that with no applied external load each 
bearing is operating near the design condition of K g = 0-69. Always 
avoid choked feed hole conditions. 

(d) Wherever possible channel the exhaust gas from the thrust bearings 
to the atmosphere through a single hole. This will not prevent insta- 
bility, but should instability occur in the prototype machine a restrictor 
or throttling orifice placed in the exhaust hole can afford a considerable 
degree of control without seriously impairing the bearing performance. 

A comparison of Fig. 4.2 for annular thrust bearings with Fig. 3.2 for 
journal bearings quickly reveals the considerably higher gas flows 
required by thrust bearings. Both figures are plotted for the same 
supply pressure and mean clearance. Once again it is indicated that 
narrow annular thrust bearings should be avoided. Unfortunately the 
designer often has little room to manoeuvre since the outside diameter 
of the thrust bearing is limited by the external dimensions of the 
machine, and the inside diameter is determined by the shaft diameter. 
For this reason the single groove thrust bearing shown in Fig. 4.1(a) 
is by far the most widely used since the double groove arrangements 
further increase the flow required. 

The simplest form of circular thrust bearing with a single central 
leed hole and pocket is by far the most economical. It can provide 
comparable or higher load capacity and stiffness for only twenty-five 
percent of the flow required by an annular thrust bearing of the same 
outside diameter. Its only weakness is in terms of tilt stiffness and 
this is not important in the majority of applications. Most machine 
designs, however, do not permit more than one simple thrust bearing 
to be used and those with the shaft protruding at both ends prohibit 
their use entirely. 

4.2 Feasibility study 

The basic approach to feasibility is the same as that described for 
journal bearings. It consists of seeking a compromise between the 
conflicting demands of performance, the available gas supply and the 
manufacturing capability. 

The load capacity, stiffness, gas flow and friction power can quickly 
be estimated by reference to Figs. 4.2, 4.3 and 4.4. Although the data 
are given for air, the load capacity and stiffness values apply for any 

fnH J ! ta - P resenled for a S"PPly Pressure of 100 Ibf/in 2 gauge 
and atmospheric exhaust conditions, and correction factors are given 
for other supply pressures. The standard clearance of 0 000 5 in 
corresponds to that used for journal bearings in Fig 3 2 Correction 
factors are g.ven for other clearances. With a'.itt.e practice the designer 
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central jet feeding circular pocket 

K § = 0-69 (i.e. point of maximum stiffness) 

P j = 14-7 Ibf/in 2 P 0 -P a = 100 lbf/in 2 



12-5 



0 



2 3 4 

Pocket diameter 2a (in) 

( P — P \ 

For other supply pressures multiply load by — - 

100 

for ultimate load multiply by 1-45; 

at P 0 -P a = 75 Ibf/in 2 multiply flow by 0-625; 

= 50 „ „ „ „ 0-325; 
= 25 n „ „ |i 0-17; 



» it 



for other clearances multiply flow by ( ^ \ 

' Vo-ooi/ 



Axial stiffness AT = 1-44 



W* 



Fig. 4.3 General performance of air thrust bearings with 
central feed hole and circular pocket 
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1 2 3 

Inside diameter (or pockcl diameter) 2a (in) 

j^j-) (with Win rev/min); 

for other clearances muhiply by ; 

2h 

for other gases and temperatures multiply by the gas viscosity relative 
to air at I5 J C. (Viscosity data for the more common gases are given in 
Appendix I J 

beSfngl" 4 FriCli ° n P ° Wer COnsumed ^ aerostatic thrust 



the effect of Ml Z °H air beadngS ' FigUrCS 4 ' 2 t0 4 - 4 *® Permit 
t « Hp / Ch h an ?" ln u desi g n Parameters quickly to be evaluated 
ft must be emphasized that Figures 4.2 and 4.3 give the load capacity 
at the point of maximum stiffness (K = 0-69) and hat the Si£ 
loa^capacity for perfectly flat and fX"S 

compledln^Fif 4^ S ri'T^t and thruSt bearin g s «« 

compared m Fig. 4.5. The hgure illustrates how the load coefficient 

varies with the ratio of the outside to inside radii (*). The very high 
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3 4 5 

Ratio of outer to inner radius b/a 

Fig. 4.5 Optimum load coefficient of thrust bearings (after 
Shires, Ref. 1 1) 



load coefficients of centre-fed bearings of low ratio are not often usable 
in practice since the large pocket volume renders the bearing prone 
to instability. 

Once the size and shape of the bearing have been established from 
consideration of the load capacity, stiffness, gas flow and friction power 
it is possible to proceed to obtain the required jet diameter. This can 
be done by reference to Fig. 4.6. The optimum jet diameter for the 
simple thrust bearing with single jet is plotted against clearance for 
various ratios of outside radius to pocket radius. The data are given 
for air at 15°C, supplied at 50 lbf/in 2 gauge and exhausting to 
atmosphere. These conditions correspond to those for journal bearings 
used in Fig. 3.7 and the range of clearance (0-0-001 5 in) is also 
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data Tor air at 15 C 

P, - 14*7 Ibr/in* 

P*-~K = 50lb!7in-* A' f = 0-69 




Fox annular thrust bearing of same b/< 
and WJ eisr/= ( yi_ (Fig , 4 7(b)) 



Design clearance //• (in x 10" J ) 

Jet diameter versus clearance for simple thrust 
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the same for both journal and thrust bearings. In Fig 4 7(a) 

?A rreC !iS! , „ f i Ct< V S arC g ' Ven for ° ther su PP'y P^ssures in the range 
10 to 100 lbf/in 2 gauge and in Fig. 4.7(b) correction factors are given 
for annular bearings with between four and twenty-four jets. 
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(a) Supply pressure {P u ~P a ) (lbf/in 2 ) 



T* 0 5 











Vn 













12 



16 



20 



24 



(b) Number of jels in annular bearing of same n. 

a 

Fig. 4.7 Variation of optimum jet diameter with supply 
pressure and number of jets in annular bearings 



The influences of pressure, temperature, and gas properties on the 
optimum jet diameter are the same for thrust bearings as for journal 
bearings. Thus Fig. 3.19 can be used to adjust the jet diameter for other 
supply pressures. Similarly the correction factors for simple orifices 
given in Fig. 3.20 for various gases and temperatures can be applied 
to thrust bearings designed to operate under these conditions. The 
mass flow of gas through thrust bearings is also influenced in the same 
way by variations in pressure, temperature and gas properties, as is 
the mass flow of gas through journal bearings, and the proportionality 
given in Chapter 3 can again be applied. 
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4.3 Combination of two thrust bearings 

In the majority of machines it is necessary to employ two thrust 
bearings, either because axial loading can arise in both directions, or 
because the rotor must be located axially as precisely and rigidly as 
possible. Thus it is important to consider the combination of two 
thrust bearings in opposition. 

The greatest axial stiffness is realised if the two bearings are loaded 
against one another at the design condition K g = 0-69. This condition 
is illustrated in Fig. 4.8. With no externally applied loads the bearings 
apply to each other the design load W* given by Fig. 4.2 or 4.3. The 
stiffness at this point is twice as high as that provided by one isolated 
bearing under the same load. When external load is applied in one 




Ultimate load in both directions = i -25H" 

where is the design load of a single bearing at K, = 0-69. 

Siiirnos k A = 2-88 ~ at central position. 



Fig. 4.8 Combination of two thrust bearings 
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direction the resulting movement of the bearing surfaces causes the 
pressure in one bearing to rise and the other to fall. The ultimate 
load when the bearings surfaces come into contact is twenty-five 
percent higher than the design load W* if perfect geometry is assumed. 
The ultimate axial load capacity is slightly increased if a greater free 
axial movement (end float) is used so that the bearings are more lightly 
preloaded. However, three disadvantages are incurred for this marginal 
gain in load capacity. The gas flow is higher, the stiffness is lower and 
the tendency to aerostatic instability is increased. With these con- 
siderations in mind most designers tend to design at or below the end 
float corresponding to the K g = 0-69 condition. They also ensure that 
manufacturing tolerances tend to reduce the end float rather than 
increase it. 

It is sometimes necessary to use two unequal thrust bearings. In 
this case with no axial load only one bearing can operate at the 
K g = 0-69 condition. It is necessary to calculate the load deflection 
curve for each bearing and to combine the two curves in the manner 
of Fig. 4.8 for several different values of end float. Fig. 2.15 can be 
used to determine the load deflection curves using a value of the design 
load W* from Fig. 4.2 or 4.3 as an anchor point at K g = 0-69. From 
the various combinations of the two load deflection curves the best 
compromise emerges in terms of ultimate load in both directions, 
stiffness and gas flow. 

4.4 Thrust faces fed by journal exhaust gas 

It has been emphasized that in most machines with aerostatic 
bearings the thrust bearings use by far the larger part of the total gas 
consumption. One method of eliminating this large gas consumption 




Fig. 4.9 Thrust bearing fed by journal bearing exhaust 
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which can be used where thrust loads are small is to feed the thrust 
clearance space from the exhaust of the journal bearing. This arrange- 
ment is shown in Fig. 4.9. As the gas flows radially outwards between 
the thrust faces its pressure falls from P' d at radius a to P a at radius b 
The load carried by the thrust bearing is given by 



w = {p ._ p> l± 2 -a\2lo I Abia) ± iy] 

21og c (6/ fl ) ' ( 51 > 

PJ is now the exhaust pressure of one end of the journal bearing and 
if it is allowed to rise too high it will seriously reduce the differential 
pressure (P 0 -P d ) across that end of the bearing and will reduce its 
radial load capacity. Equation (57) can be rewritten as 

W = K-{P 0 -P a)n [A 2 -^log c (j/gH03 

21og e (fe/a) 

In practice seldom exceeds 0-3 which can be taken to give the ultimate 
oad capacity for most design purposes. Higher values are difficult 
to attain for two reasons: the gas flow increases towards the other end 
of the journal bearing, reducing the flow available to feed the thrust 
bearing, and geometric errors have a large effect at the small thrust 
clearances dictated by the low flow under high load conditions. It is 
usual to make the thrust bearing clearance under no load conditions of 

bearing 6 * " ***** the dearance in the KB 

It is important to ensure that there is an absolute minimum of any 
undercutting or chamfering in the corner between the journal bearing 
clearance and the thrust clearance. Any appreciable storage vdumf 
rated within the combined bearing clearance can give rise to aero! 
static instability which is extremely difficult to eliminate. 

Thrust faces fed by journal exhaust gas have found limited aoDlica- 

iZ/tanc?' 1 Some? " T ™ »™ 

and 12 Thev Z lr T P * are disCUSSed in Cha P*rs 6 

^z&LZr considerations ru,e ,hem 



4.5 Example of design procedure 

"mued to 0 5 s.c.f.m. The outside diameter must be limited 
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to 3 in and one thrust bearing must have a central hole of 1-5 in 



a combination of two thrust 
bearings the ultimate load is twenty-five percent higher than the design 
loads given in Figures 4.2 and 4.3 for single thrust bearings. Then 

aM 00 S ""I 4 3 giVC , the ^ Capadty f0r beari "g s »«PP««I 
at 100 Ibf/in gauge the equivalent load is given by 



100 100 

1*5 * 50 lbf=16 ° ,bf - 



Fig. 4.2 indicates that an annular thrust bearing of 3 in outside diameter 
and 1-5 in inside diameter supplied at 100 Ibf/in 2 gauge would carry a 
,u°rr I at the des,gn clearance of 0-000 5 in. The airflow at 

i? . ?7 m n f^ 86 W r° U ' d W S C - f - m " and at 50 lbf / in2 would 
be 1 -17 x 0-325 s.c.f.m. = 0-38 s.c.f.m. Thus an annular thrust bearing 

can be designed to provide the necessary load capacity and a com- 
bination of two identical bearings would provide an axial stiffness 
(trom Fig. 4.8) of 



K . = 




= 500 000 lbf/in. 

This stiffness is up to requirements and represents the maximum 
stiffness for small axial loads, that is in operation near the point of 
equal clearance for the two thrust bearings. 

However, two annular thrust bearings would require an airflow of 
0-76 s.c.f.m. and this is in excess of the design allowance. Therefore 
it is necessary to consider using a thrust bearing with a central feed hole 
and pocket to carry the load in one direction. Identical load capacity 
is required in both directions and so using Fig. 4.3 it is necessary to 
find a bearing that will match the annular thrust bearing already chosen 
Once again Fig. 4.3 relates to a supply pressure of 100 lbf/in 2 gauge 
and so an equal load capacity of 175 lbf must be sought. It can be 
seen that this is achieved by a bearing with a pocket diameter of 
0-8 in. This bearing would consume 0-16 s.c.f.m. at 100 lbf/in 2 gauge 
and 0-16x0-325 s.c.f.m. = 0-05 s.c.f.m. at 50 lbf/in 2 gauge. 

Thus the feasibility study shows that a combination of an annular 
thrust bearing and a central feed thrust bearing will meet the design 
requirements. The principal dimensions and performance data are 
as in the following table. 
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Annular 
Thrust Bearing 


Central Feed Thrust Bearing 


Outside diameter 
Inside diameter 
Design clearance 
Ultimate load 
Airflow 

Com 
Com 


3 in 
1-5 in 
0 000 5 in 
109 lbf 

0*38 s.c.f.m. 

bined axial stiffn 
bined airflow 


3 in 

(Pocket diameter) 0-8 in 

0 000 5 in 

109 lbf 

0 05 s.c.f.m. 

ess 500 000 lbf/in 
0-43 s.c.f.m. 



Feed hole size and arrangement Fig. 4.6 can be used to determine the 
feed hole diameter of the centre fed bearing. The ratio of outside 
diameter to pocket diameter is 

3-0 

<» = 3 " 75 - 

Thus it can be seen that for a design clearance of 0-5 x 10 -3 in the 
feed hole diameter is 9 x 10" 3 in. No correction is needed for supply 
pressure since Fig. 4.6 is plotted for 50 lbf/in 2 gauge. 
The ratio of outside to inside diameter for the annular thrust bearing 

,S F5 = Thus the sin £ le J' et diameter would be 12-5xl0~ 3 in. 

However, in this case multiple jets will be arranged feeding into a 
circular groove of radius given thus : 

c 2 = 1-5x0-75 = M2 
c = 1-06 in. 

The number of feed holes will be determined in the limit by the smallest 
size that can be drilled. Fig. 4.7(b) shows the variation in feed hole 
diameter with the number of feed holes. The practical choice of most 
designers would lie between eight and sixteen and possibly the best 
compromise between considerations of aerostatic instability and 
manu actunng difficulty would be to use twelve feed holes of 
1-2. x 10 in diameter. 



CHAPTER 5 



HYBRID JOURNAL BEARINGS 

5.1 Aerodynamic journal bearings 

In Chapter 1 mention was made of aerodynamic bearings in which 
the load-carrying pressure is generated by the relative motion of the 
bearing surfaces. Pressure changes occur by the mechanism of viscous 
shearing m an essentially similar manner to that occurring in hydro- 
dynamic oil bearings. The simplest form of aerodynamic journal 
bearing consists of a cylindrical shaft rotating in a cylindrical bush 
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with no pockets, grooves or any other feature machined in either 
surface. A section through such a bearing is shown in Fig. 5.1 The 
centre of the bearing bush is at O and the shaft rotates about its 
centre O' with angular velocity m. A load W applied to the shaft 
deflects the shaft a distance eh 0 at some angle 0 to the load line. 

The performance of the bearing depends primarily on the com- 
pressibility number A defined by: 

2 

(58) 

where // is the viscosity of the gas, and P a is the ambient pressure 
while a is the radius of the shaft and h 0 is the mean radial clearance as 

before. The latter is very small compared to a so that ° usually exceed 
10 3 , and in a typical design might be 2-5 x 10 3 ° 

The load capacity of the aerodynamic journal bearing increases with 
mcreas.ng compressibility number as shown in Fig. 5.2. At low values 
of A the increase in load capacity is linear as in a hydrodynami 
bearing with an incompressible lubricant. However, with a com 
P essib le lubricant the rate of increase of load capaci y falls and a 
high values of A the load capacity becomes independent of A. In mos 

t A - n o75 C a JO H Ur t n H a, , be , arin8S th£ Hnear re * io " extends roughly up 
A at values in excess^ ofA ST* ° f 




m.miL 5 ' 2 Variation of '°ad capacity with compressibility 
number ,n an aerodynamic journal bearing press,D,,l, >' 
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The value of the compressibility number also has an influence on 
the size of the att.tude angle <j>; that is the angle between tL direction 

,tS e ar a e PP ^ ^ The 



at A=0, 0 = 90°, and 
at A = oo, (f> = 0°. 




Fig. 5.3 Experimental pressure distribution around the 
centre of an aerodynamic journal bearing 
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Fig. 5.5a Design charts for altitude angle in a 360 degree 
cylindrical journal bearing L/D = co 

Fig. 5.5b Design charts for attitude angle in a 360 degree 
cylindrical journal bearing L/D = 2 
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Fig. 5.5c Design charts for attitude angle in a 360 degree 
cylindrical journal bearing L/D = 1 

Fig. 5.5d Design charts for attitude angle in a 360 degree 
cylindrical journal bearing L/D = £ 
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Thus at low values of A the deflection is almost at right angles to the 
applied load and at high values of A the deflection is almost in line 
with the applied load. 

The load capacity of an aerodynamic journal bearing is also depen- 
dent upon the length-to-diameter ratio of the bearing. Long bearings 
are more efficient for load carrying than short bearings owing to the 
lessened effect of end leakage. Typical pressure distributions around 
the centre of a loaded aerodynamic journal bearing are shown in 
Fig. 5.3. Considerable pressure variation is generated extending both 
above and below the ambient pressure P a . At the ends of the bearing 
gas is forced out from the bearing in the region of high pressure and 
drawn into the bearing in the region of low pressure. By this means 
the pressure difference is greatly reduced at the ends of the bearing and 
the resulting reduction in load capacity is proportionately greater in 
short bearings than in long bearings. 

Design charts for aerodynamic journal bearings have been computed 
by Raimondi (Ref. 13) and these are reproduced in Figures 5.4 and 5.5. 
The former gives the variation of the dimensionless load P/P a against A 
for various eccentricity ratios and for length-to-diameter ratios of 
oo, 2, 1, and \, where 



Fig. 5.5 gives the variation of the attitude angle <f> with A for the 
same eccentricity ratios and length-to-diameter ratios. 



5.2 Hybrid journal bearings 

Early experimenters found that aerostatic journals could be made to 
function at relatively large clearances, whereas aerodynamic journal 
bearings required small clearances if a suitably large value of A and a 
useful load capacity were to be achieved. Thus early aerostatic bearings 
showed little or no aerodynamic effect and their load capacity was 
considered to be effectively independent of speed. However, as aero- 
static bearings became made at smaller clearances, in order to provide 
greater stiffness and lower gas consumption, it was discovered that 
their load capacity increased with speed. It was also found that 
although the shaft deflection occurred in the direction of the applied 
load In a stationary aerostatic bearing, when the shaft was rotating an 
attitude angle developed which increased with speed. These two 

C p !, fo fr' 1 in Fig - 56 f0r an ex PerimentaI bearing tested by 
Lowell (Ref. 9). The bearing was tested at a constant load and the 
increasing load capacity was manifested by a reducing eccentricity 
ratio as the speed increased. 




Speed (res mini 



Expcrimcnlal data: Hearing diamcier -2 in; 
Length- -J in 

Mean radial clearance— 0-000 7 i in 
Eight pocketed jcls 0-013 9 in diamcier at 
hall' station 

Supply pressure— 50 Ibf in' gauge 
Load— 22-5 Ibf 

Fig. 5.6 Variation of eccentricity ratio and attitude angle 
with speed for a hybrid journal bearing at constant load 



It was found that the same bearing could operate in three modes- 
purely aerostatically if fed at some pressure above ambient but with no 
rotation; purely aerodynamically when rotating but with no pressure 
feeding; and in a hybrid mode when both pressure feeding and rotation 
occurred together. These three modes of operation are compared in Fig 
5.7 which also illustrates the large effect that radial clearance exercises 
upon the aerodynamicand hybrid performance of the bearing. The aero- 
static performance was measured for constant jet diameter but with 
jet diameter optimized for clearance the aerostatic load capacity would 
b2 independent of clearance. It was found that in bearings of small 
clearance the aerodynamic effect could increase the load capacity to 
two or three times the aerostatic load capacity. It is essential therefore 
that this effect is taken into account in the design of bearings for 
operation at high speeds. 

5.3 Design of hybrid bearings 

The first step in considering the aerodynamic effect in a hybrid gas 
bearing is to define a compressibility number: 

(59) 
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Experimental data: Bearing diameter— 2 in 
Length— 4 in 

Six pocketed jets of 0-017 in diameter 
at half station 

Constant eccentricity ratio, c = 0-4 



Fig. 5.7 Variation of load capacity with mean radial 
clearance 



^hL?or y t K eS ^ defining 3 mean Pressure P "- However, when typical 
xalues of the various parameters are substituted into equation (59) 

vabToTp TJT!^ Pm mUSt , bC ' arge C ° mpared t0 the atmospheric 
nine 1 : t t consec l uent| y values of A„ tend to be low This 
means that hybrid bearings mostly operate in the near incompressible 
region where the load capacity is almost independent of P Tons* 

S 5ft Sm "a?"* ^ P ~ h3Ve Httle eff «* ° n the Ioa3 ' "Pa" ty 
of the bearing and for simplicity it is usual to define P m by the equation 
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It has been shown experimentally by Powell (Ref. 9) that the 
magmtude of the aerodynamic effect in increasing the load capacity 
of the bearing .s related to the compressibility number 
ti^nf!^ , f > li " le u theoretical justification for presenting the opera- 

F?e\ L<lt K d beanng m thiS Way ' the desi g" er WU1 find that 
Fig. 5.8 assists m an attempt to visualize the interaction of the aerostatic 



o 




load line 
(a) displacement diagram 




W 



(b) force diagram 



Fig. 5.8 Quasi-static equilibrium in a hybrid journal 
bearing 



and aerodynamic effects. A shaft rotating with angular velocity to 
about a centre O' is deflected by a load W a distance 00' = e/, from 
the centre of the bearing O. The deflection occurs at some angle <b„ 
(hybrid attitude angle) to the direction of the applied load The 
resultant pressure force acting on the shaft must be equal and opposite 
to the applied load. We can consider this resultant force to be made 
up from two components, one derived aerostatically and the other 
derived aerodynamically. The aerostatic effect produces a force in the 
direction opposite to the deflection of the shaft and is denoted in 
Mg 5 8 by W The aerodynamic effect produces a force at some 
angle 0 to the deflection which is denoted by W d in the figure. The three 
forces W s , W d and W are shown in equilibrium in Fig. 5.8. Solving 
the triangle of forces yields 8 

W = W s cos <f> H + W d cos (<f> - <t> H ) (61) 

A W 

^ COt = + COt * (62) 

For eccentricity ratios less than 0-5 the load-displacement characteris- 
tic is close to linear in all three modes. Thus for design purposes 
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equation (61 ) is often more conveniently written as: 

T ~ T cos ^" + ~ cos (<f> -<!>„)■ 



(63) 



W s can be calculated by the methods given in Chapter 3 to give the 
load-carrying performance of the bearing at low speeds. To estimate 
the load capacity at higher speeds it is necessary to be able to calculate 
W d and 4>. 

Fig. 5.9 can be used to assist in a preliminary estimation of the 
compressibility number in a hybrid air bearing. The curves are plotted 
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for a bearing supplied at 50 lbf/in 2 gauge and exhausting to atmosphere 
Using the appropriate value of A„ a value of W d can be obtained from 

Fig. 5.4. For a hybrid bearing the load ratio becomes - and 

Wd = (f\n) LDPm ' ThC bar denotes that the full aerodynamic effect 
is not realized and so one has 

W d = kW d , 

where k is an empirically derived factor. 

Tests carried out by Powell (Ref. 9) indicate that for bearings of 
length-to-diameter of two the value of k can be taken as 07. Within 
the range of variables tested the value of k did not vary appreciably 
with feed hole diameter or gauge pressure ratio. Little experimental 
evidence is available at other length-to-diameter ratios and the value 
of 0-7 must be applied with caution. However, the performances of 
some bearings designed at length-to-diameter ratios of unity or below 
have suggested that the value of k = 0-7 can be used at least in an 
approximate estimation of hybrid load capacity. 



5.4 Design examples 

A miniature high speed bearing One early example of the application 
of this design method serves to illustrate the design procedure. Details 
ot an air bearing for a high-speed air turbine dental drill were as 
follows: 

operating speed 500 000 rev/min 

bearing diameter 0-187 in\length-to-diameter 

bearing length 0- 1 50 in /ratio = 0-8 

diametrical clearance 0 000 6 in 

air supply pressure 50 lbf/in 2 gauge 

design cutting load 3 0 zf 

ratio of cutting load to front 

bearing load 0-46 

design load for front bearing 6-5 ozf. 

In order to allow some excess load capacity to carry out-of-balance 
loads it was desirable to carry the design cutting load at an eccentricity 
ratio of 0-5. In a small bearing of this type the bearing surfaces might 
be expected to touch down at an eccentricity ratio of about 0-7 par- 
ticularly when the cutting load is applied overhung beyond the bearing. 

From Fig. 3.15 it can be seen that the aerostatic performance of the 
bearing would provide a load coefficient based on diameter of 01 9 
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at e = 0-5. Thus the aerostatic load capacity 

W s = 0 19 x 0187 2 (in 2 ) x 50 (lbf/in 2 ) x 16 oz/lb 
= 5-3 ozf. 

This load capacity applies for two rows of eight simple orifices at 
quarter stations. In fact two rows of six annular orifices at one-eighth 
station were used. Thus for annular orifices the load is reduced by 
thirty percent, i.e. a factor of 0-7; for six feed holes per row the load 
is reduced by a factor of 0-88 (from Fig. 3.13); for one-eighth station 

2-6 

feed holes the load is increased by a factor of = 1 -08 (from 

2-4 

Fig. 3.14). Thus the final aerostatic load capacity 

W s = 5-3 x 0-7 x 0-88 x 1 08 ozf 
= 3-5 ozf, 

which is barely half of the required load capacity at e = 0-5 and even 
if an eccentricity ratio of 0-9 could be achieved the load capacity 
would be only about 5-7 ozf. 
The hybrid compressibility number 

A H = 1-2 x 10- 5 (lb/ft s)xi (in 2 /lbf) x -* * 500 000 

40 min 

x9-7xl0^x™x^ x ft2 



60s 32-2 lb ft 144 in 2 
= 0-33. 

Applying this value of A„ to Fig. 5.4 yields, at e = 0-5, 

p = 0-38 for ^ = 10 

and £=<M5 for £ = 0-5. 

Taking a value of 0-3 by linear interpolation for ~ = 0-8 gives 

W d = 0-3 x 0 187 x 0 150 x 40 x 16 ozf 
= 5-4 ozf, 



while Fig. 5.5 yields 



0 = 45° for |-1'0 
0 = 63 for ^ = 0-5. 
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Taking a value of </> = 50° and a value of W d = 0-7 W d = 3-8 ozf gives 
by substitution in equation (62) g 

C0t ^ = 3^lnV +C0t5()O 
3-5 

+ 0-839 



3-8x0-766 
= 2-04. 
0„ = 26-l°. 

Alternatively equation (62) can be solved quickly but approximately 
by the use of Fig. 5.10. Substituting in equation (61) gives 

W = 3-5 cos 26-1° + 3-8 cos 23-9° ozf 

= 3-5x0-898 + 3-8x0-914 ozf 
= 6-6 ozf. 
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These calculations suggest that the required cutting loads can be 
carried. This result is confirmed in practice since the bearing is over- 
loaded when a cutting load is applied in excess of 5 ozf. This represents 
a bearing load of 10-9 ozf and suggests that the bearing touches down 
at an eccentricity ratio near 0-7. 




Ecccnlricily ratio 

Fig. 5.11 Predicted performance of dental drill bearing 
compared to acceptance test load and design cutting load 



The predicted performance of the bearing is shown in Fig 5 11 
The load capacity at higher eccentricity ratios is obtained by repeating 
the same calculations with aerostatic and aerodynamic loads appro- 
priate to the eccentricity ratio. The design cutting load and the accep- 
tance test load are also shown. No account is taken of dynamic loads 
since at these high speeds the rotor spins about its mass centre and is 
said to be inverted. However, the rotor does orbit in the bearing with 
a small amplitude and this accounts for part of the lost bearing 
clearance. The remainder is accounted for by geometric errors in the 
bearing surfaces and misalignment between the two journal bearings 
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This^ example is of interest because it illustrates that the design 
method can usefully be applied in an extreme case of small size 
and high speed If only aerostatic performance had been considered 
the project might well have been abandoned at the feasibility stage. 

A larger lower speed bearing A second example of this design procedure 
considers a bearing with the following dimensions: 

Diameter 2-0 kH 

Length 4-0in) L/Z) = 2 - 0 

Mean radial clearance, h 0 0-000 62 in 

Design supply pressure 50 lbf/in 2 gauge 

Exhaust pressure 15 lbf/in 2 gauge 

Feed holes-one row of eight simple orifices with circular pockets at 
half station; 

Feed hole diameter 0-005 8 in. 
From Fig. 3 8(c) it can be seen that for the same gauge pressure ratio 
A the jet diameter at a length-to-diameter ratio of two is 0-7 of the 
jet diameter at an LI D of one. Thus the equivalent jet diameter for 
an L/D of one 

0-005 8 . 
= 0 008 3 in. 

n U j' his J' et dia meter together with the diametrical clearance of 
0-001 24 in in Fig. 3.7 indicates that the bearing operates at a gauge 
pressure ratio of about 0-75. This value is within the recommended 
design range and the aerostatic performance can be derived from 
the design charts given in Chapter 3. From Fig. 3.15 it can be seen that 
the load coefficient based on diameter C L ' = 0-24 at e = 0-5. 
Thus 

W s = 0-24 x 2 2 x 50 lbf 

= 48 lbf. 
a__ 1 
K 0-000 62 
= 1-I6xl0 3 . 

From Fig. 5.9 it can be seen that for this value of ~, A H = 0-1 at a 
speed of 5 800 rev/min. Thus 

at 2 500 rev/min, A„ = 0 043 ; 

at 5 000 rev/min, A w = 0-086; 
and at 7 500 rev/min, A w = 0-129. 



K 
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P 

At 2 500 rev/min and e = 0-5, Fig. 5.4(b) gives —=0-12, and 

Fig. 5.5(b) gives <f> = 74°. 
Thus 

W d = 012 x 2 x 4 x 40 Ibf = 38-5 lbf 
and W d = kW d = 0-7 x 38-5 lbf = 27 lbf; 

W 48 

Using this value together with 0 = 74° in Fig. 5.10 gives = 28°. 
Then from equation (61) 

the total load W = 48 cos 28° + 27 cos 46° lbf 

= 61-5 lbf 

Repeating the calculation at 5 000 rev/min gives W = 83 lbf and 
<t> H = 32°. Repeating the calculation at 7 500 rev/min gives 
W= 107-5 lbf and </>„ = 34°. 

These design predictions are compared to the measured bearing 
performance in Fig. 5.12. The measured aerostatic load with no shaft 
rotation was some ten percent in excess of the predicted load. However, 
the predicted hybrid loads are in good agreement with the measured 
loads and it is of interest to note that at 7 500 rev/min the load capacity 
and radial stiffness are double the standstill values. The measured 
attitude angles in the hybrid bearing are in approximate agreement 
with the design predictions and show the same trend of increasing 
attitude angle with speed. 



5.5 Application of design method 

There is no rigorous theoretical foundation for the prediction of 
hybrid journal load capacity by the method of linear superposition 
which has been described. However, in the absence of an alternative 
its application can be justified on the following grounds. 

(a) It predicts qualitatively the variation of load capacity and attitude 
angle with speed, clearance, bearing dimensions and mean pressure. 

(b) It permits the prediction of load capacity to an accuracy of ten 
percent by the application of empirical correction factors. For bearings 
of length-to-diameter ratio of two a factor of 0-7 has been established 

I here is some experimental evidence that this factor may apply approxi- 
mately at other length-to-diameter ratios. PP 

(c) The method is quick and simple, needing only the design charts and 
d suae rule. 
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Fig. 5.12 Comparison of design prediction with tested 
performance of a hybrid air journal bearing 
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(d) It has provided satisfactory bearing performance predictions in 
numerous instances and in the author's experience has not been found 
seriously in error. 

There are many applications of aerostatic bearings in which aero- 
dynamic effects are negligible and need not seriously be considered at 
the design stage. Such applications include cases where a rotational 

speed of less than 3 000 rev/min is combined with a clearance ratio (j^^J 

of less than 10 3 and a length-to-diameter ratio of less than 1-0. In 
other applications where the principal loading is static and applied 
at all speeds including standstill, the bearing must be designed to 
carry this load aerostatically and any aerodynamic augmentation of 
load capacity only serves to offset the dynamic loading which arises 
owing to unbalance or other effects. 

There are some applications, of which the air turbine dental drill 
is an example, where the required bearing performance could not be 
achieved purely aerostatically. In such cases the bearings must be 
designed from the outset as hybrid bearings and consideration must be 
given to adjusting the bearing dimensions to achieve a high aero- 
dynamic contribution. In this connection it may be necessary to design 
at a smaller clearance or at a greater length-to-diameter ratio than 
would optimize the bearing aerostatically. The design procedure 
becomes more complex and requires a greater number of trial con- 
figurations before the final design evolves. 

Designing a hybrid gas journal bearing usually implies that the 
bearing will operate at moderate or high speeds. This in turn involves 
a consideration of the effect of unbalance forces, bearing film critical 
speeds and self-excited whirl instabilities. These factors are described 
in Chapter 7 which may be read in conjunction with the present chapter 
to cover most aspects of the design of bearings for high-speed machines 



CHAPTER 6 

DESIGN OF AEROSTATIC MACHINES 

6.1 Introduction 

? is intended '0 employ aerostatic bearings it is 

staL of ,he U^ req ^ rementS ,° f the bearin S s are "nddeml at every 
stage of the machine design. It ,s seldom possible and almost alwavs 

unsuceessful to take an existing machine design with cXent iona 
bearings and to engmeer aerostatic bearings within the IT space 
and shape. In aerostatic machines the bearings invariably occunv a 
larger proportion of the total volume than in machines w°th con 
venttonal bearmgs. This does not necessarily imply ttathe machine 
with aerosta„c bearings is any larger or heavier thaVits c~ ,s 
For example, ,n high speed electric motors the reduced bearina friction 

power. In small turbo-compressers used in the temperature control 
no tZ°„ a ' rCrafUh , e cha "S e K°<» I"" bearings to air CK3£ 
no increase in weight s.nce, although the structure of the air bearing 
■s heavier . sump with several pounds of oil is no longer reou red 

tvnesT ' C , eanngS haVC bCen empl0 ^ d in machi "« driven by 1st 
types of electric motors and most types of turbine. They haveTo 

been employed ,n a wide range or machine tool spindles driven bv 
various types of belts and flexible couplings. In ah these cases the 
driving torque is evenly and smoothly applied and, except „g ?he case 
of driving by means of a belt, the drive does not apply Targe loads to 
he bearings. Aerostatic bearings are most successful when operating 
annL Condl " ons - Th ^ much less likely to be suSufly 
LTd , „ t0 r C K neS W " h PU ' Satin 8 dr ™s "hich impose large internal 

Nation m lngS ' • ThUS aCr0Static beari "8^ have not found 
application to reciprocating machines or rotating vane machines and 
future designers should approach such applications with caution 

6.2 Alternative configurations 

It would be impossible to consider all the possible configurations of 
machines with aerostatic bearings, but it is intended to give T genera 

wide \ ° e^T fT" based on experience of a 

he Jnnf ap P l,cat ^ ns -. 11 15 ^ped by this means at least to prevent 
the reader repeating the mistakes of the author and at most provided 
enough mistakes have been made from which a lesson has b enTea fed 
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to provide a reliable basis for the future widescale utilization of 
aerostatic bearings. 

The simple machine tool spindle consisting of a shaft, bearings and 
body exhibits most of the features pertinent to the successful applica- 
tion of aerostatic bearings. A study of this simple aerostatic machine 
forms a sound basis upon which the designer can build when con- 
sidering machines with integral drives. Fig. 6.1 shows the basic con- 
figuration and the important design factors. The shaft extends at both 
ends of the body. One end carries a tool, for example a grinding wheel, 
to which both radial and axial loads are applied. The other end carries 
a pulley driven by a belt. It is essential that from the outset the applied 
loads are known with regard to magnitude, direction and point of 
application. Unbalance will also constitute an additional radial load 
but this will be small in relation to the applied loads since the spindle 
will need precise dynamic balancing to limit the run-out of the tool. 
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Fig. 6.1 Factors limiting the design of a machine tool 
spindle with aerostatic bearings 



The load capacity and rigidity that can be provided within the 
spindle will be limited by the maximum permissible overall dimensions 
and the minimum supply pressure at which the bearings are required 
to operate Having established these external limitations the designer 
can proceed to establish whether the required performance is possible. 
I here are numerous possible bearing configurations from which to 
choose, some of which are shown in Fig. 6.2. In each case two journal 
bearings and two annular thrust bearings are used. The annular thrust 
bearings are dictated by the need for the shaft to extend at both ends 



DESIGN OF AEROSTATIC MACHINES 



137 



10 in 




102 Ibf 



Airflow: Journal 0-325 
Thrust 1-125 
Toial 1 450 
Radial stiffness 210 000 Ibf/in 
Axial „ 280 000 Ibf/in 



(b) 

Airflow: Journal 0-260 
Thrust 2-125 
Total 2-385 
Radial >liffncss 164 000 Ibf/in 
Axial 385 000 Ibf m 
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(C) 

Airflow: Journal 0-260 
Thrust 2-500 

Tolal 2 760 
Radial stiffness 174 000 Ibf in 
Axial „ 300 000 Ibf/in 
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131 Ibf 
Ibf 



Airflow: Journal 0-260 
Thrust 2-500 
Total 2-760 

Radial stiffness 184 000 Ibf/in 
Axial „ 300 000 Ibf/in 



K»3 Ibf 



73 Ibf 



103 Ibf 




137 Ibf 



m 

Airflow: Journal 0-260 
Thrust 2-125 
Total 2-385 
Radial siifTness 128 000 Ibf/in 
Axial || 235 000 Ibf/in 



Maximum loads and airflow given for 80 Ibf/in 2 gauge supply pressure. 

All air film thicknesses 0 000 5 in at zero load. 

All dimensions equal to those given for I unless stated 

Airflow given in c.f.m. free air volume. Radial stiffness given at *X\ 

Fig. 6.2 Some possible bearing configurations for a 
machine tool spindle 
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In order to provide a numerical basis of comparison it is assumed 
that the outside body dimensions in all cases are 10 in long and 3-5 in 
diameter and that the radial loads are applied 1 -5 in from the ends of 
the body. In each case the radial load capacity is calculated for a 
journal bearing eccentricity ratio of 0-8. All gas film thicknesses are 
taken as 0-000 5 in when no load is applied to the shaft. The thrust 
loads are those calculated to bring the bearing surfaces into contact. 
For the sake of simplicity all the journal bearings are taken to be 3-5 in 
long and to be fed by two rows of eight feed holes with circular pockets 
at one-quarter stations. 

The load capacity and the airflow of the journal bearings can be 
quickly assessed at the feasibility study stage by reference to Fig. 3.2. 
In all cases the values of load are corrected to an air supply pressure 
of 80 lbf/in 2 gauge, which would be typical of most machine tool 
applications, and are multiplied by 1-49 to give the load at 0-8 eccen- 
tricity ratio. In calculating the radial load carried on the shaft ends 
it is assumed that the bearing lift operates on the centre line of the 
bearing. The thrust bearing performance can be quickly assessed b 
reference to Fig. 4.2. In all cases two thrust bearings are loaded on. 
against the other and in accordance with Fig. 4.8 the ultimate load is 
taken to be twenty-five percent greater than the design load given by 
Fig. 4.2. Again the values obtained are corrected to an air supply 
pressure of 80 lbf/in 2 gauge. 

In the first configuration the primary design objective might be the 
provision of the largest possible radial load capacity. To achieve this 
end the journal bearing is of the largest practicable diameter. With 
such an arrangement the outside diameter of the thrust bearing is 
limited to the diameter of the journal bearing and so the axial load 
capacity and stiffness are low in comparison at least with the second 
configuration. However, the ratio of the outer thrust bearing diameter 
to the inner diameter at 2-5 is the largest value of any of the five designs 
considered and as a result the air consumption of this configuration 
is the lowest. It is of interest to note that this result is achieved in 
spite of the journal bearing airflow being greater than in the four 
other examples. This illustrates the overriding influence of the thrust 
bearings on the total air consumption. 

The first configuration has much to commend it and was chosen in 
several of the early designs which first demonstrated the advantages 
of using air bearings on precision grinding machines. This work was 
carried out at the National Engineering Laboratory at East Kilbride 
Glasgow by H. L. Wunsch and others (Ref. 14). However, this 
configuration has several major disadvantages when one considers the 
manufacture and installation of more than a few prototype spindles. 
One disadvantage is the thin body wall which is particularly vulnerable 
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to distortion when fixed into a machine casting. Radial clamping 
which is a popular means of retaining conventional machine tool 
spindles, is undesirable with any air bearing and is practically impossible 
with this thm-walled design. The fixing problem can be overcome by 
httmg the spindle into an accurately machined bore and retaining 
by bolting through a flange on the spindle body. However the thin- 
walled body still remains vulnerable to distortion if the material is 
not completely stress-relieved. 

Another undesirable feature which the first configuration shares 
with the second is the long distance between the thrust faces This 
raises two problems. Firstly, it is difficult to set the end float precisely 
during manufacture and the assembly procedure invariably involves two 
or three trial builds alternating with grinding to adjust either the shaft 
length or the body length. Secondly, the end float is likely to vary 
with changes of temperature due to differential thermal expansion 
Jt has been found with spindles of either of the first two configurations 
that if the total end float is less than about 10 -4 inches per inch of 
thrust bearing separation the effects of differential expansion can be 
significant even when the same material is used for the shaft and the 
body. 

In fairness to the early N.E.L. designs it should be stated that both 
the journal bearing and thrust bearing clearances were twice the 
values given in this example. Thus the bearings were somewhat less 
vulnerable both to clamping stresses and to differential thermal 
expansion. Further, with these large bearing clearances with their 
resulting high airflows the first configuration becomes relatively more 
attractive since any of the alternatives would have further increased 
the airflow. An early N.E.L. design is shown in Fig. 6.3. 




Fig. 6.3 Air bearing wheelhead for internal grinding 
designed at the National Engineering Laboratory, East 
Kilbride, Scotland (Ref. 14) 



In the second configuration some radial load capacity is lost in 
providing a higher thrust load capacity and higher axial stiffness. 
A significant sacrifice is made in terms of air consumption. This 
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configuration has the advantage of lending itself to engineering within 
a small body diameter since a part of the large thrust load capacity can 
be spared in reducing the outside thrust diameter. In some cases where 
the spindle body diameter is strictly limited it may offer the only 
solution which provides adequate radial and axial load capacity. 
However, this configuration has a number of shortcomings. It shares 
with the first configuration the difficulties associated with widely 
spaced thrust faces. Setting the end float is considerably simplified 
in this case by using a thin spacing washer locating on the shaft 
between the shaft shoulder and one thrust runner. The end float is 
then adjusted during assembly by surface grinding or lapping the 
washer to the appropriate thickness. 

The second configuration has been applied in several machine tool 
applications but except where the body diameter is limited it is not 
recommended. The shaft structure is complex, requiring two true 
running thrust runners. One thrust runner can be made integral with 
the shaft but it is debatable whether there is a net advantage owing to 
the difficulties of grinding into the corner with the required precision 
and the need to use considerably larger bar stock material. This type 
of configuration has successfully been applied to vertical spindle 
roundness measuring machines. In this case only one thrust bearing 
was used and many of the difficulties were consequently avoided. 

The third configuration offers lower radial load capacity than the 
first and lower axial load capacity than the second. It also demands 
the highest airflow. However, from most practical aspects concerning 
manufacture and installation it is the most attractive configuration 
The advantages are derived from the location of both thrust bearings 
at one end of the spindle on opposite sides of the single thrust runner 
betting the end float is no longer a trial-and-error procedure since the 
end float can be pre-set by grinding the spacing ring to a thickness 
exceeding the thickness of the thrust runner by the desired amount 
It is interesting to note that on a spindle of the size and clearances used 
in mis example the free axial movement of the shaft after assembly is 
T th0 " s f ndths of an inc h 'ess than the difference between 
the th.ckness of the spacing ring and the thickness of the thrust runner 
Another advantage of this configuration is that the thrust bearing 
assembly consisting of two static thrust plates, the spacing ring and 
the th rus t runner can be produced as a matched set independently 
a s s m\ ^ THiS COnsiderab| y simplifies'the fina" 

elimSn k l ge u-r tChCS ° f SpmdleS Since selective assemb "y ^ 
eliminated by the ability to assemble any matched thrust set to any 

chantml ^ and *T l**? pr0vide8 ^ of quickly 

use th nL A™* hrUSt , beanng Parts which become imaged in 
use through accidental overload. 
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The third configuration does not suffer from variation of end float 
due to differential thermal expansion since the thrust faces are close 
together and not separated by the whole length of the body. As a 
result, the choice of materials for the body and shaft is considerably 
widened. Air feed holes must invariably be drilled through the body 
so that a stainless steel is needed to avoid corrosion and a free cutting 
grade to make some of the long drillings a practical proposition. The 
shaft, on the other hand, usually requires to be hardened to provide 
wear resistance on the tapered or parallel tool locations. The shaft 
however, only requires to be corrosion resistant on the actual bearing 

7j t r S tk r u an u be r achieved > for example, by hard chromium 
plating Thus if the shaft and body are to be made from the same 
material there is considerable difficulty in effecting a satisfactory 
compromise. The hardenable stainless steels are not as free cutting 
as the non-hardenable (austenitic) grades. When hardened they are 
not as hard and wear resistant as, for example, a nitrided surface 
There is also the problem that if heat treated in air the surfaces exposed 
during hardening are no longer corrosion resistant so that the surface 
skin must subsequently be removed. This presents considerable 
difficulties in relation to internal drillings. By using the third con- 
figuration all these problems are avoided by the use of a free cutting 
grade of austenitic stainless steel for the body and a nitriding steel for 
the shaft with hard chromium plating on the bearing surfaces. Differen- 
tial thermal expansion in the radial direction does not often provide 
w S T °u S problem un,ess wide temperature variations are encountered 
With the material combination mentioned the journal bearing clearance 
will increase with increasing temperature which is the preferred 
direction for most machine tool applications. Temperatures below 
about IOC are seldom encountered although considerably higher 
temperatures may occur owing to atmospheric variation and heat 
conduction from motors and other equipment located on the same 
machine. Some increase in clearance will not generally reduce the 
radial load capacity although it must inevitably be accompanied by 
some reduction in radial stiffness. 

To date the third configuration is the one which has been most 
widely employed in machine tool spindles of all types, including those 
powered by an integral motor or turbine as well as those driven by a 
belt or coupling. Fig. 6.4 illustrates an excellent example of this 
configuration. It shows a sectioned side elevation of an aerostatic 
workhead designed by the Precision Products Group of the British 
Aircraft Corporation. The workhead fits a Studer machine and is 
driven by means of a belt running vertically upwards. This spindle is 
capable of generating workpiece surfaces which are round to within 
a 5 x 10 in annular zone. 
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Fig. 6 4 Section of workhead for Studer cylindrical grind- 
ing machine designed by the Precision Products Group of 
the British Aircraft Corporation (Ref. 15) 



The first three configurations all share one important advantage from 

madlTd I Ug V,eWP ° int - ThC j0UrnaI beari "g bo ™ "an be 

oc hi a W continuous operation in the finished body and bearing 
assembly and are not subsequently disturbed in any way Thus hf 
greatest possible accuracy of bearing bore is achieved in terms of 

bvthe ^ t SS ; Para " e , liSm a,ifinment - This advant ^ e is no sh red 
by the last two configurations. The fourth configuration requires that 

the journal bearing alignment be disturbed subsequent to finish 

machining ,n order to permit the assembly of the shaft into the body 



hearing sleeve 



lurhiiic 

/ 




roior 



'O' rings 
45 Niirile 



air supply 50 Ibf/in 3 gauge 



■rasa* s»ss r w° 



DESIGN OF AEROSTATIC MACHINES I43 

I he fourth configuration would not generally be suitable ft* * 
machine tool spindle for the reasons already mentioned Lt 

possible journal bearing spacing and optimizes the radial load cawcitv 
at the tool. I„ some cases the bearings can be arranged to locate on 
elf aln n wh a ' prov, ?«i that a soft ™bber is used, fhe bearing win 
self align when pressurized. The dynamic properties of this tvoe of 
assembly are described in the next chapter YP 

how h nnf f !l!H COnfi8Urati0n Can PCrhaps be described best as illustrating 
how not to design an aerostatic spindle. It would be difficult to ma m 

now r ^on. Cr V?r ' 0ad C3paCity With "° -bstantiaTsa ing o air' 
How. its only useful feature is its high radial load capacity at one end 

and oTh^ ' kn ° WS ° f "° app,,Cation of S configura ,on 

and other configurations involving journal bearings of uneaual 
diameter have been used only in one or two isolated cafes ^ 

fl J «th -m anng confi 8 ura t'ons is by no means complete 

and othe rs wiH occur to the ingenious designer seeking a soluuon to a 
particular problem. However, it is hoped that the study of he examples 
given has highlighted the need to consider all aspects of beaSer 
formance materials selection, manufacturing 4hniqu« aSmWv 
and installation from the earliest stages of the machine design 

6.3 Spindles driven by a belt 

In most machine tool spindles driven by a pulley and a belt th* 

IT1 H t r P °h Se , d UP ° n thC ^ » the tension of 
belt. In general pract.ce belts tend to be tensioned much more than is 

required to transmit the driving torque. It is essential therefore ^ 
where aerostatic bearings are used the correct belt tensio mus be 
a cuhteThe ben 6 ' *■ prevent . °- rl -ding. The designer must firs 
™ t th n bdt tens,on rec > u,red to tran smit the full torque of the 
mo or at all operating conditions. He must take into account the 
centnfuga, forces acting on the belt which will reduce th emect ve 
tension at h,gh speeds. This effect is aggravated by the use of a h 1 
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belt or a small pulley; in high speed applications a light belt must be 
used and the pulley diameter kept as large as possible consistent with 
the attainment of the correct running speed. A porous belt is also 
advantageous since it prevents a film of air being drawn between the 
belt and the pulley surface and further reducing the grip of the belt. 
The load capacity of the bearing must be weli in excess of the load 
imposed by the belt when set at its correct tension. It is usually possible 
to provide a load capacity between two and three times greater than 
the correct belt loading in the case of spindles operating at normal 
wheel speeds for cylindrical and surface grinding machines These 
speeds seldom exceed 5 000 rev/min and the effects of centrifugal forces 
on the belts are negligible. However, at higher speeds the required 
tension increases and it appears that a practical limit of speed for belt- 
driven aerostatic machine tool spindles is reached between 30 000 and 
40 000 rev/min. This limit depends on a number of factors including 
the power to be transmitted and the available air supply pressure 



belt tension 

i 




grinding load 



[WWWV NJ 
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Bearings can be loaded lo 
a large eccentricity ratio 
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Shaft contacts bearing at low 
mean eccentricity ratio 



imposes a large couple on bearings 



JSt*! of direction of belt tension in relation 

to the d.rect.on of the applied grinding load 
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However, the designer is advised to consider all applied loads with 
extreme care if it is intended to use a belt-driven spindle in excess of 
the quoted speeds. 

One problem which arises with spindles for surface grinding machines 
and some internal grinding machines is particularly difficult in the 
second case because of the high speeds which are also involved 
Hg. 6.6(a) shows the arrangement on most British internal grinding 
machines in which the grinding load and the belt tension are in the 
same direction. This is the preferred arrangement since the aerostatic 
journal bearings are better suited to withstanding a centrally applied 
torce than a couple. However, on most American and Continental 
internal grinding machines the workhead revolves in the opposite 
direction and the grinding takes place on the other side of the wheel 
In such cases the grinding load and the belt tension form a couple' 
as shown in Fig. 6.6(b), and the effective bearing load capacity is 
reduced because the inclining of the shaft surfaces to the bearing 
surfaces means that the surfaces will come into contact at a lower 
mean eccentricity ratio. It is essential that this effect is taken into 
account at the design stage. 

If the direction of the belt tension is known with certainty and if it 
can be ensured that the spindle will always be correctly installed in 
the machine, it is possible to increase the load capacity of the pulley 
end bearing in the required direction. This is done by biassing the 
bearing by some means which destroys its load-carrying symmetry 
There are several ways in which this can be achieved. Perhaps the 



slot venting one side of 

feed holes omitted bearing to atmosphere 




(a) Asymmetric feeding (b) Asymme[ric 

Fig. 6.7 Methods of increasing journal bearing radial load 
capacity in a preferred direction 
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simplest is to omit one or two feed holes in each row as shown in 
Hg. 6.7(a). This method has the advantage of reducing the airflow 
slightly. An alternative method which increases the air flow is to broach 
a slot in the journal bearing surface, as shown in Fig 6 7(b) The 
sot vents that side of the bearing to atmosphere displacing the unloaded 
shaft towards the slot and increasing the load capacity away from the 
slot. This method has the doubtful advantage that if the precise 
direction of the belt load is not known at the design stage the slot can 
be machined at a late stage in the spindle's manufacture. There are 
several other possible methods of biassing a bearing. However this 
echmque must always be applied with caution since increasing the 
load capacity ,n one direction inevitably reduces it in another, which is 
another reason for studying all the applied loads under all possible 
operating conditions. v 

Whether the pulley end bearing is biassed or not it is essential that 
some means of accurately setting the belt tension is provided In the 
case of the early N EX. spindles the belt tension was set by mca ur ng 
n O OOoVrh Shaft in ;' s . beari "« s ™»8 a dial gauge caNbra ed 

and to 1 ' nH T? S - u h ' S melh ° d tends ,0 be 'ime-consuming 
and to demand some skill on the part of the operator. A better method 

is to momtor he change of pressure in the air film as the load is aTp ied 

Ms&sss: patemed by Westwind Turbines ud - < S 




pressure lapping 



pressure gauge 
indicating bell 
tension 




Load 



•inucmeni. 



Fig. 6.8 Method of setting belt tension 
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A pressure gauge connected to a tapping in the bearing wall will respond 
to changes of pressure caused by changes of load. The principle is 
shown in F,g^ 6.8 The pressure rises in the direction of the shaft 
movement and falls in the opposite direction. In practice it has been 
found advantageous to tap the pressure in the region where it falls 
with increasing tension. One reason is because any leak developing 
m the connection to the pressure gauge indicates a higher belt tension 
and not a deceptively low tension. Another reason is because a falling 
supply pressure is also indicated as an apparent increase in belt tension 
which is the correct indication since in fact the safety margins are 
reducing in either event. The belt tension indicator is a very valuable 
addition which has eliminated what was by far the most common 
cause of failure m aerostatic machine tool spindles. The future designer 
is strongly recommended to employ this or some equally effective 
alternative device m all future applications of belt-driven aerostatic 
spindles. 

6.4 Spindles driven through a flexible coupling 

Aerostatic spindles adapted to be driven through a flexible coupling 
are essentially similar in construction to belt-driven spindles. However 
as the side load associated with a belt is not present there is no need 
lor any journal bearing biassing or for a load indicator. 

There are many proprietary couplings which are broadly classified 
as flexible yet the majority of these are relatively rigid and impose 
large side loads if the spindle axis is not accurately aligned with the 
axis of the driving motor. Designers are recommended to select a 
coupling which is as flexible as possible and to pay attention to the 
alignment of the spindle and the motor. Any rotating side load arising 
at the coupling will produce orbiting of the shaft which will degrade 
the performance of the spindle in most machine tool applications 

When correctly engineered, aerostatic spindles driven through a 
flexible coupling can produce excellent results. In one application on 
the wheelhead of a thread grinding machine an aerostatic spindle is 
coupled to a hydrostatic motor. This arrangement combines the 
infinitely variable speed and smooth torque of the motor with the 
precise axis definition of the spindle. Equipped also with an aerostatic 
workhead this machine is capable of producing a wide range of work 
of the highest quality. 

6.5 Spindles with air turbine drive 

Aerostatic bearings are widely used in machine tool spindles and 
hand tools driven by air turbines. They have also been applied to 
more exotic devices including gas liquefying expansion turbines and 
prism spinners for use in laser research. 
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Fig. 6.9 High speed air turbine drilling spindle with 
aerostatic bearings developed by Westwind Turbines Ltd. for 

iSsif Pnnted drcuit boards (British Patent Na 



In most machine tool applications the third configuration of Fig 6 2 

, ve o manufacture. A.r is fed into the centre of the back face oTthe 
rotor some leak.ng away radially to supply the rear thrust bea in. 
The dr,v,ng a.r ts discharged tangential y through s x ie ts Z 

is usually at or slightly belovv ^ K °P erat «ng temperature 

the combination of high st d and tcr^"' However ' 
friction heating of even an X I C,earance can ^sult in the 

attempt is made to carrv ?h h ^ 8 ^ 0m,n8 a PP reciab 'e. If no 

and differential expansion nl ' . problems of thermal stress 
that the maxii^ » *> ensure 

contact with the spindle body The 1 I t ^ S ' eeVe 15 in 
spool-type journal bearing ^ve of ttT u l ° deS ' gn 3 simple 
must be avoided since r far^ ' f ype Sh ° Wn m Fi 8- 610 ( a ) 

of the bearing an J lead to hSh S«? t rCSerV ° lr inSU ' ateS the Centre 
shown in Fig 6 10 b) the i ?« tem Peratures. In a better design 

joined by fJflBfiSXEZ " ^Tt ~ ^ 
the heat. B 8 ared ot met al to conduct away 
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stagnaiil /one with little 
cooling from gas flow 




bearing ends — 

cooled by gas Mow 



long heat 
conduction path 




unsuitable design for 
high speed bearings 



(a) High local temperature due lo insulating effect of gas reservoir 



short heat conduction path m ^ sIot 

cools centre of bearing 




suitable design for 
high speed bearings 



(b) Heal conduction improved by increased contact area of outside 
surface of bearing sleeve 



Fig. 6.10 Heat dissipation in high-speed journal bearings 



Proper design of the bearing sleeve can avoid the occurrence of very 
high local temperatures but in some spindles a large part of the body 
surrounding the bearings can still reach a temperature which is too hot 
to touch. This order of temperature, while not directly harmful to 
he bearings, is undesirable for several reasons. It constitutes a hazard 
to the operator, it can increase clamping stresses, and in an extreme 
case it can induce long-term material distortion through stress relieving 
Compared to most metals, the stainless steels usually employed in 
aerostatic spindle bodies are poor conductors of heat and for this 
reason the use of some form of cooling is all the more necessary 

The bearing configurations (a) and (d) shown in Fig. 6 2 are the 
most popular for the application of aerostatic bearings to air turbine 
hand tools. When the first configuration is used a turbine of the 
Pelton wheel type is usually milled into the centre of the rotor between 
the two journal bearings. This arrangement provides a rotor of low 
mass supported in journal bearings of relatively large area and achieves 
stable bearing performance at very high speeds. The length of the 
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rotor seldom exceeds 3 in and differential thermal expansion in the 
axial direction does not usually present a problem. 

Some of the advantages of the configuration (d) in relation to small 
high-speed hand tools have already been discussed. Another feature 
of the air turbine dental drill is the elimination of jet feeding to the 
thrust bearings and the use instead of journal bearing exhaust air. 
This arrangement provides low axial load capacity and stiffness 
in return for a considerable saving of air consumption. On small 
aerostatic machines the possibility of journal exhaust-fed thrust 
bearings should be considered wherever applied axial loads are small 
or where a low gas consumption must be achieved. This system can 
be applied to any of the first, second or fourth configurations shown 
in Fig. 6.2. 



6.6 Spindles with electric motor drive 

Electric induction motors are well suited to driving aerostatic 
spindles. With the elimination of brushes and any other form of 
rubbing contact the electric rotor and its shaft are freely supported 
to rotate smoothly about a precise axis. For most applications at 
both low and high speeds, the third configuration shown in Fig. 6.2 
again represents the easiest arrangement from the manufacturing 
viewpoint. In such cases the rotor forms an extension of the shaft at 
either end of the assembly as shown in Fig. 6.11(a) and 6.11(b) or 
is built into the centre of the shaft as shown in Fig. 6. 1 1 (c). The arrange- 
ments shown in Fig. 6.11(a) and (b), are applicable at low and inter- 
mediate speeds, up to around 30 000 rev/min. It is usually necessary 
from considerations of bearing stability to use the arrangement shown 
in Fig. 6.1 1(c) at higher speeds. 

There are several important factors to be borne in mind when 
using electric induction motors if the smoothest possible running is to 
be achieved. The first consideration is to ensure whenever possible 
that the motor is designed to operate at a low magnetic saturation 
bucn motors are usually termed 'low-noise motors' and are slightly 
larger for a given power output than the manufacturer's standard size 
In many grinding wheelhead applications it is worthwhile having a 
motor specially designed if a suitable motor is not available off-the- 

Even the best designed rotor-stator unit will not run smoothly unless 
he rotor is mounted accurately concentrically and axially within the 

w?l \°L ri° nC 7i r r C,ty 18 °I the greatCSt im P or ^e and the designer 
.11 be rewarded for spending time and care on the means of locating 
the stator casing on to the spindle body. g 
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The rotor surface can be ground assembled on to the shaft at the same 
time as the journal surfaces to ensure absolute concentricity of rotation. 
Finally, it is essential dynamically to balance the finished shaft and 
rotor assembly either in its own bearings or in a suitably designed 
balancing fixture with aerostatic bearings supporting the shaft journal 
surfaces. 




rotor diameter smaller than 
bore of thrust plate 



(a) Rotor at thrust runner end 



rotor diameter smaller 
than journal bore 



(b) Rotor at opposite end to thrust runner 



(c) Rotor at centre of shaft 

Fig. 6.11 High frequency motors— alternative rotor 
arrangements employing the bearing configuration shown 
in Fig. 6.2(c) 



Heating is a problem with most electrically driven spindles. In low 
speed spindles operating on the mains frequency of 50 Hz (or 60 Hz 
in the U.S.A.), the heat dissipation is low and the bearing exhaust 
air directed through the motor casing often provides sufficient cooling. 
In this connection the arrangement shown in Fig. 6.11(a) is to be 
preferred since in this case it is simple to arrange for the exhaust air 
from the thrust bearings to flow into the motor casing. 
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The heating problem becomes more severe as the supply frequency 
and the rotat.onal speed increase. The motors become less efficient 
due to increased iron losses and heat is generated in the bearings 
It is always beneficial to use a light alloy motor casing with suitable 
finning to improve heat losses by convection in the surrounding 
atmosphere^ In small motors up to about 0-5 h.p. and speeds up to 
about 30 000 rev/min this will often be sufficient, either alone or in 
combination with a little additional cooling air bled from the bearing 
supply. However, for larger motors and for small motors at higher 

Tf S f t l V?* 8 ®"" 3 ^ 0 Cmp,0y Cither a C00,in g fan which forms 
part of the shaft assembly or water cooling. Using large quantities of 

bearing supply air for cooling is not an economical proposition although 

vZrnTnV K tle /° dnVe 3 C ° anda device which large 
volumes of ambient air is sometimes an attractive means of providing 
cooling at low initial cost. F s 

The next chapter deals with the problem of ensuring stable bearing 

7eTZ m f r r Cd T aChineS and * is essential *at this aspect of 
design ,s considered if a long and unexpected development programme 

n f V ° ,ded - l l 15 f° Cqually im P° rtant t0 ™™ thahhi mech- 
anical critical speeds of the shaft lie well beyond the operating Tpeed 
range. It has b found ^ the ^ P g P ed 

mechanical critical speeds of the shaft considers the shaft as a beam 
W h pinned support at the journal bearing centres (i.e. using the 

^Tv Sii^ Pr ° vides indu « i0 " rotors bum 

inie„raii) . with the shaft. These rotors are of high rigidity as a result nf 

hTs^ffc^ COmpre88i ° n - Hotevel XVaS'ng 

Z i!? r 5 , PCeds 11 18 essent,al that allowance is made both for 

mmwm. 
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relieving which is accelerated by the heat produced in the rotor durine 
ZT° n , ' 1 recommended »at, except in the case of ve y 2 
speed motors where considerations of dilation may be over-riding the 
degree of interference is limited to well below this valne Any danger 

,s better ITS t"' T !"* ^ ^ running^ 
interference * ^ °* P """ nB ,han by * 

Many of the points raised in connection with induction motors 
apply equally to other types of electric motors. The shaft arranglem 
shown ui F,g. 6.1 a) and (b) are well suited to any motors employing 
commutators or slip rmgs since these can be situated at the end of hi 
motor casmg with easy access for assembly and brush replacement 
It has been found that the precise axis definition and smooth turning 

Kf he hrlTT beari "l S fedUCe brush noise and ^tend hf 
vL r , However, the need to replace brushes makes this 

whh SrT? a K eS,het,cal| y less P*™"Z 'han the induction moto 
with aerostat* bearings which, correctly applied, needs no routine 

wh a i'cTa a b™shT h ' S f r? r may C ° ntribute t0 ^ P"** MS 
which a brush-type electric motor with aerostatic bearings is a rare 

bird. However there are several potentially attractive applications of 
h^H T T ? er ° Stat ' C bearings ' of which the machi "= tool work' 

Xl^ b,e speed is an examp,e - and so this situati ™ 

6.7 Static shaft bearings 

So far this chapter has dealt with journal bearings of the conven- 
t,onaI type ,n which a shaft rotates within a bush The gas supply 

is the bearing bush However, it is sometimes necessary to employ a 
bearing ,n which the shaft is stationary and the bush rotates. In this 

It' l , e o ga K SUPPly 18 fed t0 feed hoIes or sIots in th « shaft surface. 
Hg. 6.12 shows two examples of the numerous possible static shaft 
onfigurations. F,g. 6.12(a) shows the simplest arrangement of a 
single journal bearing with thrust faces fed by the exhaust gas This 
arrangement has successfully been applied to pulleys for fibre and 
plastic film processing and to a range of turbine flowmeters for gases. 
It offers a low but useful load capacity, the ability to support small light 

[s o°fren rU fT 8 at H h ^ h f S f, eds and * very low gas consumption which 
is often of the order of 0-1 s.c.f.m. supplied at 20-30 lbf/in 2 gauge 

nJvM SeC ° / rran u ge r ment Sh ° Wn in Fi * 6 ,2 < b ) is one Possibility for 
providing a static shaft arrangement for a considerably heavier duty 

Two journal bearings are employed together with two jet-fed thrust 

bearings. This type of arrangement is used for supporting grinding 
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thrust faces fed by journal exhaust 




(a) The simplest air bearing arrangement, as used in low friction textile 
pulleys and pivots and turbine flowmeters 




SteS * mt "Wtni with two journal bearings and jet-fed 
thrust bearings as used ,n some grinding machine applicati 



ions 



shafts 61 2 Arrangemems of aerostatic bearings with static 



wheels in the form of a sleeve which are used in machines for sharoenine 
urgtca blades^ In this case part of the outside of the rotor is formed 

When ^ 3 3 P ^ aIlel l0Cati ° n iS Pr ° vided for the gr nding sZlt 
When des.gmng the more complex arrangements of static shaft 
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bearings for two good reasons. Firstly, any air passing through a 
rotating member is liable to generate noise. Secondly, and very 
important, the single exhaust passage permits a restriction easily to be 
applied by means of a jet inserted in the exhaust hole. This can be of 
great value in damping aerostatic instability and is dealt with in more 
detail in Chapter 10. 



CHAPTER 7 

BEARINGS FOR HIGH-SPEED MACHINES 

7.0 Introduction 

their limitations In particu la n mrl „ , U " lque P"*^ and 
study of the various critical IZcdTtki cT T * paid to a 
onset of self-excited bearing fiTrnthirls ' '° ' he P ° Ssible 

acc c erat7rorr, up r,:tt::T st r ic bearings which * s - di 'y 

undetectable level o vibration t ""t Sm00th| y wi(h a " 
unbalance will become apparent as 7h ' "if ^ ° f ,n * residual 
rotating about the axL through ,h, T f. d ,nCreaSes ' ,nslead °f 
will orbit abou thfs ax s Th, h J ? U T' bearing cen,res the ™tor 
ceptibly with led un , '„,I, ° rb,t wiU 8 row "'most imper- 

decay again. The roto? will have^c " J? gf ° W large and then 
frequency and the effect verv 1^ a '1 thr ° Ugh its lower """""I 
If the unbalance is large he whirl „T ? mecha ™<>' ^onance. 
the bearing surfaces contact and he I? ™ amp ' itude at which 
prohibited. However, a balanced rotor , ° f higher s P eeds is 
two resonances without damage As ,L iro" thr ° Ugh 0ne or 
it win again be found to be ruining ' m 00 ht The "t '° aCCderate 
chmb until suddenly a larse am „ii,,^ y " Speed contln ues to 
which inevitably results ir fhe rTm """"trolled whirl develops 
bearings sei 2 e d : ftTuTJSty noLd Ta? £1^° "* W ' ,h '' s 
disaster occurred is twice the Led of rh. fi . Peed at which ,he 
the experiment slowly with the neces arv £? reS ° nanCe - Re P eatin « 
that the frequency of the self excited wh H I u ™ nta "°" ™» reveal 
A resonance is excited 2% °* Wt f 0nal s P« d - 

! S r0,at » 1 « at twice that frequency Th s n^n ^ ""f" the S ' ,aft 
known as half-speed whirl To nr«L Phenomenon has become 

machine requires a knowledse of £ T ""^ Speed in P articu| ar 
forces present in the bearings The nnrn^ 3 " 1 ^^^"" 5 and dam Ph>g 

eanngs. The purpose of this chapter is to enable 
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the designer to ensure that his machine will either onerate wpII k»u 

5 as agr* some device 1 ss *5 

7.1 Dynamic stiffness and damping 

hvTh h ^- ( ? amiC p ;T" ieS ° f a " rot °f-bearing systems are determined 

infl ™ " SS r and dam - P ' ng f ° rCeS arisi "8 in the bea ""8»- The s Zest 
influences the frequences at which resonances occur excited bv fn 
example unbalance forces or externally impressed vibra o„s T t 
damping hrmts the amplitude of vibration or whirl arising rXnance 

C aris e." 10 " " ""^ * «™™ ™ seSted 

tiJnr inflU ?^ of stiffn< f and imping and the dynamic characteris- 
tics of aerostatic journal bearings can best be understood from a smdy 
of a s,mphfied bearing system. The following assumptions are made 

o^iie^ffnesf andl ^ m m SUpported 50 *.t the 

omy nnite stiHness and damping present arise in the bearing. 

(b) Aerodynamically the bearings are considered to operate in the 
ncompressible region. That is, the aerodynamic force acts at 90 °to 
he d splacement from the centre of the bearing. In practice this implies 
h n n^f are 0f rela,ivel >' lar 8 e clearance ratio (/, la greate 

Icln " f °? f °" 0WS that the s,iffness a ™« from aerosta 
action only and the dynamic stiffness is taken to be ecual tc Th, 
aerostatic stiffness and to be independent of speed q 

Si™ amP , in8 f ^ CeS a " Se fr0m squeeze nlm action and aerodynamic 
action only and are not influenced by the external pressurization In 
practice this limits the present discussion to bearings with annular 

pock c e^ feed Th n e g 'j : l:i eedi ? or r ple orifice feedin « wi ' h ^ S£ 

zsss&zzr speed ,eading to " d *s 

(d) In order to simplify the mathematics in this preliminary analysis 
for purposes of considering squeeze film and BtLynnZZS^^ 

Thus n e 8 nH S .T S,dere rT d t0 * * ***** ° f an M ^ 'ong be i g 
Ihus end leakage effects are ignored. 8 " 

cemfes W Th 1 i, 0r , b n itS "* T™* *? be drC,es centred °" the bearing 
centres. This corresponds to neglecting the weight of a horizontal 
rotor or to considering a vertical rotor. Horizontal 

Tully (Ref. 17) has shown that applying these assumptions the 
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dimensionless damping force PFcan be defined as 

W 



W = 



LDP 



= %f~% (64) 



where W sf is the dimensionless squeeze film damping force given by 

w 6n r M\ 

% - ( xr?)i • 5 y « • (65) 

Also W d is the dimensionless aerodynamic force given by 

^~mm-^Xw w ' (66) 

where 




* J * k y n , Umbe f 35 bef ° re ' w is the a "g uIar ve, «city of the 
shaft, ©* is the angular velocity of any whirl or vibration of the shaft 
e is the eccentricity ratio and r is the radius of the whirl orbit or half 
the amplitude of planar vibrations. 

It can be seen from equation (65) that the squeeze film damping 
force is independent of shaft rotation and is proportional to hf 
frequency of shaft whirl or vibration. Thus the squeeze Z dZJmt 
s present to damp the vibrations of the stationary shaft. Such X 
ions could be forced vibrations, or free vibrations following a hock 
loading or the sudden release of a displaced shaft. A squeeze film 
number a is often used where 




o= 12(-U* 



(67) 



bssm at 

and the occurrence of self-excited whirl instability. UnDa ' anCe torces 
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7.2 Whirl induced by unbalance 

Residual unbalance causes the rotor to orbit in its bearings at the 
same speed as its speed of rotation and hence the phenomenon is often 
called synchronous whirl. Considering the damping under these 
conditions by substituting w * = m [ n equation (65) and also putting 
e = 0 for no static load on the bearing yields: 



6nr /A 



- 1 CO 
co 



and 
Thus 



h 



0) 



W = LDP, *= ( A 



(68) 



from equation (64). Since the net damping is proportional to angular 
velocity it is possible to define a damping coefficient C by dividing 
equation (68) by rco and substituting for A. Thus 

/ n \ 3 

C = 6Lnji 



a 
h 



(69) 
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Fig. 7.1 Theoretical squeeze film damping 
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for an infinitely long bearing 
or 



2roj 



(70) 



for a finite length bearing if the dimensionless squeeze film damping 
is known. Mullan and Richardson (Ref. 18) have computed a numerical 
solution of the full Reynolds equation for the squeeze film behaviour 
of initially concentric journal bearings. Their solution for bearings 
of length-to-diameter ratios of 0-5, I, and 2 is given in Fig. 7.1. 

In this case W sf = W sf f is plotted against the squeeze number a. 
Thus the damping coefficient is given by: 



(71) 

In",!^ in v. Cl ?rT eSS J ble re g ion r the real beari "g of LID = 2 has approxi- 
mately half the damping of an equal segment of an infinitely long 
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Fig. 7.2 Symmetrical rotor-bearing system 
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bearing. It can be seen that the influence of compressibility reduces 
the squeeze film damping at high squeeze numbers and in theory the 
damping becomes zero at a = oo. 

Having established the nature of the damping and using the aerostatic 
stiffness it is possible to investigate the dynamic behaviour of a rotor 
supported in two journal bearings. This system is shown in Fig. 7.2 
and it is assumed that the system is wholly symmetrical. The axis 
of the rotor is forced to generate a cylindrical or conical form depending 
upon the type of unbalance present. It can be seen from Fig. 7.3(a) 
that if only static unbalance is present the rotation produces a single 




<b| Corneal whirl generated by dynamic unbalance couple 




(c) General form of whirl generated by roidual >lalic and 
dynamic unbalance 

Fig. 7.3 Modes of rotor whirl 



force acting on the centre of gravity of the rotor. If only dynamic 
unbalance is present the rotation produces a couple which causes the 
axis of the rotor to generate two cones with a common apex at its 
centre of gravity (Fig. 7.3(b)). Fig. 7.3(c) shows the generalized form 
of whirl produced when both static and dynamic unbalance are present. 

Referring again to Fig. 7.2 it can be seen that the circular movement 
of the rotor can be considered as the sum of two sinusoidal vibrations 
in mutually perpendicular planes: 

x = r cos ait 

and y=r sin cot 



D.A.B. 
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The forces acting on the rotor in the x plane can be represented as 
shown m Fig. 7.4(a). The amplitude and phase of the synchronous 
wh.ri can be calculated by equating the forces acting upon the centre 

fJSZ r ° tor and taking moments about the — 3 

d 2 x „ dx 

R di 2 + Rn J t + 2Kx = Xc ° 2 sin wt (72) 

(/_/o) W + 2 '" R ' lJ2 ft + 2Kj2 P = Ya > 2 sin cot, (73) 

where X is the static unbalance of the rotor; 

Y is the dynamic unbalance of the rotor; 
K is the aerostatic stiffness of one bearing; 

»/ = — is the damping constant per unit rotor mass per bearing; 

j is the transverse moment of inertia of the rotor 
1 0 is the polar moment of inertia of the rotor 
and 2J is the distance between the bearing centres.' 

*ft> 2 sin (co/-<5,) 

'"7[(w!-w 2 ) 2 +4^V]* ; (74) 
2ojj/ 

»'«(co 2 -q) 2 ) 1 (75) 



$i = tan 



and (o 2 = ~ 



and also 



1 m R ' (76) 

p yto^in^wr-^^^ 

(/^ki^ (77) 

U/-/o)K-o) 2 )J' 



(78) 



2KJ 2 



('-/.)' (79) 
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Fig. 7.4a Forces acting on rotor during synchronous whirl 




Fig. 7.4b Cylindrical synchronous whirl of a rotor 
supported in two aerostatic journal bearings 
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The corresponding solutions in the perpendicular plane are similar 
except for the 90 c phase difference, and the two solutions combine to' 
describe fully the circular motion of the rotor axis. The three equations 
(74), (75) and (76) describe the cylindrical whirl and for small damping 

? noTl a re u° na u nt SpeCd ' S defined by ec * uation Equations (77) 
to (79 describe the corneal whirl and for small damping the resonant 
speed is given by equation (79). "unani 

The predicted variation of synchronous whirl amplitude with speed 
for the two cases of zero damping and small damping are compared 
with experimental data in Fig. 7.4(b). It can be seen that the real 
bearing of large clearance ratio, behaves in a manner similar to that 
predicted using a constant damping coefficient. In the absence of 
damping the whirl amplitude increases very rapidly as the resonan 
speed is approached. This is because at the resonant speed tL st ffnes 
force ,s exactly balanced by the centrifugal force acting on the rotor 
Referring again to F,g. 7.2 and considering static unbalance only th 
radial forces act.ng on the rotor in the absence of damping are 

2Kr = X(o 2 + m R rco 2 , 

giving = 



(80) 

Xo) 2 

(2K-m R co 2 y ( 81 ) 



It can be seen that the whirl radius r approaches infinity a 
(2K-m R co 2 ) approaches zero. This occurs when 



2K 

m R (76) 



co = 



fe^S^^ reS ° nanCe UnbaIanCC f ° rCe mUSt be Wnced 

and the radial amplitude of the whirl orbit is given by 

_ Xcoi 

r 2C ' (82) 
^ = c, 1 ,^ = ra t( w r- < 5 J ) = ^andC = w ^. 



BEARINGS FOR HIGH-SPEED MACHINES 165 

A tolerable limit of dynamic unbalance can be established using 
equation (83): 



7~> 

- Ya) l 

- 2CJ2- (83) 

Equation (83) can be obtained by equating the moment generated by 
the dynamic unbalance and the moment of the damping forces of the 
two bearings or by making the appropriate substitutions in equa- 
tion (77). 

Equations (82) and (83) enable limits to be established for the residual 
imbalance in the rotor in order that the cylindrical and conical reson- 
ances can safely be run through. Strictly, a limit should be established 
from a consideration of the vector sum of the two whirl components 
but if the two resonant speeds do not occur close together this is not 
essential. 

7.3 Inversion 

It can be seen from equations (74) and (75) and equations (77) and 
(78) that at high rotational speeds the limiting value of x is X/m R and 
the limiting value of [i is r/(I-I 0 ). This condition represents the shaft 
rotating about a mass axis, and no unbalance forces arise. In practice 
this condition is rapidly approached at speeds beyond the synchronous 
resonances. It can be seen from Fig. 7.4(b) that the phase and amplitude 
change rapidly once the resonant speed is exceeded. With less than a 
ten percent increase in speed the phase shift from 90° to 180° is 
completed. This rapid shift to a condition approximating to rotation 
about the mass axis is a characteristic of rotors supported in aerostatic 
bearings and is called inversion. 

The lower or more pronounced of the two synchronous resonances 
has often been called the inversion speed. This is rather a loose descrip- 
tion since a complete inversion cannot occur until both resonances are 
exceeded. In many rotor-bearing systems only one synchronous 
resonance is observable due to the onset of self-excited whirl intervening 
between the resonant speeds. However, in machines capable of rotating 
at very high speeds, with the whirl suppressed, unbalance does not 
present a problem at speeds above the synchronous resonances and 
the level of external vibration in such machines is usually undetectably 
low. 

7.4 Self-excited whirl 

It has already been stated that if a condition is reached at which 
damping becomes zero a self-excited instability arises. From an 



166 DESIGN OF AEROSTATIC BEARINGS 

SS^Z* 8 " (65) and (66) " is apparent ,hat the *»<*<• 




CO 

a? = [l^?)- (84) 




Speed (11/ x 10" 2 ) 
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obtained. In practice only the lower is observable since the onset 
of self-excited whirl normally sets a maximum speed for the rotor 
Theoretically a disturbance is required to start the whirl but in practice 
only a minute disturbance or vibration is needed and this is alwavs 
present. ' 

Assuming that the lower natural frequency is in the cylindrical mode 
the onset speed of self-excited cylindrical whirl is obtained from 



equation (84) as 

'2+e 2 
1-e 



^c = a>i|- 2 J, (85) 



which for e = 0 reduces to co c = 2(0,. This is the onset speed of the 
well-known half speed whirl which is often met in aerodynamic 
bearings. During half-speed whirl the rotor orbits the bearing centre 
at a frequency («>,) equal to half its rotational speed (co\ Following 
its onset, the whirl amplitude increases very rapidly with any further 
increase in speed and the bearing surfaces come into violent contact. 

Tully conducted a number of experiments in which he applied a 
shock load to a shaft supported in two journal bearings and measured 
the damping coefficient from the decay of the ensuing free oscillations. 
His data tor bearings of large clearance ratio are shown in Fig 7 5 
t can be seen that the damping reduced linearly with speed. Self- 
xcited I whirl commenced at the speed at which the damping became 

• r0 ' ,,c? r fal ' m dam P in 8 is Predictable from a study of equa- 
ons (65) and (66). Since the frequency of free vibration remained 
onstant throughout the experiments the squeeze film damping 
remained constant. The aerodynamic damping increases linearly with 
speed and so the net damping would be expected to fall linearly with 
speed. 1 

The data presented in Fig. 7.5 shows that the value of squeeze film 
damping at zero speed appears to be independent of the air supply 
pressure. This would be expected for Tully's bearings with annular 
orifice feeding. It is also shown that the natural frequency was sensibly 
independent of rotational speed but rose with increasing supply pressure. 

^confirmed that the dynamic stiffness was predominantly aerostatic, 
and Tully observed that the measured dynamic stiffness was equal to 
the aerostatic stiffness measured by applying static load at zero speed. 

It can be concluded that for bearings of large clearance ratio the 
simplified theory gives a correct qualitative prediction of the bearing 
performance. It enables an accurate prediction of unbalance resonance 
speeds to be based upon the aerostatic stiffness and also provides an 
accurate prediction of the half speed whirl onset for lightly loaded 
bearings. 
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at the half speed whirl condition no aerodynamic stiffness is generated, 
leaving only the aerostatic stiffness to determine the natural frequency! 

It must be emphasized that the data presented in Fig. 7.7 are an 
extreme case in which the aerostatic performance is almost lost The 
gauge pressure ratio is in the region of 0-95 and consequently the 
aerostatic load capacity and stiffness are very low. The apparently 
disproportionate increase in stiffness between the data for 50 lbf/in 2 
gauge supply pressure and 80 lbf/in 2 gauge supply pressure is due to 
the reduction in gauge pressure ratio at the higher pressure com- 
pounding the increase in stiffness resulting from the increase in pressure 
If the feed hole diameter was reduced to reduce the gauge pressure ratio 
to say 0-6, the initial natural frequency at 50 lbf/in 2 gauge would be 
approximately 600 Hz and at 80 lbf/in 2 gauge approximately 750 Hz 
In this case the initial rapid fall in damping and natural frequency would 
be some W hat less marked and the region of very low damping on 
50 lbf/in gauge supply pressure would be avoided. 

Although a complete theory has yet to be developed fully to explain 
the performance of low clearance aerostatic journal bearings some 
important design recommendations can be made based on experien 
and experimental data. 

(a) Avoid designing at gauge pressure ratios in excess of 0-8, the value 
tor maximum stiffness for fixed feed hole diameter. This will assist in 
avoiding the more pronounced aerodynamic characteristics shown in 
tig. 7.7 and in particular the region of very low damping. 

S T H C ,° nSet S f Ce ? ° f self - excited Whirl can still be estimated to be 
beyond twice the lowest natural frequency of the shaft calculated 
from equation (76) or (79) using the aerostatic radial stiffness, 
(c) The resonances excited by residual unbalance occur at a low 

~e & I"'" r beCause »W«Z 

forces are low and damping forces are relatively high. Tolerable limits 

of unbalance are difficult to estimate, but experience has shown That 

clterci a aM y ^ unbalances easily achte u ng 

commercial dynamic balancing machines. 

7.6 Design procedure for high-speed machines 

^s c tS 5 the desi , gn of any high speed machine with 

aerostatic bearings it is essential to calculate the natural frequencies 

SF&Sttes cast £ = 

-/ m also be known. It ,s only then neeessary to caleula.e ?he mass 
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of the rotor its polar moment of inertia and its transverse moment of 
mertia. In the case of a solid cylinder the polar moment is given by: 

i - 1)2 

0 ~ ™ R J' ( 86 ) 

and the transverse inertia about the centre of gravity by 

'L 2 D 2 \ 
2 + 16> < 87 ) 
In the case of a hollow cylinder the polar moment is given by 

_ m R (D 2 +Df) , 
l " § > (88) 

and the transverse inertia about the centre of gravity is given by 

. /L 2 D 2 + Df\ 

I = " lR [r2 + ~-ur) m 

In equations (86) to (89) L is the length of the cylinder, D is the outside 
diameter and D t is the inside diameter of a hollow shaft. 

From equations (76) and (79) it can be seen that the lowest natural 
frequency will be in the cylindrical mode if 

m R J 2 >(I-l 0 ). (90) 

Having calculated the lower of the two natural frequencies this can 
then be compared to the maximum design speed of the machine It 
will then be seen whether the machine can be designed to operate at 
speeds below its lower natural frequency. This is a desirable condition 
in many applications of aerostatic bearings. For example, in most 
machine tool applications, grinding wheels, cutting tools and other 
unbalanced masses are connected to the rotor and the overall degree 
ot balance can only be controlled within broad limits. It is therefore 
important that the resonant speeds which are excited by rotor unbalance 
are not reached during the normal operation of the machine In the 
majority of cases in practice this condition can be realized, and the 
machine tool spindles operate at speeds which are only a small fraction 
of the lowest natural frequency. In such cases the damping can be 
large. An important parameter is the damping ratio, f, where 




(91) 

The damping ratio determines how quickly a free vibration dies away 
and an optimum value is near 0-6. 
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It is always advisable to calculate the squeeze number a based on 
the lower natural frequency of the rotor where 



or 




a = 



a v-o/ 

whichever is the lower. Using this value the squeeze film damping at 
zero speed can be estimated from Fig. 7.1. Then for large clearance 
bearings the damping of the lower natural frequency at finite speeds can 
be estimated by assuming a linear fall from the squeeze film value at 
zero speed to zero damping at twice the lower natural frequency In 
many applications the operating speed is less than ten percent of the 
lower natural frequency. In such cases this method affords a workable 
approximation even for bearings of smaller clearance ratio and it is 
often found that the damping ratio far exceeds the optimum value 
The damping is reduced by the use of simple orifices with pockets and 
by control of the pocket depth it is possible to achieve the optimum 
damping ratio However, this result can be achieved at present only bv 
empirical methods and must be checked by prototype testing. Some 
experimentally measured damping coefficients with pockets of varying 
depths are shown in Fig. 7.8. ai y ,,l b 

It is sometimes necessary to investigate ways of raising the lower 
natural frequency of the rotor. This can be achieved only by either 
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Fig. 7.8 Variation of damping coefficient with speed for 
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increasing the radial or the angular stiffness of the bearings or bv 
reducing the mass or transverse moment of inertia of the rotor. Radial 
stiffness can be raised by increasing the plan area of the bearing 
reducing the clearance or raising the gas supply pressure. Angular 
stiffness is raised by all these changes and in addition by increasing 
the bearing spacing. The mass and inertia of the rotor can be reduced 
by such devices as changing the rotor material or replacing a solid 
snait by a hollow one. 

When considering conical synchronous resonance it is worth remem- 
bering that the thrust bearings can make a contribution to the total 
angular or tilt stiffness of the bearing system. This is not often large 
compared to that of the journal bearings but can become significant 
in short machines with large diameter thrust bearings 

While considering the dynamic properties of the thrust bearings it 
is important to check that the natural frequency of the rotor in the 
axia direction is well beyond the maximum operating speed. The 
axial resonance is defined by 

K 



Wl = ^ (92) 



where K A is the combined axial stiffness of the two thrust bearings and 
K A = 2-88 from Fig. 4.8. 

In some machines which either operate at ultra-high speeds or must 
operate on low gas supply pressures it soon becomes apparent that the 
design speed lies well beyond the natural frequencies of the rotor and 
possibly even beyond the half-speed whirl onset. Such instances arise 
m high-speed hand tools, textile spindles and some small, very high- 
speed drilling and internal grinding spindles. In these cases it is essential 
to introduce additional damping into the bearing system in order to 
withstand externally impressed vibration and shock loads and also to 
prevent the onset of destructive whirl. 

7.7 Rubber stabilized bearings 

One of the most effective and widely applied methods of increasing 
the damping in gas bearing systems is to mount the journal bearings 
resiliency on rubber. This method of suppressing the self-excited whirl 
ot high-speed rotors was discovered by Montgomery and Sterry 
(Ref. 19) at Harwell in 1956. Montgomery and Sterry used aerostatic 
bearings with the air fed through porous bronze bushes to support 
he shaft of a turbine rotating a mirror for a high-speed camera. Later 
the same method was applied successfully by Kerr at the National 
tngineenng Laboratory to stabilize aerodynamic bearings. Rubber 
stabilized bearings found widescale commercial use when the air 
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bearing dental turbine was introduced in 1963, and since that time their 
application has increased to include textile spindles, small turbo- 
ownpressors, high frequency motors for machine tool applications and a 
variety of scientific instruments. 

In almost all cases to date the rubber mounting has been applied 
in the simple form of two rubber 'O' rings surrounding the bearing 
bush. In addition to providing resilience and damping, the 'O' rings 
also serve to seal the air reservoir around the bearing. The method is 
so powerful that the simple introduction of the rubber 'O' rings more 
often than not completely eliminates the destructive effect of self- 
excited whirl and makes possible speeds several times greater than the 
whirl onset speed for rigidly mounted bearings. However, commercially 
available rubber 'O* rings differ widely in the type of rubber compound 
used, the hardness number, the percentage of carbon filler and other 
factors. The following information will be of help to the designer. 

The behaviour of rubber can best be explained by supposing it to 
exhibit a complex stiffness B 

S = A(w) e id <°>\ (93) 
where A is called the stiffness modulus and S is the loss angle. Both 
ts g," en by ^ dependent " The in -P hase or stiffness component 

5' = A(co) cos <5(a>), (94) 
and the quadrature or damping component is given by 

S" = A(co) sin d(co). (95) 

«d KKfi? gj a C s yCk Uni ' V °' Un,e ° f is gi ™ b * Pa >- 

energy loss = nA f A e sin 5, (9 6 ) 
where A f is the amplitude of the stress cycle 
and A e is the amplitude of the strain cycle'. 

blaring- * ^ ^ mUSt transmitted to the rubber through the 



A f cc eh 0 K (the radial force) 



and A 



cc 



ch n K 



— (the deflection produced in the rubber). 



Thus the energy loss per cycle is proportional to (eh a Kf ^ This 
ca,e?ih^ aSiS UP ° n W u Ch t0 COm P are differe "t rubbers. Itllso indi- 
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Property 


Rubber material 


Natural 


Butyl 


Niirile 


Silicone 


'Vitqn' 


Hardness range 












C BS) 


30- 100 


35-85 


40- 100 


40-85 


70-90 


loss angle at i\j c 


4-6 


9 0/26-5* 


6-0-9-0 


51 




Loss angle at 70°C 


3-4 


4-6 


5-1-6-3 


4-6 




Working iemp. ( C) 












Minimum 


-55 


-50 


-20 


-45 


-45 


Maximum 


+ 70 


+ 125 


+ 120 


+ 250 


+ 220 



* Stone and Andrews. 

After Payne and Scott, Engineering Design in Rubber (Maelaren, I960). 
Fig. 7.9 'O' ring material data 



A rubber with good damping will possess a high loss angle Fie 7 9 
gives data for some available rubber compounds used for 'O' rings 

kk" J 6 ", that the highest loss an 8' es are ach «eved using butyl 
rubber. Nitr.le and viton (data not available) rubbers offer better 
damping than natural rubber or silicone compounds. However the 
properties of rubbers are affected by several factors, the more important 
of which are F 

(a) hardness number 

(b) percentage of filler 

(c) temperature 

(d) frequency of vibration 

(a) Effect of hardness number Both stiffness modulus and loss angle 
tend to increase with hardness number. However, the important 
f sin <5 

factor — always falls with increasing hardness number indicating 

that soft rubbers are superior to hard rubbers. Data for natural rubber 
are shown in Fig. 7.10. 

(b) Percentage of filler Increasing the percentage of filler in rubber 
compounds increases the stiffness modulus. The effect on damping 
properties is still the subject of some doubt. 

(c) Effect of temperature Both the stiffness modulus and the loss angle 
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Fig 7.10 Variation with hardness number of the dynamic 
properties of natural rubber 'O' rings uynamic 



fall with temperature. However, the net result is a fall in ^ as shown 

viton and silicone rubbers have the best hi»h 7 f 0U " d that 
and can be apphed at temperalures U p t o 

^^^T'%^''TL rhe m ° dUlUS 0f 

Si on rubbers areL ly OT^ff^^^ 




Temperature ( C) 

Fig. 7.11 Variation with temperature of the dynamic 
properties of natural and butyl rubber 




Maximum speed: 1 10 000 rev mm 
Output: 0-35 ll.p. at 90 000 rev mm 



Fig. 7.12 High frequency motor with rubber stabilized air 
bearings (Reproduced by permission of West wind Turbines Ltd.) 
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sin S 



However, this does not often present a 



the reducing value of ^ 

practical limitation upon the use of rubber since in any one machine 
only one self-exated whirl is usually observed and for a constanTsuoplv 
pressure the whtrl frequency remains constant irrespec v of the 
otattonal speed. Thus the rubber needs to be effective at the whirl 
frequency but not necessarily at the rotational frequency which can 
be up to an order of magnitude higher. 

7.8 Characteristics of rubber stabilized air bearings 




Supply pressure (lbf/in 2 gauge) 
Fig. 7.13 Comparison of 'O 



rings at ambient temperature 
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until the onset of whirl was observed and for each rubber the test 
was repeated at several bearing supply pressures. Some typical resu 
are shown m F,g 7.13 in which the whirl onset speed is plotted again 
supply pressure for various rubber compounds. It was found tha at 
low supply pressures the whirl onset speed increased approximately 
w, h the square root of the supply pressure. This is whafone «£S 
tor rigidly mounted bearings since 



to, cc (K)* 

and approximately 



In this region the rubber is not effective since the gas film is not stiff 
enough to produce sufficiently large deflections in the rubber before 

?uC^^7i, betWeen th f Shaft - and the bearin S- However < for each 
rubber tested there existed a cr.tical pressure above which the rubber 

became effective and no whirl onset speed could be reached within 

the capability of the motor. The stability diagram for rubber-mounted 



destructive whirl 



■3 



o 



rubber stabilized whirl 



O 



no whirl 




Supply pressure (/».-/*J 

Fig. 7.14 Stability diagram for rubber mounted bearing 
systems & 
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bearing systems is shown in Fig. 7.14. Below the line AOB which is 
equivalent to the whirl onset boundary in a rigid system, no whirl 
exists. The critical pressure is shown by the vertical line OC To the 
left of OC the whirl is destructive since the rubber is non-effective 
To the right of the line OC and above the line OB the whirl exists but 
is contained at a small amplitude. For any one machine rubbers can 
be graded according to their critical pressure. For example, in the 
authors tests the data shown in Fig. 7.15 were obtained. It can be 



Rubber Compound 


Hardness Number 
(B.S. degrees) 


Critical Pressure 
(lbf/in 2 gauge) 


Butyl 

Nilrile 

Silicone 

Viton 

Nitrile 

Butyl 


48 
50 
60 
70 
60 
75 


8 
8 
18 
21 
24 
>60 



inVi ;„i, c U" ""T wmpanson oi rubber compounds 
in a high speed machine with rubber stabilized air bearings 

seen that the hardness number was more important than the rubher 
compound and that all compounds tested were effective tn their softe 
grades. It .s probably best to select the rubber on the bas of c emica 

g«ndin g sho y wed z irxs? " irarsi for sm f bore 

-,,-uc.ion „ m is Simple to Z^^^* 



— 
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whirl is stabilized, bearings of large clearance or supplied at lower 
supply pressures can often be used. In the future, bearings for 'O' ring 
mounting offer some promise of being available 'off the shelf in the 
way that bail bearings have been for many years. 

The list of rubber compounds mentioned is by no means compre- 
hensive and new compounds are constantly appearing. If in any doubt 
the designer is advised to contact the 'O' ring manufacturers and 
obtain full details of the rubber compounds available. 

7.9 Other methods of delaying whirl onset 

Stabilization by rubber is the simplest and most effective method of 
obtaining whirl stabilization over a very wide speed range. However, 
there are many methods of delaying the onset of whirl by a greater 
or lesser degree. Several of these methods involve the introduction of 
some asymmetry into the bearing with a view to forcing the shaft to 
run eccentrically in the bearing. It has been shown that the greater 
the quasi-static eccentricity the higher is the whirl onset speed (see 
equation (85)). The assymetry can be achieved in a variety of ways, 
such as by the use of unequal spacing or diameter of feed jets or by 
venting one side of the bearing to atmosphere by means of a hole or 
slot. At best these methods achieve only a limited increase in whirl 
onset speed and always at the cost of a loss in static load capacity in 
one direction. 

An effective method of eliminating self-excited whirl which can be 
applied at temperatures above or below those possible using rubber 
has been described by Sixsmith (Ref. 21). In this system the centre 
of the journal bearing is vented to atmosphere by a series of cavities 
with exhaust jets which are spaced symmetrically around the bearing 
between the feed jets. The whirl frequency can be tuned-out by adjust- 
ment of either or both the exhaust jet diameter and the cavity volume. 
Sixsmith successfully employed this method on liquefaction turbines 
for hydrogen and helium with the bearings operating on the process 
gas at temperatures below 50°K. The major disadvantage of the use 
of tuned cavities is the sacrifice of radial load capacity. Another 
disadvantage is the additional manufacturing complexity. However, 
Sixsmith's bearing offers the most effective method of whirl stabiliza- 
tion for use at very high and very low temperatures and in other 
applications where the use of rubber is precluded. 

Another series of methods of delaying the onset of whirl consists 
of introducing the feed gas tangentially into the bearing so that it is 
induced to swirl in opposition to the shaft rotation. This is achieved 
using tangential feed jets of slots. This method has been demonstrated 
(Ref. 22) to be effective in large clearance bearings but is of doubtful 
effect in small clearance bearings where gas inertia effects are small. 



CHAPTER 8 
SELECTION OF MATERIALS 

8.1 Properties required of gas bearing materials 

Much of the early research and development of aerodynamic bearings 
was concerned with the search for suitable combinations of materials 
for the bearing surfaces that would tolerate the rubbing contact which 
occurred at starting and stopping. This work has been reported widely 
and for detailed information on this aspect of materials selection the 
reader is referred particularly to References 11 and 12 There has 
been a tendency for this aspect to colour all thinking on the subject of 
matenals selection for gas bearings, whereas in most applications of 
aerostat, bearings there are several more important considerations 
The designer who rehes upon materials with low friction and anti-seize 
Properties to bestow reliability and long life upon his bearings will fe£ 
more often than he succeeds. The rubbing in the early experiments 
with aerodynamic bearings was limited to relatively light load and 

l7Zt7JLT ery l0W J PeedS " H ° WeVer ' When « aerostatic bearing 
s overloaded his inevitably occurs at a much higher loading and often 
at a very high rotational speed. It has been found thafvery few 

" erv sTah TT" ^ C ° nditi ° nS a " d e ™"* only occu 
»^af era ^ t0 be « in 

wJ r ? w eXCe , ption of ver y small machines and some applications 

I be^ T SPCedS . are ,0W th£ designer 0f -erostatif b a ng 
» be wise to assume that any contact between the bearing surfaces 

,n oWef 10 Se,ZUre ,: and t0 dCSign t0 avoid conta « occur fn^ Th 
involves ensuring that adequate load capacity exists to deal with 

devices Th™ r ' Aerostatlc tarings are essentially 'go~no go' 

fun "on I Z t tUnC "° n ,P errectl >' or - if da ™Se°> they will not 
a, all. In many appllcations thjs proper(y k ad% 4 (age ^ 
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provided that rectification is cheap and simple. It avoids a period of 
gradual deterioration in performance during which results are unsatis- 
factory but the cause of dissatisfaction is not apparent. 

The emphasis on rubbing properties has tended to focus attention on 
ihe selection of materials for the bearing bush and the shaft journal 
surfaces. However, m aerostatic machines it is important to select 
carefully the materials used for almost all the component parts In 
this connection the following factors must always be borne in mind. 

(a) Material stability All structural parts which can in any way 
influence the geometry of the bearing surfaces should be made from 
stable material in the fully stress-relieved condition. 

(b) Corrosion resistance All component parts which are in contact with 
the supply gas and exhaust gas must be corrosion resistant. Materials 
used in machines with air bearings must be corrosion resistant in damp 
air and have the smallest possible electrical potential difference. The 
designer is recommended not to use materials which differ in electro- 
chemical potential by more than 0-25 V. Values of electro-chemical 
potential for some engineering materials are given in Fig. 8.2. 
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Fig. 8.1 Properties of non-metallic materials 
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(c) Thermal expansion The influence of differential thermal expansion 
on the design of aerostatic machines is discussed in Chapter 6 It is 
wise to endeavour to match expansion rates as far as is practicable 
Where a prec.se matching is not possible it is necessary to study the 
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Fig. 8.2 Properties of metals and alloys 
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consequences in terms of changes of bearing clearances and the stresses 
arising over the anticipated temperature range. Some subsequent 
adjustments to mean clearances or structural features may improve the 
design compromise. F 

(d) Machinability Provided that the conditions of stability, corrosion 
resistance and thermal expansion have been satisfied the available 
matenal with the best machining characteristics should always be 
chosen. This is important because in most cases some difficult machin- 
ing operations are involved, and also because the problem of achieving 

J i\ P T'T "If*!? fin !. Shed Part is great| y ^PKned if the material is 
l H ° h f nd ' e ' Altho "gh not strictly 'machinability', under this heading 
shou Id also be considered ease of heat treatment and surface coating 
by plating or metal or ceramic spraying where appropriate. Unless 
here is a good case for trying a new material the designer is advised 
to use a material with which he is familiar. 

(e) Thermal conductivity It is advantageous in all high-speed machines 
to provide a low resistance path for heat to flow away from the bearings 
and any other heat sources such as electric motor parts. It is unfor- 
tunate that the stainless steels which are ideally suited to use in 
structural parts in contact with the gas supply are poor conductors of 
heat. Aluminium alloys are some ten times better than stainless steels 
and are useful for such parts as motor casings. However, aluminium 
alloys are not generally suitable for parts in contact with the supply 
gas due to their large negative electrode potential and the strong 
probability of electro-chemical corrosion. Values of the thermal 
conductivities of metals, alloys, ceramics and plastics are given in 
rigs. 5.1 and 8.2. 

With the desirable properties listed above uppermost in mind it is 
possible to consider in turn each of the major components of the 
aerostatic machine and to suggest some suitable materials. This dis- 
cussion is based principally upon the various alternative configurations 
shown in i Fig. 6.2 which can be considered for material selection under 
tour headings: 

(a) body materials; 

(b) bearing bush materials; 

(c) shaft materials; and 

(d) materials for thrust plates. 

8.2 Body materials 

The term 'body' denotes the main structural member of the aerostatic- 
machine which normally takes the form of a hollow cylinder in the 
bore ot which are located the journal bearing bushes. It usually includes 
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drilled holes through which the supply gas passes on its way to the 
bearing surfaces. The two most desirable properties of the body 
material are stability and corrosion resistance. It should also possess 
a high modulus of elasticity in order to minimize any distortion arising 
from fixing to a support structure or a machine casting. 

The most popular body materials are the stainless steels The 
austenitic grades are denoted by the number EN58 in the British Stan- 
dard Specifications. They have good corrosion resistance and are 
obtainable in free machining grades. They are not hardenable and are 
non-magnetic. The best corrosion resistance is offered by EN58J which 
is resistant to attack in marine atmospheres and is the only stainless 
steel used in surgery for implants in the human body. It is notoriously 

fi?« L ! n u, alth ° Ugh a free cuttin S S rade ( a ^lative term!), 

EN58JM, is available. It is generally only necessary to employ EN58J 

in machines lubricated by or handling corrosive gases or in machines 

for marine applications. For most purposes either of the austenitic 

stainless steels EN58AM or EN58BM can be used. The letter IvT 

st:^2r s and these tw ° materia,s are the 

Austenitic stainless steels have high coefficients of thermal expansion 
and this may present difficulties in some applications. According to 

f 1x?0 r 0n ^ e C ° efficient Can V3ry from ,6x '0-o/degC to 

x O */iof-Hn ,S ,rr S t0 a typical value of between 
10x10 /deg C and 1 1 x 10 6 /deg C for most shaft materials Thus 

the S't^hf 85 SteelS r e genera " y Suitab,e for » se - « 
the first two bearing configurations shown in Fig. 6.2 due to the large 

variations of end float which would occur with Variation of temper!! 
ure. However, EN58AM and BM are widely used in machines of the 
third or four configurations shown in Fig 6 2 mact ""™ of the 

800 A T50T i ?nr St t ainle . SS Sted , S Can bC StreSS relieved ^ bating to 
term sLbi. K°f £ the stress-relieved condition their long- 

(29 x \Tm/V) 8 ° d ' ThCy h3Ve 3 hi * h modu,us of elasticity 



■ 
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in the hardened condition. Its use should u 



by some means which avoids contact"? the exposed *J ce o T 

recommended to use stainless materials. g t,0ngly 

8.3 Bearing bush materials 

The traditional oil bearing bush materials, the bronzes have mm* 

r Swid ,7 aerostatic bearin8s - "™ 

easily old^ed or blazed so Z'Th ^ machined and 

and quickly rectified when damaged y 

hea,L g L a "y e wr f T " UP " maChinin « c »" be "S3 by 
.he a ^c; fi °caStUb r ro b „ze Ween "* ^ *" ^ °" 
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In some applications of aerostatic bearings it is necessary to make 
the bearing bushes as separate components which are inherently 
strong and stable. This may be necessary, for example, where the 
bearings are flexibly or resiliently mounted. In such cases it is usual 
either to make the bearing entirely from hardenable stainless steel or 
to make the bearing in two parts: an outer sleeve to afford strength 
and stability and an inner sleeve to provide wear resistance and anti- 
seizure properties. The second approach is often adopted in small 
high-speed machines. For example, the air turbine dental drill employs 
bearings composed of an outer sleeve of EN58AM stainless steel and 
a thin inner sleeve of sintered tungsten carbide. The shaft surface is 
flame plated with tungsten carbide and these surfaces will withstand 
m excess of 10 000 near instantaneous stalls from the full running 
speed of 500 000 rev/min with less than 0-000 1 in wear and without 
seizing. During development this performance could not be approached 
with any combination of metal bearing surfaces. Unfortunately 
however, the use of tungsten carbide bearing surfaces does not bestow 
comparable seizure resistance on larger machines due presumably 
to the greater kinetic energy to be dissipated. Another drawback is 
the high cost of large sintered tungsten carbide bushes. However 
arger bearing bushes can be flame plated in the bore provided that the 
length-to-diameter ratio is unity or less. 

In this connection it is worth noting that tungsten carbide and other 
ceramic materials can be sprayed onto metal surfaces by two processes- 
thermo-spray.ng and plasma spraying. The most dense, well bonded 
and seizure-resistant surfaces have been achieved using the thermo- 
spraymg process. The plasma process is more versatile in that it can 
spray a wider range of coatings onto a wider range of base materials 
It can also be applied with only a small rise of temperature incurred 
m the base material which avoids the problem of cracking due to 
phase changes as the base materials cool after spraying. For example 

'hi . / 7 ,ty iS encountered 1,1 thermo-spraying martensitic 
0 ardenable) stainless steels due to the phase change from austenite to 
martens.te which causes cracking in the sprayed coating even when the 
cooling occurs very slowly. This problem can be overcome by plasma 
WE 1 ! 0 ' , tter „ Stl " bC thermo - s P^y«ng onto an austenitic steel 

nZL, " ? erg ° a Phase Change - Details of m ^tal spraying 
processes can be obtained from Metco Ltd., of Chobham, Surrey 

I here are a few other seizure-resistant materials which can be used 

for bearing bushes on small aerostatic machines to provide good 

p^Trbo p th°r rti H es - The mo r wide,y - used matedai **** 

applied to bo h aerodynamic and aerostatic bearings is the DU material 

SS^elt I" 6 G ' aCier Meta ' C ° mpany Ud - This 
consists of steel back.ng supporting a porous bronze matrix impregnated 
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fntolt^ r iS available as flat stri P or rolled into split bearing bushes 
In the latter form it can be pressed into a steel outer sleeve The two 

S T dri " e u d radia " y and feed J et P'"gs inserted to eave 

Z ' *u U hC ? eanng < - b ° re - The bearin « ™« be diamond bor d lo 

snarl bro T ° f P - t f e / t0 CXp0Se a mottled which 
ct rt t br ; ze and P art Pt f e. This surface is extremely seizure 

S f T, he CXC T- P tf f mUSt be removed because w ith rubbing t 
tends to roll up and jam the bearing clearance 

With the journal jet plugs retained and sealed using high-temperature 
epoxy resin adhesive (e.g., C.I.B.A.'s Araldite), bearings with dL 
bushes can be applied at temperatures up to 150°C. The temperature 
range can be extended up to beyond 200T if the jet plugs are retauied 
by a solder with a melting point in the range 260-280°C However the 
soldering must be carried out with great care and not using a naked 
flame since p.t.f.e. burns, giving off toxic gases. 

a nnli P H th r mat n nal WUh seizure - resis tant properties which has been 
applied to small aerostatic machines is the Deva Graphite Bronze 
manufactured by Deventer-Werke GmbH of Allendorf, W. Germany 

ooroshv m H I' ' SintCred P ° r0US br °" ze matrix w ^ the 

porosity filled with graphite. It is easily machined although care must 

acKeZ -JV !? r3ther brittlC - ItS beSt rubbi "8 Performance is 
achieved against hard metal surfaces such as stellite. Deva bronze 

is not easily soldered and as fine holes cannot be drilled in it directly 
it is usually necessary to insert jet plugs which are retained by epoxy 
resin adhesive. The adhesive again limits the permissible operating 
temperature to about 150°C. g 

thIX? T n " mer ? u / other materi ^ with anti-seizure properties 
that have been tested for use m aerodynamic bearings. These include 

% r ?^f u f a P hltes and carbons, some containing molybdenum 
disulphide, which are manufactured by Morganite Carbon Ltd. 
lnese may find limited use in aerostatic bearings in view of their 
chemical inertness and ability to operate at temperatures up to 400°C 
However, they are difficult to machine and handle due to their brittle- 
ness i and tend to be less attractive than alternative materials for most 
applications. 

Very hard materials, including ceramics, are easier to apply to 
journal bearings with inlet slots than to bearings with jet feeding, since 
in the former case no radial drillings are required. Thus in applications 
involving corrosive fluids or high temperatures ceramic bearings with 
slot feeding will often present the most attractive solution. The use 
of silicon nitride in this type of bearing has been described by Shires 
and Uee (Ref 12). Silicon nitride is extremely corrosion resistant 
and can be used at temperatures up to 1 200°C. It has the great advan- 
tage of being machinable on a lathe in the green state. Dimensional 
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changes during firing are extremely small and any subsequent grinding, 
honing or lapping is minimized. The wear-resisting and anti-seizure 
properties of two silicon nitride surfaces are good and approach 
those of tungsten carbide surfaces under atmospheric conditions. 
Techniques for spraying silicon nitride onto a variety of materials 
have been developed by the Admiralty Materials Research Laboratory 
at Horton Heath, Dorset, to whom reference may be made for further 
details. 



8.4 Shaft materials 

The choice of materials for the shaft of an aerostatic machine is 
very wide. The need for corrosion resistance is limited to the journal 
surfaces only or the journal surfaces and thrust surfaces if a shaft 
with integral thrust runner is used. These bearing surfaces can be 
protected by a wide range of surface treatments, including plating or 
spray coating using the wire spraying, thermo-spraving or plasma 
spraying technique. 

The most widely used plated surface is hard chromium. Its properties 
and apphcations are familiar to most engineers and it can be applied 
to most steels including tool steels and stainless steels. In many 
applications the cheapest and simplest solution is provided by the use 
of a mild steel or low alloy steel shaft with hard chromium plating on 
the journal surfaces and a bolted-on thrust runner of hardened stainless 
steel or h.gh-chrom.um tool steel. In applications requiring a hardened 
tool location on the shaft ends a nitriding steel can be used which is 
mtrided on the tool location and hard chromium plated on the journal 
^k° eS ' ♦ ,S , 3n attractive combination because the nitriding 

££, j™^' S ! ablC due t0 the vcr y effective stress relieving 

which occurs durmg the nitriding process. The recommended manu 

factunng procedure is as follows: 

(a) Turn, screw cut, drill and tap, mill keyways, etc 

SIS pX^ depth (rough,y °- 01 in deep per 24 h ° f 

ESSmSST centres t0 remove nitrided surface from ** 

protected Chr0miUm ^ Shaft J0Urnal with all other surfaces 

(e) Finish grind shaft all over between centres. 

a nnl!vH r h hard . and co ; rosion " r esistant metal coatings which can be 
app l ed by plating or by wire or powder spraying techniques indude 

SttfSrtiS t m °' yb K denUm - A ^ of th«e may have adv ge 
particular applications but with the possible limited exception of 
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stellite they are unlikely to rival hard chromium for air bearings used 
at atmospheric conditions in a normal industrial environment 

steef shafts tV' feady bee " 7, ade ° f Spraying ceramic onto 
TZotl r . n ? rraal 'y on smaller machines where 

a degree of seizure resistance can effectively be achieved when two 
ceramic surfaces are used in combination. Normally the same ceramic 
is used for both surfaces since this limits the number of processes 
involved in the manufacture of the machine. Combinations ofdSfc^S 
ceram.cs have been used experimentally and may offer advantages in 
ome apphcat.ons. The most promising ceramic materials are tungst 

"mcaS. n,tnde ' a,Um,niUm Ch <~ 

vh^tZ a ^l t0 using 3 mild steel or low aI, °y steeI shaf t with 

plating to provide corrosion resistance is to use a corrosion-resistant 

to nrov 1^ 6 Sh3ft - S ° me Part ° f thC Sh3ft muSt 0ften hardened 
to provide wear resistance on a tool location and it is desirable for 

the journal surfaces to be hardened to minimize the risk of damage in 

to Mrn'ii 8 !. fin, r h maChining and aSS£mb, y- These fac tors appear 

EN 7 iIh °J mat ? nalS l ° the "WWW* rainless steels. The 

EN57 steels can offer only a limited hardness which is not suitable 

EN56 a steer Ch,n ^ ^ » ionS : The »teen percent chromium 
TJi t l u a / der , bUt / aVe inferi0r C ° 1Tosion resis tance. In 

Zrrl n f , ' f °u nd Preferab,e t0 use a high ^romium (seventeen 
percent) too steel such as Balfour and Darwin's SC45 or Firth Vickers" 

i^.H.M. steel. In normal industrial environments these materials have 
a corrosion resistance at least equal to that of EN57; they can be 
hardened to near sixty on the Rockwell C scale and are very stable 
LI a S f m u r harde . ned C ° nditi0n - The y are Particularly suitable 

Roth h f SHaftS % n lntemal taper 0r an inte 8 ral ^USt runner. 
Both these features are often required on shafts for internal grinding 
spindles and machine tool workhead spindles adapted to accept a 



In an increasing number of instances the designer is asked to produce 
high-speed machines, usually with air turbine or high-frequency motor 
drive, for a variety of scientific and industrial purposes involving the 
spinmng of mirrors, prisms, optical chopping discs and atomizing 
spray discs In the majonty of cases no loading is involved other than 
unbalance forces and the only requirement is that the rotor should run 
at a constant high speed or accelerate repeatedly to a high speed. 
There are often two special requirements for the materials of rotors 
in these machines. Firstly, it is usually desirable that the rotor should 
be as light as possible, and secondly (and this particularly if a hollow 
rotor is used to save weight), the dilation of the journal diameter at 
running speed must be limited to well below the journal bearing 
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clearance. The dilation of a hollow shaft can be derived from the 
following equation: 

J^{D*X-tD 2 + t 2 D 2 )> (97) 

where <5| is the increase in diameter, E is Young's modulus of the 
shaft material, p is the density of the shaft material, a is Poisson's ratio 
of the shaft material, co is the angular velocity of the shaft, D is the 

nominal journal diameter, / is the shaft wall thickness, and X = — 

3 + a 

and g is the acceleration due to gravity. Thus in choosing a material 
for hollow cylindrical rotors it is necessary to consider both the density 

E 

and the ratio of Young's modulus to density Fig. 8.3 lists these 
properties for some possible shaft materials. 



Material 


Poissons 
ratio* a 


Density, p 
(lb/in 3 ) 


Youngs 
modulus, E 
(lbf/in 2 
X 10 6 ) 


E 

P 

(lbf in/lb 
x 10 6 ) 


Aluminium 


033 


0098 


10 


102 


Aluminium alloys 


0-33 


0 095- 
01 02 


10-10-5 


103 


Magnesium 


0-29 


0062 


6-4 


103 


Magnesium alloys 


0-30 


0 063- 
0067 


6-4 


95-102 


Low alloy steels 


0-27 


0-283 


30 


106 


Stainless steels 


0-30 


0-286 


29 


101 


Titanium alloys 


0-32 


01 60 


15-18 


94-113 



Fig. 8.3 Materials for high-speed rotors 



Light alloys are often used for small high-speed rotors where rubbing 
contact of the bearing surfaces can be avoided. They offer the lowest 
E 

densities and - values as high as those of other shaft materials. The 

£ 

values of - for the materials tabulated show little variation. For 
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purposes of comparison the value for hard yellow brass is only 
forty-nine and for grey cast iron fifty. y 
It is also necessary to calculate the effect of dilation on interference 
fi s where these are employed on composite rotors. This is aS 
always the case ,n machines with high-frequency motor drive The 
dilation in the bore of a hollow shaft is given by: 

where 5 2 is the increase in the bore diameter, Y = ~ an d D, is 
the bore diameter. 
The dilation of a solid shaft is given by: 

_ pD'oj 2 

\6gEV (99) 

Youn^^nH 0 ) ° T be tak f n 38 °' 3 f0F m0St metals - Values of 
Young s modulus, density and Poisson's ratio are given in Fig. 8.3. 

8.5 Materials for thrust plates 

whV^tL^o! h r ad J ng induded n0t 0n,y the static thrust P^tes in 

also inn" 8 / 6 PaSSa f S and P ° CketS ° r gr00ves are for ™ d but 
also the thrust runner and spacing ring where appropriate. In each 

e Lr on ; n !, takes the form ° f a thin p iate with ^—us 

on 1 r' aU a [ e m COntact With the ^ as ,ub "cant either on 
outside surfaces or within internal drillways. The requirements are 
tor corrosion resistance and stability preferably combined with surface 

a^s^mWv Pr ¥!; Pr ? tecti0n . in hand,i "g duri "8 nnish machining 
2 f y ,' 6 T S L attract,ve materials ar * again the hardenable 
stainless steels or a high chromium tool steel. The latter is often 

thm plate ^ 8rCater StabiUty when used hard ened in the form of a 
When using hardened steel thrust plates the feed holes can be either 

in i a Pn °i 1° hardenin S or P rovid ed by inserting brass jet plugs 
into larger holes m the manner described for journal bearing bushes. 
However, as the jet diameter changes slightly in hardening, and drilling 
fine holes in even soft steel is considerably more difficult than drilling 
n brass it is normally preferable in bearings for use at atmospheric 

diameter ^ ^ P,UgS f ° r jetS Sma,ler than about 0 015 in 

In general, non-corrosion-resistant materials are not suitable for 
static thrust plates or spacer rings with their numerous internal holes 
through which the supply gas and exhaust gas flow. Mild steel and 

D.A.B. 
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other materials could be used for thrust runners provided that bearing 
surfaces were protected by plating, but there is little or no advantage 
in terms of performance, cost, or ease of manufacture to be gained. 

There are some instances where it may be preferable to use an 
austenitic stainless steel for the static thrust plates with hard metal 
or ceramic plating on the bearing surfaces. This may be necessary 
where brass jet plugs are undesirable due to high temperature or 
corrosion problems, or in small machines where it is necessary to 
provide a degree of seizure resistance on the thrust faces. In such 
cases it is always advisable to use a free cutting grade such as EN 58AM 
or EN58BM to facilitate the fine hole drilling. 

With care thrust surfaces can be manufactured flat to within one 
optical fringe (ll-6x I0" 6 in for helium light). This degree of flatness 
however, will not necessarily be retained under operating conditions 
since distortion can arise from the effects of changes in pressure and 
temperature. These effects can be minimized by care in design and 
materials selection. Static thrust plates usually incorporate an annular 
groove from which the supply gas is fed to the ring of jets or slots 
There is much inducement to minimize the thickness of material 
through which the jets are drilled and consequently there is a danger 
that when the supply pressure is applied the material can bulge to a 
significant degree. The problem is overcome by keeping the annular 
supply groove as narrow as possible and avoiding using a material of 
low modulus of elasticity. It is also advantageous to avoid using thin 
wall sections wherever possible, either by counterdrilling behind the 
teed jets or by using separate jet plugs. 

A problem of static thrust plate distortion is often met with in 
aerodynamic thrust bearings and could arise in aerostatic thrust 
bearings of low clearance. The heat generated in the gas film is partly 
conducted ax.ally through the thrust plate, causing an axial temperature 

IZ Z Jul V u t0 diSt ° rt the thrust face convex awards the 
gas film Although the gas flow in aerostatic bearings provides some 

cooling the a ter may not be sufficient to prevent distortion in bearings 
operating at high speeds. Materials which combine a high therm! 
conductivity with a low coefficient of expansion will distort the leTst 
Molybdenum ,s one of the best materials in this respect. Another 
approach ,s to insulate the back of the thrust plate to force most of the 
heat to flow rad.ally. Alternatively the plates can be made lightlv 
concave so that they become flat on warming up. This app oach 
however, is not recommended because not only are there Skies 
m design and manufacture but also concave thrust surfaces are p one 
to the aerostatic instability described in Chapter 10 P 

in e with "lb' ° f matCrialS aV r 3i,able t0 the engineer is instantly increas- 
ing with the appearance of new materials with improved properties. 
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it is hoped that a sufficient understanding will have teen Sine of fh^ 

of some materia Is are coloured by difficulties experience? n Tea 
treatment or surface treatments due to shortcoming in L 
or technique. However, these shortcoming m ^perf st and^o'rThK 
reason whenever possible materials should' be chos " wit whfch the 
designer has a background of good experience. In mate als for aero 
static machines this is of particular importance for examr 2 in Z\TJ 
to corrosion resistance and in relation to th abi g Tf m er ' in 
the hardened and tempered condition. materials in 
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MANUFACTURING METHODS AND CONTROL 

9 J Introduction 

The first action of the designer of an aerostatic bearing should be 
thoroughly to acquaint himself with the available manufacturing and 
inspection processes particularly in relation to their limitations of 
capacity and accuracy. Whilst every effort should be made to improve 
manufacturing techniques and to incorporate any proven refinements 
into the bearing design, it is wise not to anticipate such improvements. 
The most successful designs are likely to evolve from a close colla- 
boration between the bearing designer and the production engineer. 
The designer then appreciates better the difficulties of manufacture 
and inspection and the production engineer understands that significant 
improvements in bearing performance can result even from an 
apparently marginal improvement in the geometry of the bearing 
components. 

No unique manufacturing processes are involved in the production 
of aerostatic bearings and most engineers are familiar with the machine 
tools and techniques which must be applied. However, it is essential 
to think clearly about the desired result of each stage of manufacture 
in order to ensure that the available equipment is applied in the best 
possible way. For example, the fact that an aerostatic bearing defines an 
extremely precise axis of rotation should never be overlooked and 
many processes can considerably be improved in terms of geometric 
accuracy by rotating the workpiece, the cutting tool or both on 
aerostatic spindles. 

9.2 Geometric accuracy 

Before discussing particular manufacturing processes in relation to 
the production of bearing components it is useful to consider the 
various features of geometric accuracy which are sought and the 
methods by which they can be measured. The principal features to be 
considered are 

(a) absolute size, 

(b) parallelism, 

(c) roundness, 

(d) straightness, 
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(e) concentricity, 

(f) squareness of faces to axis of rotation, 

(g) flatness, and 

(h) surface finish. 

These are illustrated in Fig. 9.1. 
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(a) Absolute size 
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waviness 
(b) Parallelism 



bell mouthing 



barrelling 




ovalily 




irregular 
(c) Roundness 



lobing 




swash angle 



(e) Eccentricity 



(fj Squareness 







convex 




Talysurf trace with high 
vertical magnificalion 



concave flat bowed 

(g) Flatness (h) Surface finish 

Fig. 9.1 Features of geometrical accuracy 

(a) Absolute size While most engineers are very familiar with the 
concept of absolute size and are constantly using measuring instruments 
such as micrometers it is not generally appreciated that as all engineering 
measurements are relative, absolute size is seldom known to the degree 
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of accuracy which the number of digits after the decimal point leads 
one to assume. For example, although it is possible to read a vernier 
micrometer to 0 000 1 in (a tenth of a thou), it is doubtful if when all 
sources of error are considered absolute sizes can confidently be 
established under average workshop conditions within better than 
0 000 5 in. However, the relative sizes of two components measured 
at the same temperature and differing by 0 000 5 in can be established 
to within about 0-000 1 in. Gas bearing components need to be 
measured to a higher degree of accuracy than is met in general engin- 
eering and as a result the importance of understanding the difference 
between absolute size and relative size is even greater. 

The finished sizes of gas bearing components cannot generally be 
established with sufficient accuracy by mechanical devices such as 
micrometers and instruments employing dial gauges. High magni- 
fication instruments such as air gauges and electronic comparators 
employing inductance probes are more suitable. Air gauging equipment 
is manufactured by Mercer, Solex, Sigma and Teddington and electroni 
comparators by Mercer and Rank Taylor Hobson. In each case the 
instruments are set up relative to setting gauges such as precision 
slips (preferably tungsten carbide for durability and low thermal 
expansion) or specially manufactured plug or ring gauges. The difti- 



instrument error i20uii 




duMKliK.il clojrjMCC ' ll>> inn 





instrument error +20 uin 

Fig. 9.2 Measurement of journal bearing clearance bv 
auemptmg to establish size of the journal diameter and 
ocanng bore diameler 
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culty of establishing absolute size is again emphasized by the fact 
that even with certification by the National Physical Laboratory the 
sizes of plug or ring gauges are usually at best given to not better than 
± 30 uin. 

Fig. 9.2 helps to indicate the difficulty in controlling bearing clearance 
by attempting to establish the absolute sizes of the journal diameter 
and the bearing bore diameter. The figures given are typical for good 
conditions with temperature control, certificated reference gauges high 
magnification air gauges and adequate thermal soaking of the 'com- 
ponent parts. It can be seen that the accumulation of errors leads to a 
significant degree of doubt concerning the diametrical clearance in the 
bearing. When a manufacturing tolerance is added for each component 
it soon becomes apparent that two nominally identical bearings could 

e rn'nn lffCr clearance b y U P to fift y P erc ent of a total design clearance 
of 0-001 in. Selective assembly eliminates one manufacturing tolerance 
but the problem remains particularly in relation to bearings of smaller 
clearance. 

In practice it is necessary to combine measurement of the component 
parts with a measurement of the bearing clearance. The simplest 
and often the most convenient method is to measure the 'mean effective 
clearance' between the shaft and the bearing by measuring the total 
free radial movement of one component relative to the other. One 
arrangement by which this can be accomplished is shown in Fig 9 3 




shaft 




Provided thai shall and probe arc rigidly supported and lhal only light 
pressure is applied lo the bearing sleeve, ihe mean ell'etiive clearance 
can be obtained from tljc change in meter reading as ihe bearing i* 
raised and lowered. 



Fig. 9.3 Measurement of mean effective clearance 
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but there are numerous other methods. The figure shows a single 
bearing sleeve but where two bearings are rigidly located in a single 
body structure the same basic method can be used or the total radial 
movement of each end of the shaft can be measured from which the 
clearance of each bearing can be calculated. The mean effective 
clearance measurement should always be used in combination with 
other measurements of component sizes and geometry. If the geometry 
of the two components is good in terms of roundness, straightness and 
parallelism the mean effective clearance measured will be close to the 
true total clearance. However, the measured mean effective clearance 
will always be less than the true clearance and the difference will 
increase with increasing geometric errors in the components. When 
measuring the diameter of the bearing bore and the journal diameter 
it is necessary to take numerous measurements spaced both circum- 
ferentially and axially in order to find realistic mean sizes. The varia- 
tions in these measurements provide some indication of the geometric 
accuracy of the components although one must be cautious of forming 
wrong conclusions on this basis. If little variation is found in either 
component it is likely, though not quite certain, that the measured 
mean effective clearance closely approaches the true clearance in the 
bearing. The error in the mean effective clearance measurement is 
of the order of the error in the measuring instrument plus the sum of 
the variations in the diameters of the two components. This error will 
usually be less than the error in arriving at the clearance from the 
dirierence in the measured component diameters 

Measuring the airflow through a finished assembled bearing provides 
an accurate comparative method of checking the effective clearance 
The method is very sensitive and gives close control of clearance even 
vuth relatively inaccurate flow-measuring devices. Variable-area 
meters are convenient to use and give an accuracy of + 2°/ It is 

co e Zll?H 1° enSUrC ?? th u C bCaring is SU PP ,ied at an" accurately- 
controlled pressure and that the pressure and temperature at the airflow 

Trr nV S with the calibration requirements. A suitable 

arrangement is shown in Fig. 9.4. 

senina n t L the thri i $ ! beadng C ' earance can be somewhat easier than 
Ra J °, Ur „ nal ^ " ng C ' earance in desi 8" s of the type shown in 

hfeflS g ' 6 u- , HerC thC t0tal Clearailce of two thrust bearings 
u r ^ethick" 1C fT S b6tWeen tHe SpaCer Hng and the thru! 
am" nstr .mini 7 ? tW ° com P onen ts can be measured on the 
eadl,f iT at I* 16 Same Setting 50 that the difference in the 

? n m g S 7 n tow, thm the accuracy of the instrument. Using a 
high magnification air gauge or an electronic comparator the error 
could I be below 20 uin. It is also comparatively simp! to me sure 
the free axial movement or 'end float' of the assembled mac™?" to 
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change-over valve 



set flowmeter pressure 



Fig. 9.4 Measurement of airflow provides a production 
control of bearing clearances 
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provide confirmation of the total thrust clearance or to investigate 
the accuracy of the assembly. 

(b) Parallelism It is possible to check parallelism by the means used 
to measure the absolute size of the component. If the diameter of a shaft 
or bearing bore is measured at several points axially spaced in one 
radial plane the difference in the readings gives the parallelism error 
m that plane. The process should be repeated in several radial planes 
it a true impression of the parallelism of the component is to be 
realized. 

The most common parallelism error is the bell mouthing of bearing 
bores which have been finished by honing or lapping. Measuring the 
bore using an air plug gauge is a simple and effective means of checking 
for bell mouthing. Another parallelism error which is sometimes 
encountered is the barrelling of shafts. This error occurs in long thin 
shafts due to flexure during the grinding process. It is usually traced to 
a loaded and glazed grinding wheel which because of its low coefficient 
ot friction will grind only with a high radial load between the wheel 
and the shaft. 

Parallelism must not be confused with straightness which cannot be 
checked by size measurements. It is possible for a component to be 
parallel but not straight, like railway lines on a curve in the track. 



7« 
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(c) Roundness Three forms of roundness error are shown in Fig. 9.1(c). 
Some indication of ovality and irregularity will be indicated by several 
measurements of diameter spaced radially around the component in 
an axial plane. However, if no variation in diameter is found it is 
wrong to assume that the component is round. The component can 
be badly lobed and still indicate a constant diameter. Three lobes are 
frequently encountered in bores and the error can often be traced to 
holding in a three-jawed chuck at some stage of manufacture and not 
necessarily at the finishing operation. 

Measurement of roundness is essentially a measurement of radius 
and the roundness error is the difference between the minimum and 
maximum radii measured in one axial plane of the component. Round- 
ness measuring instruments are available and the best known is the 
Talyrond manufactured by Rank Taylor Hobson Ltd. Another 
instrument employing a reference axis defined by an aerostatic bearing 
was developed at the National Engineering Laboratory and is manu- 
factured by Optical Measuring Tools Ltd. Both of these instruments 
are capable of detecting roundness errors down to a limit of about 3 pin. 
They are also capable of measuring surface finish and the familiar round 
paper tracings produced provide a permanent record of both quantities. 

Achieving a high order of roundness is seldom a major difficulty in 
the production of aerostatic bearing parts. On a cylindrical grinding 
machine equipped with aerostatic wheelhead bearings shafts ground 
between dead centres are usually round to better than 10 pin and with 
care can be better than 5 pin. A similar degree of precision can be 
achieved in the bores of workpieces rotated on an aerostatic workhead. 

(d) Straightness Of all the qualities required in aerostatic bearing 
components straightness is probably both the most difficult to produce 
and to measure. Traditionally the measurement of the straightness of 
both bores and outside surfaces has been achieved by means of an 
autocolhmator technique. Light is reflected from a small mirror 
mounted perpendicularly to the axis of the component and moved in 
turn to several axial positions along the component. Deviations from 
a straight line in the progression of the mirror are indicated by vertical 
movements of the reflected light. This method is somewhat lengthy 
and tedious. 6 3 

A straightness measuring machine which is both accurate and 

R - V i ^7'V°. USe W3S devised ^ Tem P esl and M "nday of 
Bns ol S.ddeley Engines Ltd and is shown in Fig. 9.5. The machine 

from7h a " ° r pt,Ca, r fla 1 t as a refere » c e surface with air gauge jets reading 
from the surface of the optical flat and the surface of the component 
J he second air gauge jet is mounted on an arm to permit traversing 
through bores. For ease of operation and the elimination of stick-slip 
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air gauge 
probe 




Fig. 9.5 Straightness measuring machine developed by 
Tempest and Munday 



effects the gauging heads are mounted on a carriage which traverses 
on an aerostatic slide composed of a half journal bearing and a flat 
bearing. This machine can be used to check the straightness or align- 
ment of two journal bearings and this is a most important consideration 
in aerostatic machines. 

(e) Concentricity In the construction of aerostatic machines it is often 
necessary to ensure concentricity between two diameters. This is 
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certainly necessary where two bearings of unequal diameter are 
employed. More commonly it is necessary to ensure that a tool or 
collet location is concentric to the journal surfaces. Concentricity 
can be measured using a roundness measuring machine but recourse 
to one of these is seldom essential. Since one diameter is invariably a 
bearing surface it is usually a simple matter to support that diameter 
m its aerostatic bearing and to monitor the rotation of the other 
diameter using an air gauge or an electronic comparator This is an 
especially simple and effective procedure in the case of tool or collet 
locations on machine tool spindles where the diameters in question 
can precisely be checked by rotating the assembled spindle by hand. 

(f) Squareness of faces to axis of rotation In all aerostatic machines it 
is essential that both the rotating and static thrust faces are square 
to the axis of rotation defined by the journal bearings. Since the shafts 
are normally ground between centres it is usually sufficient to check 
the run-out of the faces of the thrust runner with the shaft supported 
between centres Once again an air gauge or an electronic comparator 
tan be employed and swash down to below 20 uin total indicated 
reading can be detected. 

The measurement of the squareness of the static thrust faces usually 
requires the construction of a special fixture. A typical arrangement 

bled ?"h 5 ?t , 96 - T u G Spind ' e b ° dy With thejournkl bearings asTem- 

f ed so thaHi! h'n 6 b ° re " PlaCCd ° n 3 Sh3ft With a ce » traI air 
bearin es th T h h\n * ,s tl 8U P? rted radia,| y and axially on aerostatic 

nrnhl n; 7 f * tha " be r ° tated ^ b y hand - An air gauge 
probe or an inductance probe monitors the swash of the upper face 



air gauge probe or 
inductance probe 




- static thrust face or thrust 
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eeond thrust lace, thrust plate 
local ion, face, or square 
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aerostatic thrust bearing 
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Fig. 9.6 Measurement of squareness of static thrust 



faces 
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of the body as it rotates. It is necessary for both faces of the body 
to be ground square to the bore to enable the measurement to be made 
However, the error in the lower face is reduced by at least a factor of 
four by the averaging effect of the aerostatic thrust bearing and does 
not confuse the measurement of the upper face. If the lower face is 
also checked by up-ending the body and repeating the measurement 
it soon becomes apparent which face, if any, is in error. Again the 
limit of detectable swash is below 20 uin total indicated reading. 

(g) Flatness It is always necessary to ensure that the thrust surfaces 
are flat, not only to provide the optimum bearing performance but 
also to provide some means of checking for distortion due to fixing 
stresses or stress relieving effects. Optical flatness measuring devices 
are widely used and are comparatively inexpensive. The surface to be 
checked must be clean and polished so that light is reflected. An 
optically flat glass plate is placed on the surface. When illuminated 
by a monochromatic light source such as from a helium-filled tube a 
flat surface is distinguished by a series of parallel dark lines called 
interference fringes. If the fringes are curved the surface is not flat 
and the flatness is graded according to the number of fringes cut by 
a straight line across the component tangential to a fringe. Each 
fringe represents an error in the surface of half the wavelength of the 
monochromatic light. In the case of helium light with a wavelength 
of 23-2 uin each fringe represents an error of 1 1-6 uin. 

Prior to assembly most thrust plates can be checked using a large 
round optical flat. Optical flats of narrow rectangular section are 
useful for checking assembled parts or the faces of a thrust runner 
manufactured integrally with the shaft. After assembly a flat plate may 
be distorted by fixing stresses and this is immediately apparent from 
a flatness check. 

Flat plates are usually produced by surface grinding followed by 
lapping. It is interesting here to note that on surface grinding machines 
in good condition, and equipped with an aerostatic wheelhead, small 
plates can be ground flat to better than one optical fringe. Subsequent 
lapping is reduced to a light polishing operation to improve the light 
reflection and facilitate the flatness measurement. 

(h) Surface finish Surface finish is seldom a primary consideration in 
the manufacture of aerostatic bearing parts. However, a good surface 
finish is almost always produced by the means employed to ensure 
good geometry. Where necessary surface finish can be measured using 
a Talysurf machine manufactured by Rank Taylor Hobson Ltd. The 
value normally obtained is a centre line average (c.l.a.) of the small 
irregularities of the surface expressed in uin. Surfaces ground with 
wheels supported on aerostatic bearings will almost always be better 
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than 3 Min c.l.a. Subsequent honing or lapping operations produce 
further improvements. K 

9.3 Manufacturing techniques 

rh^w d cK. USS ^ ,' he V , arious reatures of 8 eometric accuracy and 
he methods by which each can be measured it is possible to proceed 

order Z $ °™ ° f '"u m ™ ur *«»™S techniques by which a high 
order of accuracy can be achieved. It is not intended to dwell on 

«v"Z ,h 'T ° Pe f "° nS SUCh 35 * urnin 8 and milli "« except to 
say that the workp.ece should always be held in such a way that stress 
and distortion are tmmmized. Large geometric errors introduced ear y 
n manufacture can often be difficult to eradicate later through requiring 
an excess.ve amount of material to be removed during the fimsh „? 
operations. Cooper (Ref. 23) has observed that the errors of earlv 

d^rc^ 

« usually determined by the grinding operation lZZZlZZ r Sl 

KLri " eSt meCha,,iCa ' COndi,io " *» " employed I 
pro' 3" The'co ft-TP »" g °° d -ndubnand 

requires light cu s at all fi ' J. ^ T"'" 8 ° f hard <*">miu m plate 
•^*^^&ZZZ£2» burning and the 

is If sot: tp e : s r.°a„ce e aX^t r ding the grindi ^ •»«*** 

•he component in its fixture a° se, no A* h"" . the ' 0Cali ° n of 
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dry dressing of grinding wheels be carried out in the vicinity of the 
grinding machine. 

When grinding shafts between dead centres the roundness is deter- 
mined by the quality of the centres. It is more important to use small 
centres in the workpiece than to grind or lap the centres, although 
both are beneficial. The male centres on the machine must always be 
in good order. Roundness is also influenced by the precision of the 
wheelhead bearings and aerostatic wheelhead bearings are very good 
in this respect. The roundness of bores is determined by the quality 
of the workhead bearings and here again improvements result from 
the use of aerostatic bearings. On any precision grinding machine in 
good condition and fitted with aerostatic bearings on the workhead 
and wheelhead it should be possible to grind both internally and 
externally round to within a 5 uin annular zone. The straightness and 
parallelism of the workpiece is dependent upon the precision of the 
slideways but on most machines in good order errors should not be 
greater than 100 uin/ft. 

(b) Honing and lapping Ideally these operations should be used only 
for the final bringing to size, with some improvement of surface finish 
and with the removal of less than 0 000 1 in of material. If there are 
local errors of this order to be corrected (such as lobing, taper or 
waviness) lengthy and careful work is needed. Extra time spent on 
grinding operations, ensuring the generation of true surfaces which 
educes the amount of correction by honing or lapping, is time well 
pent. In quantity manufacture it is essential to keep the time spent 
n these skilled finishing operations to a minimum. 
Honing and lapping are complementary: on cylindrical components 
honing is effective in removing lobing but lapping is better for removing 
waviness and taper. Flat surfaces are finished by lapping. 

Honing can set up cavitation on certain materials such as hard 
steels. The cavitation originates in surface defects, usually grinding 
flecks, which enlarge to cavities and the debris produced damages the 
surfaces being worked. Materials which suffer from cavitation must 
be finished by lapping. Many materials do not cavitate during honing 
and these include brasses and bronzes, hard chromium plate and 
stainless steels. 

Wet lapping is useful for stock removal but, if prolonged, leads to 
the degradation of the accuracy of all edges due to hydrodynamic 
action. Abrasive can also be carried to operate on surfaces at a different 
level from that intended to be cut. Dry lapping is superior for finish 
and accuracy but the lap must be soft and free from hard particles. 
Cooper recommends lead in preference to cast iron since the cast iron 
contains hard particles which scratch the work. Lead laps are useful 
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for thrust bearings with surface features and for aerodynamic bearings 
of the p,voted I pad type. However, full cylindrical journal bearinf 
are probably best finished using solid cast iron laps in spite of their 
hortcommgs. These can be finished to a high order of accuracy and 
are less eas.lv -damaged than lead laps. Expanding laps can be used 
to cover a wider range of sizes but are not as accurate as solid lans 
Provided that the lapping is kept strictly to a minimum and the 
material removed is less than 0-000 1 in in diameter, in quant ty 
manufacture ; most aerostatic bearings can be finished by wet lapping 
using a solid cast iron lap. This method is particularly useful for 
finishing two journal bearings precisely in line. 

\tfJA^ int i 0H " 8 A 1 6ffeCtive method of finish machining two 

bore of a earner which is itself supported in aefostatic bearing W ,„ 
the body rotattng at 2 000 rev/min for a 1-75 in bore the bear ng^ e 

b ?sJ T S I Smg ' e point diamond ««ol- A .eoond34n 

wo?s p : r re: s o eot i dta 8 ble p ^ , borin ^ r process using - ««wfc 

static ^ n ;^;^x^l^t p ~ «*» 

siderably simpler Quicker an H 1 J, : e process ,s con " 

ing and Eft ^ ^ 

9.4 Other manufacturing processes 

big": SrS^^^JW 6 ' re « aired «» ensure a 
few o.her technics whS whde no l^"" 8 , Surfaces lhere are a 
production, are neverthe ess som,! ,, , q ^ '° aeros 'atie bearing 
■ban in genera, JESS «S """^ " SpeCialized her ' 
These techniques include: 



(a) the production of fine jets 

(b) the production of fine slots 
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(c) machining ceramic materials 

(d) dynamic balancing. 

(a) The production of fine jets The oldest and still the most widely 

Z 2< n°H d ° f r dUC !r g , h0leS iS by means of a rotating drih and 
th method can be used down to very small diameters. Steel twist 

d s are available down to 0-1 mm (0-003 94 in) diameter and p vo 

bv MiZ 11 03 mm (0 ' 0 °„ 1 2 in) diamCter - These dri,ls ™ Produced 
by Mu. Her on a common shank diameter of 1 mm and cost only a 

of 2 000 SoLr^ • W t h£n C ° rreCt,y , aPPlied they Ca " P roduce j " " " 
t« I h i / 6 m CXCeSS ° f 500 per hour - However, in order 
to achieve this performance the following factors are essential. 

(i) The material must be free cutting, preferably brass. 

(ii) The depth of drilling must be minimized by counter drilling at 
a larger diameter. Preferably the depth of drilling should not 
exceed three diameters. 

(iii) The run-out of the drilling spindle bearings and collet must be 
very small, preferable below 0-000 1 in. 

(iv) The optimum drilling speed depends upon the drill diameter 

Tn nno * "J* 6 "* 1 dri,led but is often in the ™ge 20 000 to 
60 000 rev/mi n. 

(v) The feeding of the drill must be very smooth and a hydraulically 
controlled feed is superior to manual feeding. 

fnifi| d H rill . in ! Ilf ad h3S bCen deve, °P ed by Westwind Turbines, Ltd., to 
dr ven hvf f re K S uireme nts. The spindle runs in aerostatic bearings 
of the hi a,r . turb,ne * s P eed ^ «P to 120 000 rev/min. The run-out 
of the bearings is negligible and the collet runs true to 0-000 1 in A 

^wS^r P ;° VidCS ! hC f£ed Which is smoothed and controlled 
by a hydraulic cylinder coupled in series. With units such as these the 

drilling of fine holes in free cutting materials becomes a fa and 
inexpensive process. 

difS 6 har l materia,s must b e used the production of jets is more 
difficult and this is one reason for choosing slot feeding where, for 
example ceramic materials are employed. However, fine holes can 

holt nf nnnf am ,' CS a " d 3t fair,y high P roducti on rates. For example, 
holes of 0 006 in diameter are drilled in the tungsten carbide bearing 
bushes on a machine designed for drilling watch jewels. The bearing 
bush » vibrated at high frequency in a vertical plane under a wire of 
0-006 in diameter rotating at 100 000 rev/min. Fine diamond paste 

ninHi / , C W ' re u CnableS h rapidly to Pirate the ceramic. The 
spindle rotating the wire on this machine also runs in aerostatic 
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Spark erosion can also be used to drill holes in ceramics and other 
hard materials. At the time of writing the smallest possible hole 
diameter is in the region of 0 01 in but smaller holes may become possible 
in the future. Another possibility for the future is the application of 
the laser provided that cost does not remain a barrier to its wider 
utilization. 

(b) The production of fine slots The production of fine slots should not 
present severe problems provided that the slots are formed at the 
abutment of two bearing parts. The most obvious method is to surface- 
grind the slots into one of the abutting faces. Alternatively the slots 
can be produced by one of the methods used for machining shallow 
grooves on the faces of spiral groove aerodynamic thrust bearings 
These methods include photo-chemical etching and powder blasting 
both of which can be controlled to produce shallow features and 
therefore very fine slots. In the case of ceramic materials the most 
practical method is to produce the slots by surface grinding using a 
diamond wheel. Powder blasting is possible only if a ceramic powder 
can be found which will abrade the workpiece. Aluminium oxide 
powder is commonly used for powder blasting and this will abrade 
most other ceramics but the rate of material removal may be unpracti- 
cally slow in some cases. F 

(c) Machining ceramic materials Although some ceramic materials, 
notably silicon nitride, can be turned on a lathe in the 'green' state 
prior to hrmg, machining ceramic is most often a matter of grinding 
the fired material using diamond impregnated wheels. In this con 
m.nH?H Prostatic wheelhead bearings is strongly recom- 

5 rh \ T I™' . r ° tat,0n e ' 1SUreS fu " utiliza t'on of the periphery 
a " d P ro ' 0 "g s the wheel by up to fifty percent compared 
to that achieved with conventional spindles. Diamond wheels are very 
expensive and consequently the saving is a vital factor in the econom c 
manufacture of precision ceramic components. Bearing surfaces can 

lap mfpas I ZfT" St0nes ° r ***** »*ing *ZZ 

lapping paste. All these processes utilizing diamond tend to be 

expensive and ceramic components should therefore be designed for a 
minimum of machining in the fired condition. 

(d) Dynamic balancing The last manufacturing process on a roror 
prior to as^mbly, and often subsequent to a'ssemb y is dynamic 
balan mg. Provision should always be made in the design of the rZr 
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dril" CaSi " 8 ° f maChine ° r " y remOTi "8 by neat 

The object of dynamic balancing is to attempt to make the mas, 
axis of the rotor coincide with its geometric axis The geometric ax 
s defined by the cylindrical journal surfaces, and so, in ord? hat the 
rotor ,s balanced about the correct axis, it must be supported n ae o- 
nrol tT ' 0C T e °" ' heSe j0Urnal surfaces during the balancing 

wZrl J S,mP ' eSt I 0 ' 1 "'' 0 " is 10 balance the a ^"bled machine 
Where this .s not poss.ble, due to the inaccessibility of the roto a 
peca balancng fixture should be made. This should incorporate 

L mach!n:'h 8S f 0r,he "T len£th and diameter as *™ employed n 
the machme but can employ a larger clearance together with larger 

hah, 171 M Je,S H° r S '°'r- The ba ' anci "8 fixture should be kep 8 a 
light as possible and can often be made of light alloy 

The balancng can be carried ont on any commercial dynamic 
balancng machme which has been adapted to carry either the com- 
plete machme or the balancing fixture. A wide range of balancing 

Xn ni,l':r a '' ab ' e -H m0Sl High Se " Si,ivit * and the fi"al s lee i'on 
Some COnS ' deral \ ons of adaptability and ease of operation. 

, " W ' de ra " ge ofwork and are id "l for research 

and development purposes. Others are more limited in capacity but 

bache, ° f ° Pera " 0n SUi ' S them f0r ,he ra P' d P™ d ^tion of large 
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THE PROBLEM OF AEROSTATIC INSTABILITY 

10.1 Introduction 

A most important consideration in the design of any gas bearing 
system is to ensure that it is stable. If it is unstable, it is clearly of 
little value to study other aspects of the design until the instability has 
been eliminated. Designed with no consideration of stability, a sub- 
stantial proportion of aerostatic journal bearings and the majority of 
aerostatic thrust bearings would probably exhibit self-excited vibrations 
which occur at all speeds including standstill. These vibrations are 
usually audible, often loudly so, and can also be detected by touch. 
They have been called by several names, including 'air hammer', 
'pneumatic hammer', 'self-excited resonance' and more popularly 
'moan'. There are probably two or more distinct types of instability 
which can be identified, but for the present purpose the term aerostatic 
instability is taken to include all self-excited vibrations of aerostatic 
bearings which can occur independently of relative rotational movement 
of the bearing surfaces. 

The basic mechanism of aerostatic instability can be described with 
reference to Fig. 10.1 which shows a cross-section through a circular 
thrust bearing with central feed hole and pocket. Under steady load 
conditions the flow into the pocket /;;, is equal to the flow out of the 
pocket m 2 . Thus if the upper plate is loaded the bearing clearance is 
reduced which in turn reduces m 2 and m u causing the pocket pressure 
Fa to rise to support the increased load. If the upper plate is forced 
to execute sinusoidal vibrations about its equilibrium position, as shown 
by the variation of;- with time r in Fig. 10.1(a), and if the condition 
'"' ~ "'2 were to persist throughout then the resulting change in 
pressure 6P 4 would be 180° out of phase with y as shown in Fig. 10 1(c) 
This is a condition equivalent to a mass vibrating on a spring in the 
absence of damping. However, in practice two other effects are mani- 
fest which result in the flow into the pocket no longer necessarily being 

S t0 fii r t -? f thC P ° Cket 3t any given instant " First| y' the 
squeeze him effect influences the flow out of the pocket, reducing the 

flow as the plate falls. The pressure changes arising from this effec 

SamnT tT * ^ ° f thc UPPCr P ' ate a » d P rovide P«* 

fih 7 a L a, ° ne \ hC PreSSUre Chan 8 es arisin 8 from squeeze 

him action are represented in Fig. 10.1(b). It can be seen that the 
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Fig. 10.1 Aerostatic instability in a simple thrust bearing 



effect of this pressure variation is to resist the motion of the plate. 
When the plate is falling the pressure is positive and when the plate is 
rising the pressure is negative. If no other effect were present in the 
bearing apart from the quasi-static stiffness and the squeeze film 
damping, the bearing would always be stable and vibrations would 
die out when the forcing ceased. However, a second effect which causes 
instantaneous inequality of flow into and out of the pocket tends to 
reduce the damping and can lead to instability. The finite volume of the 
pocket ensures that the pocket takes a finite time to fill and to empty, 
and as a result the pocket pressure variations tend to lag behind the 
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movement of the upper plate. Taken alone this effect produces a 
pressure variation as shown in Fig. 10.1(d). The effect of this pressure 
variation is to drive the vibration. The change in pressure is positive 
when the plate is moving up and negative when the plate is moving 
down. This action is opposite to the squeeze film damping and 
represents negative damping. 

If the pocket volume effect is greater than the squeeze film effect 
the net damping .n the bearing is negative and the bearing is unstable 
Following a disturbance from the equilibrium condition a vibration 
of increasing amplitude develops. Only a minute disturbance is 
required, and as some turbulence is always present at the feed-hole 
exit and at the pocket exit the vibration is self-excited from these 
sources. In an extreme case of a bearing with a large pocket volume 
the vibration diverges in amplitude until the bearing surfaces come 
into intermittent contact. This condition is observed in practice as a 
low-frequency vibration with audible metallic contact. The driving 
b^Sf" be VCry P0WerfuI and ca " -suit in damage to the 

10.2 Theory of aerostatic instability 

Many researchers have concerned themselves with the problem of 

ZZT T u y SCVeral the0retical ana| y ses of s 4'e bearing 
geometries have been published. However, as the mathematics if 
generally protracted and the results are of limited application pace 

to° thfb^r ude their inc,usion here and the reLer is ^ 

A comprehensive investigation of aerostatic thrust bearings of both 

H G Elrod toStlfS ^ ™* ?™ ° Ut ^ L U ^™* 
n. u. tirod (Kef. 24). In summarizing the results of their theoretical 

de n s a i p yS1S r t Jh ey K 0nClUd u ed that Within the limitations ™POS d I upon th 
design ol the bearing by other considerations, the following parameters 

J«38* P ™ ^ be — d as sho^rordTr 
(a) depth of pockets 

t! vibttTng m b :r n supply and pocket 

(d) supply nozzle diameter ■{ 

(e) length (radial) of annulus I m ._. . 

(f ) area ratio of annular ,„ pocket regions J max,m,zed - 

Pocket volume T, 1\° ( ,^ Se reco "'n'«dations tend to reduce the 
nant fre q uencv of the Jl^tSTZI^fl^ 
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frequency. Aerostatic instability is a type of resonant condition and 
as the squeeze film damping increases with frequency a low mass is 
clearly beneficial. The value of a small difference between supply 
pressure and pocket pressure may not immediately be obvious 
However, it is at this condition that the flow into the pocket responds 
most rapidly to changes in pocket pressure and hence minimizes the 
extent by which the pocket pressure lags behind the motion of the upper 




Fig. 10.2 Typical experimentally derived stability boun- 
daries for a simple thrust bearing (after Licht and Elrod, 
Rcf. 24) 
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plate. A large pressure difference causes the feed hole to become 
choked and at this condition the flow into the pocket becomes inde- 
pendent of the pocket pressure. For this reason, and also to avoid 
turbulence associated with shock waves, choked feed-hole conditions 
should always be avoided. 

Typical stability boundaries for a circular thrust bearing with a 
central pocket are shown in Fig. 10.2. The effects of varying pocket 
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Fig. 10.3 Experimentally derived stability boundaries for 
a simple thrust bearing with twelve holes feeding a central 
pocket (after Licht and EIrod, Ref. 24) 
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depth, pocket pressure, supply pressure and mass are shown. Theoreti- 
cal predictions are compared to experimental data in Fig. 10.3. The 
agreement is reasonably good over most of the range but the theory 
fails to predict the stability exhibited by the real bearing at very large 
pocket depths. In practice one is most interested in pocket depths in 
the range 0-005 to 0-020 in and here the theory is reliable and errs 
on the safe side. 

10.3 Avoidance of aerostatic instability 

In machines with aerostatic bearings the prediction of areas of insta- 
bility is complicated by the number of bearings and the complexity 
of their geometries. The stability is also influenced by the stiffness and 
damping of the support structure. The analysis is extremely difficult 
and necessitates the use of a digital computer even in cases where 
simplified geometry and operating conditions make a solution possible. 
In practice it has been found advisable to design all bearings in relation 
to a set of rules which ensure stability in the great majority of cases. It 
is also wise to incorporate in the design certain features which enable 
instabilities arising in the minority of cases to be eliminated at the 
prototype testing stage. 

While in theory any storage volume within the bearing including the 
clearance space can lead to instability, in practice, bearings without 
pockets or grooves in either of the bearing surfaces are almost invariably 
stable. Thus bearings with annular orifice or slot feeding are unlikely 
to exhibit aerostatic instability except in an extreme case such as, for 
example, when a rotor of large mass is supported on a narrow annular 
thrust bearing. For this reason bearings with annular feed orifices or 
feed slots are recommended wherever their lower stiffness and load 
capacity can be accepted. However, simple orifice feeding usually 
provides a higher stiffness and in the many applications where this 
consideration is of paramount importance simple orifice feeding can 
be used provided that the following rules are observed. 

(a) Thrust bearings 

1 Avoid using pockets wherever possible and achieve the effect of 
a pocket by feeding into narrow grooves which outline the required 
pocket area. The width and depth of a groove is determined by the 
diameter of the feed jets as illustrated in Fig. 10.4. Therefore in order 
to minimize the volume of the groove a large number of small jets is 
better than a small number of large jets. 

2 Design at a value of gauge pressure ratio of 0-69 or above. Do 
not design at lower gauge pressure ratios and always avoid choked 
feed hole conditions. 

3 Avoid using narrow annular thrust bearings wherever possible. 



218 



DESIGN OF AEROSTATIC BEARINGS 



// jets in ring 




Volume of groove, V = 2nc:5. 

For choking in jet minimum r = y . 

, </ 
minimum d = -. 

4 

Therefore minimum V = * a 

4 " 

For all other factors to be constant 
ml 2 = constant for simple orifice 
feeding. 

Therefore V x ~ and so the greater 

the number of jets the better will be 
the bearing stability. 



sionl g fn?l Determina u ? n ° f thFUSl 8 rOOVe di ^n 

sions lor maximum stability 



The ratio of outer radius to inner radius (?) should exceed 1-5 and 
preferably 1 -75. 

Jj&TS*' err ° rS have an adverse effi *t on lability. The worst 
effort 2« hTT.'" ° nC ° r b0 ' h ° f ,he beari "« s "<^es. Every 
I7rl LZ It f /" SUre " ,at the faces are flat a "d counted 

■ the supply close to the bearing tends to increase'the KSS 
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effect in retarding the response of the pocket pressure to changes of 
bearing clearance. 

(b) Journal bearings The squeeze film damping is relatively more 
effective in creating stability in journal bearings than in thrust bearings 
due to the larger effective area of gas film. Journal bearings are therefore 
generally less troublesome than thrust bearings. However, aerostatic 
instabilities can occur particularly in cases where a rotor has a large 
mass overhung beyond the bearings. In such cases the transverse 
inertia of the rotor is high and an angular form of instability often 
arises which is related to the self-excited conical whirl of high speed 
rotors. The following precautions are of value. 

1 Since the machining of grooves in the bearing bore is a difficult 
and expensive procedure pockets are more often used as these can be 
easily formed by inserting a jet plug into a hole in the wall of the 
bearing bush. It is important that the pocket depth should be minimized 
and again the minimum effective depth is equal to one-quarter of the 
jet diameter. The number of pockets is equal to the number of jets 
and is therefore determined by considerations of load capacity and 
the manufacturing limitations on the minimum jet diameter. The 
pocket diameter should be chosen so that the total area of the pockets 
does not exceed fifteen percent of the plan area of the bearing. 

2 A high gauge pressure ratio is again beneficial for the stability of 
journal bearings. Gauge pressure ratios in the range 0-6 to 0-8 are 
recommended. Choked feed hole condition should be avoided. 

3 Bearings of length-to-diameter ratio below unity show a greater 
tendency to instability than bearings of larger length-to-diameter 
ratios. Very short jet-fed bearings should be avoided and slot-fed 
bearings used instead. Short slot-fed bearings not only exhibit better 
stability but also provide greater load capacity due to the elimination 
of dispersion effects. 

4 Geometric errors have an adverse effect on stability. The worst 
condition is ovality in the bearing bore and this can be particularly 
troublesome if caused by clamping stresses. Particular attention 
should therefore be paid to the method of fixing the machine or spindle 
in order that radial distortions of the bearing surfaces are minimized. 
Barrel-shaped bearing bores can also lead to instability, and any 
residual parallelism error should tend towards bell mouthing rather 
than barrelling. 

10.4 Methods of damping aerostatic instability 

Even when all the recommendations which have been made are 
incorporated into the design of the aerostatic bearings it is still not 
possible to be absolutely sure of a stable system. For this reason 
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several methods of eliminating aerostatic instability have been 
developed. Two of these which combine the advantages of effectiveness 
and simplicity involve the use of a damping cavity and a controlled 
exhaust. 

(a) Damping cavity The damping cavity method of eliminating 
aerostatic instability has been described by Lehmann et al (Ref. 25). 
It is shown in its simplest form applied to a circular thrust bearing with 
central feed hole and pocket in Fig. 10.5. The pocket is connected to 
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Fig. 10.5 Simple thrust bearing with damping cavity 
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the damping cavity by means of a hole which is normally rather 
larger in diameter than the feed hole from the gas supply. Any variation 
in the pocket pressure, such as arises during vibration, causes gas to 
flow into or out of the damping cavity. The cavity is completely closed 
apart from its feed hole from the pocket and its presence does not 
affect the static load capacity or static stiffness of the bearing in any 
way. A damping cavity applied to an annular thrust bearing is shown 
in Fig. 10.6. In this case the cavity is also of annular form and is 




EZZZ2 



Y///A 















'///> 




y//A 



P. 



Fig. 10.6 Annular thrust bearing with damping cavity 



damping 
cavity 



connected to the bearing groove by a number of holes interspersed 
between the feed holes. The number of holes into the damping cavity 
need not be equal to the number of supply feed holes but can, for 
example, equal half that number or even less in some cases. 

The precise mechanism by which the damping cavity achieves its 
effect is not certain. Lehmann et al offer an explanation based on 
tuning out the resonant frequency of the instability. They suggest that 
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important in for example, a general purpose machine tool spindle 
which might be applied to a wide variety of machines and to carrying 
a wide variety of tools, grinding wheels and pulleys. 

(b) Controlled exhaust The aerostatic bearing designer has already 
been advised to channel the exhaust air from each bearing through a 
single hole or a small number of holes, before permitting it to escape 
to atmosphere. This simple expedient affords a powerful method of 
combating aerostatic instability. If a prototype machine is found to 
exhibi instability under some operating condition the following 
procedure may be adopted. e 

1 Set the condition at which audible instability occurs, 
in jj n emp0rarily throttle the exhaust flow from each of the bearings 

3 Note which exhaust when throttled causes the vibration to fade 
It throttling the journal bearing exhaust reduces the vibration and 
throttling the thrust bearing exhaust has no effect, the instability is 
in a radial mode. The reverse indicates an axial instability. 

4 Permanently throttle the effective exhaust. 

5 Provided (4) is effective and the vibration has ceased the load 
capacity of the bearings should be measured by means of applied 
static load. * v 

The controlled exhaust method of eliminating aerostatic instability 
is probably effective for the following reason. When the bearing 
clearance increases the gas flow increases. Since the flow must pass 
to atmosphere through the exhaust passage the pressure drop across 
the control throttle placed in the passage is increased. This means 
that the effective exhaust pressure at the bearing rises and tends to 
lessen the increase in the flow. When the bearing clearance is reduced 
the effect of the throttle is to lessen the reduction in flow. The throttle 
therefore acts to even out fluctuations in the gas flow through the 
bearing and hence exercises a stabilizing influence. 

The controlled exhaust method is remarkable when first encountered 
not only because of its effectiveness but also because it can be effective 
while at the same time not seriously reducing the load capacity and 
static stiffness of the bearing. Losses in load capacity are usually less 
than five percent and only rarely greater than ten percent. The method 
is equally effective with both thrust bearings and journal bearings and 
can also be used in the rare instances where aerostatic instability occurs 
in journal bearings at high speeds of rotation. Unlike self-excited whirl 
aerostatic instability in high-speed journal bearings is usually audible 
and non-destructive. It is therefore easily detected and simply 
eliminated. 



224 



DESIGN OF AEROSTATIC BEARINGS 



The damping cavity and controlled exhaust methods of eliminating 
aerostatic instability can be used singly or in combination. While the 
author has experience of many bearing systems which were violently 
unstable he has yet to meet one which could not be mastered by 
one or a combination of both of these methods. If the design rules 
given earlier in this chapter are closely followed, very few bearings will 
be found to be unstable. These few can be stabilized by the methods 
described. 
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INSTALLATION DESIGN 

11.1 Introduction 

Respective of the quality of the design of the aerostatic bearings 
and the machine of which they form part, the success or failure of an 
application is often determined in the end by the quality of the installa- 
tion design and the care with which the installation is executed Many 
aerostatic bearings have failed in the past due to such installation 
defects as clamping a machine or spindle body in such a way as to 
cause distortion of the bearing surfaces, or failing to make adequate 
provision for controlling the load imposed by a driving belt Other 
failures have resulted from shortcomings in the design of the gas 
supply installation and more particularly from inadequate filtration 
There are also factors to be considered which, while they seldom 
cause bearing failure, can nevertheless seriously detract from the 
bearing performance in relation to a particular application For 
example, any factor which causes vibration can be detrimental to a 
machine tool sp.ndle. Thus the performance of an aerostatic spindle 
driven by a belt is dependent upon the accuracy of the pulleys, the 

quality of the belt and the degree of dynamic unbalance in the driving 
motor. 6 

The problems of installation design are most difficult in the case of the 
machine tool spindle driven by a belt and supplied from a workshop 
compressed air supply. The problems are invariably less severe where 
the drive is provided by an integral motor or turbine or where the gas 
supply is provided from an alternative source. For example in 
applications where gases other than air are used, filtration is made 
easier because the bearing supply gas is often available in an uncon- 
tam.nated condition as a result of chemical or nuclear considerations 
tor these reasons the present discussion is centred around a typical 
grinding machine wheelhead spindle fed from the workshop air supply 
and driven by a belt. 

11.2 Mechanical installation 

(a) Spindle body location Some typical methods of locating machine 
tool spindles are shown in Fig. 11.1. While it is obvious that the first 
two methods can and usually do cause radial distortions in the bearings 
whatever types of bearing are used, they are still widely employed' 

225 



DESIGN OF AEROSTATIC BEARINGS 





V 




7, 



(c) Roiled flangt 





2" 




(d) riaiK'e and loppred nut 
(c) ami (»J| DXomnicndcd 



Fig. 1 1.1 Some commonly used methods of locating 
machine tool spindles 
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presumably on account of their simplicity and their ability to accommo- 
date a relatively wide variation in the spindle body diameter. However 
they cannot be recommended for aerostatic spindles. The combination 
of a thin body wall and a fine bearing clearance can enable an Ter- 

SSKTiSE t0 ^7 I' 6 Sh3ft firm * in its Journal bearing . 
Even if the shaft remains freely supported after clamping it is probable 

that some distortion has occurred that will weaken the radial load 

capacity in certain directions. This effect is illustrated in Fig. 11.2 




clamping forces 




reduced load 
capaciij in 
iln- plane 
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hearing surface 



Fig 1 1.2 Loss of load capacity due to distortion caused 
by radial clamping of machine tool spindle 



The best method of locating an aerostatic machine tool spindle is 
by means of a bolted flange as shown in Fig. 11.1(c). This me hod 
reduces radial and axial Camping stresses to negligible propor ions and 
hence enables the full bearing performance to be realized It has one 
disadvantage m requiring the spindle body diameter to be a close fit 
in the casting bore. Typical clearances are in the range 0 001-0 002 in 
aV . 0I f movement of the spindle body or distortion under 
load. Somewhat larger clearances can be used if the grinding wheel 

LTnt ^ H angC , d and the PUU ^ With £ b elt "tension 
constant in magnitude and direction, at the other end 

In cases where a close clearance between the spindle body and the 
casting bore cannot be used for manufacturing reasons, or where space 

thm^r ,0nS n reC n Ude thC !I Se ° f a flange lar * e enou S h for molting 
through, a smaller flange and tapered nut can be used. The tapered 

nut located ,n a conical seating at the end of the casting bore provides 

rad.al support for the spindle preferably at the wheel end. If a close 

clearance can be maintained between the spindle body and the casting 

bore the tapered nut can be replaced by a plain nut locating on the 

end face of the casting. This method is less satisfactory than the 
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bolted flange because it puts the spindle body into axial tension and 
can cause distortion of the thrust bearing surfaces. This problem 
can be minimized by locating the single-ended thrust assembly 
at the flanged end and outboard of the flange. The method is not 
generally suitable for double-ended thrust designs. 

Distortion of the bearing surfaces can arise not only from clamping 
stresses but also from stresses caused by temperature changes In 
applications of aerostatic bearings involving either high or low tem- 
peratures this consideration must be studied and the problem eliminated 
either by matching rates of thermal expansion or by providing a 
degree of flexibility in the means of location. 

Whatever the method of location, an effective means of checking 
for distortion is to measure the radial load capacity in at least fou 
directions at both ends of the spindle. The axial load capacity should 
be measured two or three times in all directions, turning the shaft 
between each measurement. Distortion is signified by unevenness of 
oad capacity or a reduction of the measured values below the acceptance 
test level. The measurements can be made using an accurate spring 

can 3 ^ , H k Shaft „Y° Cked by h3nd the P° int of melalIic c °ntacf 
can be detected by a sudden increase in friction. 

An alternative method is to use an electrical measurement of the 
resistance between the shaft and the spindle body to indicate by a 
short circuit when metallic contact has occurred. 

(b) Setting belt tension It is essential that where aerostatic spindles 
are driven by means of a belt care is exercised in the selection o the 
correct belt and some provision is made for the correct d?ustrn n 
for I \ enSWn ,nstallation - Thin flat belts are most suitable 

sn nH Th 8 ^ Sm °° th dnVe 3nd impartin g the least influence to the 
spindle. Thicker types of belts of the 'V or poly 'V types should be 

used only where dictated by considerations of power -^„Sl<£ 

The type o material used for the belt is also important and some 

m be S " h , 2 , Permanem SCt Wh£n left stati ™ a ry 

^S*^55f use 3 be,t of the endIess type 

che^ked'for" ™ £ °" ^ ? U,leyS the pulle y surfaces ^ould be 

m 0 OfM) M r by A mCanS ° f 3 diaI fiau 8 e indi ^tor graduated 
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Fig. 1 1.3 Methods of setting the correct driving belt 
tens.on on an aerostatic machine tool spindle 
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The best method is to monitor the change in pressure in the pulley 
end journal bearing as already described in Chapter 6. Another 
method (shown in Fig. 1 1.3) is to measure the deflection of the bearing 
by means of a dial gauge indicator measuring on the pulley. However, 
this method requires great care and skill as the reading can be confused 
by a variety of factors. A somewhat more satisfactory alternative 
method is to use a spring balance to measure the residual bearing load 
capacity after a tension has been set. The belt tension is then obtained 
by subtracting this value from the value measured before the belt was 
placed on the pulleys. 

11.3 Air supply installation 

(a) Filtration If an aerostatic bearing is to achieve its full design 
performance over a long period of time it is essential that the gas 
supply is free of solid, liquid and gaseous impurities which can detract 
from that performance. It is difficult to imagine a gas supply which 
is more contaminated with impurities than the average industrial com- 
pressed air supply. All types of impurities are present. Solid particles or 
ginate from dust particles in the atmosphere which are small enough tu 
penetrate the filter on the compressor. Liquid impurities consist of con- 
densed water vapour and lubricating oil which originates in the compres- 
sor. Gaseous impurities consist of water vapour and also of oil vapour 
in some cases where certain oils with constituents of low vaporization 
temperature are used in the air compressor. Clearly filtration problems 
are less where the air originates from a well-designed compressor 
which is maintained in good working order and equipped with an 
efficient aftercooler. The installation of the air supply piping can also 
contr.bute to the quality of the compressed air, particularly in relation 
to the provision of drain taps for liquid impurities. Some of the more 
important features of a compressed air installation are shown in 
Hg. 11.4. Although in the past these features have been often over- 
looked, they are now regarded by many as common practice. In the 
luture the increasing use not only of aerostatic bearings but also of 
pneumatics, fiuid.cs and air gauging will demand a higher standard of 
design, installation and maintenance of compressed air systems 

Solid part.cles are the easiest impurities to remove from a compressed 
air system. Many types of porous filter elements are available made 
trom sintered bronze or ceramic, woven stainless steel wire, fabric or 
paper Filter elements are usually graded according to their mean pore 

n Z C rSn e - XPre ^ d m , microns wh ere > micron = 10" 3 mm = 

0-000 040 in. Filter elements suitable for aerostatic bearing applica- 
tions usually he in the range from 1 to 25 microns. The smallest 
dimension in the bearing is usually the clearance between the bearing 
surfaces and a useful guide to the selection of a suitable filter element 
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is to make the mean pore diameter equal to less than half the clearance. 
For example, in practice a 5 urn filter element has been found to be 
suitable for bearings of clearance around 0 000 5 in. Of the various 
materials available for filter elements only sintered ceramic elements 
require special care in use. They are prone to shed ceramic powder 
which can cause severe scoring of the bearing surface and for this 
reason they should be used only for coarse filtration where a fine 
filter of another material is installed downstream. In industrial environ- 
ments, where there is heavy contamination by solid particles, it is 
advantageous to use two filters in series. The first filter of coarse 
porosity, e.g. 25 or 50 urn, prevents the second filter of fine porosity 
from becoming blocked quickly. Whatever type of filter element is used 
it is essential that it is inspected regularly and changed or cleaned as 
necessary. Metal and ceramic elements can be effectively cleaned by 
.mmers.ng in industrial solvent while agitating in an ultrasonic cleaner 
Fabric and paper filter elements are normally discarded after use 

Commercially available filters of the inexpensive type can 
employed with aerostatic bearings. However, the user is advised 
inspect such filters for general cleanliness, particularly for the presen 
of metal swarf, and for adequate sealing to prevent some gas flow 
short circuiting the filter element. Filter manufacturers are generally 
willing to undertake special assembly or cleaning procedures free of 
charge in the case of substantial quantities or at a small additional 
cost in the case of small quantities. 

The removal of liquid impurities is generally more difficult than the 
removal of solid particles. The presence of water, however, seldom 
impairs bearing performance provided that it is not present in excessive 
quantities and provided that only corrosion-resistant materials are 
used downstream of the filter. Most of the water in a compressed 
air system can be removed by efficient aftercooling and by the proper 
provision and systematic use of drain taps. Much of the remainder 
can be removed by commercial air filters which incorporate some 
means of vortex generation to centrifuge out the liquid droplets. It 
is ^advantageous or the liquid receptacle to be fitted with an automatic 
drain, or a small constant bleed, so that the vortex generator is not 
prevented Irom functioning by an excessively high liquid level Vortex 

of n ttT.7 f CtiVe " fiUerS WherC thC SWid 15 induced d ™"- 
stream of the filter element so that some advantage is taken of the 

reclassification of small droplets into larger droplets which occurs 
during flow through the filter element. 

Liquid oil is more difficult to remove than water, because with its 
higher viscosity it tends to cling to walls of the air supply pi™ and 

design 2 ^ S ' OWly inCVitably PaSt 3,1 obstacles' Vproperly 
designed compressor ,n good mechanical condition should not intro- 
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duce large quantities of oil into the compressed air. However there are 
very many compressors that do and many air bearings must inevitably 
operate on oil-contam.nated air supplies. Most commercially available 
filters are considerably less efficient in dealing with oil than with water 

to t ™H f / °v th ' S ^ ° n S ° me additi ° naI P rovision °^en needs 
to be made for dealing with excessive oil contamination. There are 

several approaches to the problem but all have their limitations A 

relatively large vessel filled with lambswool is effective for retaining oil 

HXTr 0F h I' 1 ' il , mUSt be , C ' eaned ° r refil,ed and ^s point is 

AnnH ' T\ f !u ^1™°* ° f ° U appeadng at the bearin S exhaust. 
Another school of thought reasons that liquid oil in limited quantities is 

unlikely to harm an aerostatic bearing. During normal operation it 
s blown through the bearing and exhausted to atmosphere where in 
the average industrial environment it is hardly noticed. Difficulties 
only ar.se when a bearing is left to stand with oil in the clearance 
spaces. Then there is a tendency for the oil to deteriorate into a semi- 
solid state between a wax and a grease which can block feed passages 
and clearance spaces. To prevent this occurring the bearing can be 
flushed through with a suitable solvent which is introduced into the 
air supply for between half and one minute before the air supply is 
shut off. Oil mist lubricators can be filled with paraffin or iso-propyl 
alcohol to perform this function. It is necessary to ensure that it is 
not inadvertently filled with oil, and that it is regularly used and 
replenished with solvent. 

Oil vapour in the compressed air supply presents difficulties because 
of its tendency to condense into a wax-like deposit within the bearing 
clearances This normally occurs immediately downstream of the 
feed holes due to the cooling resulting from isentropic expansion The 
early stages of this form of contamination are signified by thin lines 
of yellow-brown wax deposited on the bearing surfaces opposite to the 
teed holes. The only effective way of preventing the oil vapour reaching 
the bearing is the use of an activated charcoal filter element. The char- 
coal must be replaced periodically but spent elements can be reactivated 
by heating in an oven. 

(b) Supply pressure regulation The pressure available from a com- 
pressed air supply is liable to fluctuate over a considerable range 
determined by the differential pressure between the cut in and cut out 
points of the compressor and by variations in the demand for air in 
the locality of the aerostatic machine. Many applications require a 
constant supply pressure to the bearings; for example, the bearings 
in the wheelhead of a surface grinding machine must not cause the 
grinding wheel to rise and fall with fluctuations of the supply pressure 
To achieve a constant supply pressure the air must be fed to the bearings 
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through a pressure reducing value which is set to a pressure lower 
than the base level ot the supply pressure fluctuations. Simple reducing 
valves, depending for their action upon the balance of forces between 
an adjustable spring and a pressure-loaded diaphragm, will meet the 
needs of most applications. For those applications demanding more 
precise control of pressure, pilot-operated pressure reducing valves are 



(c) Provision for air supply failure In most industrial applications of 

faTr * r ng r d r igner iS WiSC t0 make P^ision fir a poss ble 
failure resulting from the compressor stopping due to overheating 

2£S ° r de t Ctncal breakd ™n or to being" switched off wk out' 
warning for maintenance purposes. In such a case the pressure in the 
system falls gradually over a period of several minutes. The only 
safeguard necessary ,s a pressure-sensitive electric switch wired into the 
machine overload relay circuit to cut off the electrical power to he 
machine if the pressure falls below a pre-set level. Electric pressure 
switches are inexpensive, reliable and in widescale use and mos, can 
easily be adjusted to operate at the required pressure level 




air supply 



A Filler to remove solid panicles and liquid oil and water 
B Elecirtc pressure Witch to operate relay if supply pressure falls 
<- Relay, often uuh on-olT buttons, connected in three-phase 
motor supply 
N"ii-reiurn valve 

Storage volume calculated to maintain bearing pressure until 
moioi slops 

Oil absorpiion lilier 

Pressure regulating \al\e 



'St^t&s&isssr for e,ec,rica " y drivcn 
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storage volume Vis given by: g ' he rec l u,red 

^ aw,)''' ooo) 

where P 0 is the normal supply pressure, 

f\ is the minimum permissible supply pressure, 
M 0 is the mass flow rate at pressure P 

and t , S the time taken for the machine to come to rest 

volumf Ts £3** kn ° Wn in ^ *• ^ then the reouired storage 
bearing supply pressure falls below a pre-sTt level Since Tn most 



;iir supply 



turbine drive supply 




bearing supply 



A Filler 

B Pressure regulating valve to sc. bearing supply pressure 

V Hearing pressure sensitive turbine cui-ofF valve 

R Pressure regulating valve 10 control turbine supply 

macWnes 1 * 6 SUPP,y insla,,ation for air tur bine driven 
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small spindles for drilling and grinding applications the bearing supply 
and the turbine supply come from a common source, cutting off the 
turbine supply in the event of falling pressure conserves the available 
air to support the bearings for as long as possible. However, most 
small air turbine-driven spindles are found to be able to run down 
aerodynamically from full speed or near full speed and many can 
survive even an instantaneous air supply failure without damage to 
the bearing surfaces. For this reason the simple air supply installation 
shown in Fig. 11.6 will normally provide adequate protection by 
preventing the spindle being used on an inadequate bearing supply 
pressure. 



CHAPTER 12 



APPLICATIONS OF AEROSTATIC BEARINGS 

12.1 Introduction 

A study of existing applications of aerostatic bearings is of value for 
three main reasons. Firstly it illustrates the advantages to be secured 
by the use of these bearings. Secondly, it stimulates ideas for future 
applications. Thirdly, it teaches how earlier designers have approached 
their problem of achieving a workable compromise between the 
required performance and the limitations imposed by manufacturing 
considerations and the available compressed gas supply. 

One of the most important fields of application of aerostatic bearings 
is undoubtedly . machine tools. For this reason, and because much of 
the author's experience has been gained in this field, many references 
have been made to problems relating particularly to machine tool 
spindles. However, the range of machine tool applications is very 
wide, and within it, most of the advantages of aerostatic bearings can 
be exploited and most of their problems have to be overcome. Fig. 12. 1 
imarizes the applications of aerostatic spindles to machine tools 
and lists the principal advantages which stimulated their adoption. 
Almost all of the benefits result from three properties of aerostatic 
bearings: low friction, precise axis definition and the absence of wear. 
T n comparison with spindles with ball or roller bearings the lower 
evel of vibration of aerostatic bearings is also advantageous. This is 
particularly so in relation to the production of good workpiece geo- 
metry and surface finish, and in ensuring a long life of the cutting tool, 
drill or grinding wheel. 

12.2 Applications to grinding machines 

An aerostatic workhead spindle for a Studer cylindrical grinding 
achine has already been referred to in Chapter 6 and a sectioned 
rawing is shown in Fig. 6.4. The performance of this spindle was 
escribed by B. T. Trayner of the British Aircraft Corporation in a 
paper presented to the Gas Bearing Symposium at the University of 
Southampton in 1965 (Ref. 15). While it is possible to grind external 
surfaces between dead centres to a degree of roundness within 5 uin 
annular zone, the roundness that can be achieved on internal surfaces is 
determined by the performance of the bearings in the workhead. 
Most present-day grinding machines employ either plain oil bearings 
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Process 



Grinding 



Function 



Operation 



Work head 
spindle 



Wheelhead 
spindle 



Internal cylindrical, 
external and live 
centre cylindrical 



External cylindri- 
cal, surface 

Production of 
screw threads, 
splines, gears and 
surface forms 

Internal cylindrical 



Principal Advantages 



P.A.D. provides a high order 
of roundness and concen- 
tricity 

A.W. provides freedom from 
deterioration 

L.F. eliminates thermal 
distortion 

P.A.D. ensures good form 
and the grinding wheel holds 
its form longer 



L.F. provides high mechani- 
cal efficiency 

A.W. provides long bearing 
life 



Drilling 


Drill 
spindle 


Electronic printed 
circuit board 
drilling. Micro- 
hole drilling 
in metals 


1 L.F. provides high speeds 
on low power 

P.A.D. ensures accurate hole 
size and minimizes burring 
and the smearing of resin in 
printed circuit board 


Turning 


Workhead 
spindle 


Fine turning. Fine 
boring 


P.A.D. provides a high order 
of roundness 

L.F. minimizes thermal dis- 
tortion and assists accurate 
size control 


Milling 


Milling 
spindle 


Production of fine 
slots, e.g. in recor- 
ding heads. Facing 
with diamond 
cutting tools. 
Production of 
miniature compo- 
nents, e.g. watch 
and instrument 
parts 


P.A.D. provides minimum 
burring and high order of 
surface finish 

A.W. enables higher speeds 
to be used with a resulting 
increase in productivity or 
further improvement of 
surface finish 



I Xl , precise axis definition 

a.w. Absence of wear 

Fig. 12.1 Applications of aerostatic spindles in machine tools 
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or rolling contact bearings. A typical performance using either of 

« 2^r gS iS , t0 Pr ° dUCe a W ° rkpieCe ° f — dness the 
range 25 to 50 um annular zone. However, aerostatic bearines can 

provide a degree of roundness equal to or better than th« obfaiSS 
when grinding between dead centres Fio \n c k„ ""idinea 

zsszrs ^ Sb > » 

whhhff s «rostatic bearings enabled a workpiece roundness 

within 5-8 u,n annular zone consistently to be achieved and the u him ate 
capability appeared to be in the region of 2-3 pin annul" zone 






MlYgOSO 




-t 




Fig 12.2 Comparison of air bearing and plain oil bearing 
workheads-roundness of workpiece (after Trayner, Ref. 15) 



However, ,t was reported that the presence of oil in the compressed 
thread ^ the ; 0UIldness Produced by a factor of be ween 

unction n/?h r W,th K' a t6 ? denCy t0 6ight P0int Iobi »S' Presumably a 
function of the number of journal bearing feed jets 

Some details of the design of the aerostatic bearings of the workhead 
shown in Fig. 6.4 have been published. The bearings are deligned at 
gauge pressure ratios chosen for maximum stiffness. The journal 

Md'Sf C f\ J f tS T 3t a PP roximate| y one third station 
and the mean radial clearance of the journal bearings is 0 001 in The 

mean clearance of the thrust bearings is 0 000 5 in. The bearings 

are designed to operate on a supply pressure of 80 lbf/in 2 gauge and 

exte a rnr nSU 7 t,0n " a PP roximate, y M c.f.m. of free air. Comparative 
external grinding tests carried out using the test piece in Fie 12 3 
showed that the radial stiffness at the workpiece was comparable "to 
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that achieved grinding between dead centres. Fig. 12.3 shows the 
deflections resulting from a plunge cut of 0-000 5 in (0-001 in dia- 
metrical reduction) applied suddenly by the machine handwheel. The 
immediate workpiece deflection was approximately 0 000 1 in in the 
case of both the aerostatic bearing workhead and dead centres. The 
spark-out was somewhat quicker in the case of the aerostatic bearing 
and this seems to be a characteristic found in most grinding applications 
of aerostatic bearings in both workheads and wheelheads. 




(a) Section of grinding leSt-piccc 
WOffc-piecc deflection (all dimensions in inches) 




(hi Gas bearing workhead 




(c) Dead centres 



Fig. 12.3 Deflection of workpiece during grinding (after 
Trayner, Ref. 15) 



Radial stiffness is a much discussed aspect of the performance of 
the various alternative types of workhead bearings which might be 
employed in future grinding machines. Dr. H. J. Renke of Fritz 

thC SwiSS grindi,, g machine manufacturers, has stated 
(Ret. 26) that a recently designed hydrodynamic or hydrostatic spindle 
which is small enough to fit a grinding machine may have a stiffness 
of about 6 0 000 Ibf/in. It is a commonly neld belief amongst machine 
ool manufacturers and users that aerostatic bearings cannot approach 
his order of stiffness However, both the British Aircraft Corporation 
Operating) Ltd. and Westwind Turbines Ltd. have produced aerostatic 
workheads with a front bearing radial stiffness of 600 000 lbf/in and 
the ultimate of development is far from being reached. 
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Fig 12.4 Studer RHU 450 grinding machine with aero- 
static bearings in the workhead, wheelhead and high fre- 
quency motor driven internal grinding spindle. The machine 
is shown set up for bore grinding a test piece. This machine 
was converted by Westwind Turbines Ltd. for S. Smith & 
Sons Ltd. who use it to produce aerodynamic gas bearing 
components for gyroscopic instruments 



Fig. 12.4 shows a Studer RHU450 universal grinding machine which 
was converted to aerostatic bearings by Westwind Turbines Ltd The 
main wheelhead and workhead spindles were provided with aerostatic 
bearings and each was driven by a belt from the original wheelhead 
and workhead motors. The internal spindle was also provided with 
aerostatic bearings but the driving belt was abandoned in favour of an 

details of the three spindles 
are given m Figures 12.5, 12.6 and 12.7. This machine was converted 
to enable it to reach the high degree of precision needed in the manu- 
facture of aerodynamic bearings for gyroscopes. It proved capable 
of producing workpieces with both inside and outside diameters 
round to within 3 pin annular zone and concentric to within 5 pin 
These results are obtainable under normal precision workshop con- 
ditions and can be held throughout large batches of components. 
Surface finishes of better than 1 pin c.l.a. can be achieved on both 
internal and external surfaces. 
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One of the most successful applications of aerostatic bearings to 
predion grinding machines has been the wheelhead spindle de^loped 
by Westwmd Turbines Ltd. for the Jones and Shipman range of 

eighteen S5n h^f ^ *™ grinding machi "- In the 

eighteen months following its introduction in March 1966 over 250 

em±ve e dr" T Verted - ^ m3J ° rity ° f these machines wer e 

« SLSr 8 " H g g \ UgC ! and ° ther high « uaVit y workpiece., such 
as electronic recording heads and tungsten carbide dies where the 

On Zl COnfe H ed by \ er ° Stafic ***** are most Pronoun?ed 
on^nf thf k- C gn " d,ng ul mach,nes with conventional wheelhead bearings 
one of the biggest problems is the thermal expansion caused by the hef 
gener ated in the bearings. During the first hour of running wMe the 
machine is warming up, the wheelhead temperature rises making it 




Fig. 12.8a A Jones and Shipman type 540 surface grinding 
machine which has been fitted with a conversion wheelhead 
produced by Westwind Turbines Ltd. The air bearing head 
is interchangeable with the conventional type and is belt 
driven 
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Fig. 12.8b An air bearing wheelhead for the Jones and 
Snipman type 540 surface grinding machine. The external 
design of the head permits of mounting the standard wheel 
dressing attachments and the knock-off unit for the power 
nse-and-fall mechanism 



difficult for the operator to hold close tolerances. Fig. 12.9(a) compares 
the temperature rises occurring in plain oil bearings, ball bearings and 
air bearings The measurements were made by Jones and Snipman Ltd 
on three of their type 1400 surface grinding machines (Ref 28) 
Hg. 12.9(b) compares the vertical movement resulting from thermal 
expansion during the hrst hour of running. It can be seen that the 
greatest temperature rise occurs with hydrodynamic oil bearings 
Ball bearings are better, but with air bearings the problem is eliminated' 
1 He low tnction of air bearings ensures that the full motor power 
is available for grinding. This has been demonstrated by tests carried 

T>°\ 7 and , Shi P man 54 ° surface grinding ma'chin s he 
gauge grinding shop ol the Coventry Gauge and Tool Co Ltd t 
was found that a cut of 0-020 in would stop the grinding wheel on a 
machine equipped with conventional wheelhead tearing?. However 

"pt O^O 'in aer ° StatiC WhedheadS freqUCntly US ' d on cuHf 

Another demonstration of the negligible friction power consumption 

d * er Tl C : heelheads is g-'en by measurements of the cur ent 

tests™ a o'n 7^° ^ The f ° IIOWi ^ data were obtained ^m 
tests on a Jones and Shipman 540 surface grinding machine. 
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(deg C) 



0 002 



(in) 



0 001 




20 30 40 

Time after starling (mm) 



Fig. 12.9 Thermal distortion in surface grinding machines 
with various types of wheelhead bearings (Ref. 28) 



(a) Current drawn by motor at 2 850 rev/min driving con- 
ventional wheelhead at 2 850 rev/min 1 ^ 

(b) Current drawn by motor alone at 2 850 rev/min 0-8A 

(c) Current drawn by motor at 2 850 rev/min driving aero- 
static wheelhead at 2 850 rev/min 0-8A 

(d) Current drawn by motor at 2 850 rev/min driving aero- 
static wheelhead at 5 000 rev/min 0-8A 

Most grinding machine wheelhead motors run light for longer periods 
than they run loaded since grinding is essentially an intermittent 
process. For this reason a saving of thirty-three percent of the motor 
power consumption is of some economic significance and can partially 
offset the power expended in compressing the supply air. This factor 
combined with the economic advantages arising from the absence of 
any warming-up period, longer wheel life and dressing diamond life 
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higher metal removal rate, the elimination of wear and the reduction 
m routine maintenance, produces a considerable net economic gain 

whed 0 h S eads PP at '° nS ° f aCr ° StatiC bCaring » * m **inc 
Another important advantage of aerostatic wheelhead bearings on 
surface grinding machines is their ability to grind workpiecef flat 

act h 't ZX lCal fn r nge - ThiS Pr ° PCrty pr ° bab, y ™ *™ "he 
fact that the stiffness of an aerostatic journal bearing is greatest at 

zero eccentnaty that is at the all-important condition of sparking 
out when the radia load on the bearing tends to zero. By con rast 
a ball bearing spindle has up to 0-000 I in of free movement and hus 
provides its lowest stiffness during sparking out 

Several British manufacturers have recognized the advantaees of 
aerostatic spind.es for precision grinding machines. In add tfo, to 
hose already mentioned the Churchill Machine Tool Co Ltd and 
Joseph Lucas Ltd deserve special mention. Churchill have developed 

offe Ztr?T ed 31 the f National Engineering Laboratory and Tow 
offer most of their range of precision grinding machines with air bea - 
mgs as an alternative to conventional bearings. A large number of 

wTuc 7 h3Ve I"" SO ' d SinCC their ^roductio'n in ,%4 65 
Joseph Lucas, following their early successes in applying aerostatic 
bearings to hydrogen liquefaction turbines, have deve oned 7 hth 
speed air turbine driven internal grinding soinde t I fi g 

Pltr SPCCifiC 

12.3 Applications to drilling machines 

Drilling machines provide a field of application which k «™ a 

Business Machine cl^Z't ImZ" S T TbT^ 
and prior ,o pla,,^ ° e TZFTZA^J!**? 
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KE&ESSr Wcs,wind pcai air ~ 



drill .ffe, was°fou°d° t o i, t^^m""^ ° ^ 
feeding rate of 2 in/s Dnrino th» 7 i rev/m,n and a 

of up to 180 000 rev/niin and Ld , vel °P me "! of 'he Process speeds 
tually a drill K^^ul^ T? " P '° 5 '"/ S Were ,esled - £ ven- 

Fia nil r» • I wesiwind J .C.B.I drilling spind e are given in 

a, E„d°o,; ng N 7 „ y „r of cont ir us opera ' io " * 

hundred had To b tata "u^r SPmd,e 1 01 " ° f 3 '° ta ' ° f over three 

lead^%tS T n ^ e ae e r! atiC driHin , g Spi ' ld,eS ky I B.M. .any 
followfd suit W 1 e ' eCtron,cs and computer industries have 
followed suit. Several manufacturers of printed circuit board drilling 
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Performance data at 80 lbf/in 2 gauge bearing supply pressure- 
maximum aerostatic radial load at collet nose 5 'ihf 

aerostatic radial stiffness 25 000 lhf/in 

maximum axial load 25 bf 

mean axial stiffness 25 000 lbf/in 



Turbine Drive 

Pressure 
(lbf/in 2 gauge) 


Speed 
(rev/min) 


Total Airflow 
(s.c.f.m.) 


80 
60 
40 

. 


130 000 
110 000 
90 000 


90 
7-5 
5-2 



-o- * UcUi 

speed precision drilling spindle 



Hah developed new machines to take full advantage of their 

h gh-speed capab.ht.es. The machine built by Select-O-Matic n the 
U S.A. (shown in F,g. 12.12) is typical of those designed for la 1 

iweshund type P.C.B.3) and the hole positioning is numerically 




fir -"-s^::™ 
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pros 




Fig. 12.13 James White Printed Circuit Develoomen* rir 



hole drilta 8 a^w atl ^ anngS have P roved t0 be ^eal for micro- 
catble of Hrim West ™ d , TUrbineS Ltd. the development of spind es 

ffite^?n£ g on£ hi l h production rates was stimu,ated 

which hnd h-n I , ae [ostat,c bearing production. The spindle 

equinoed tith , e,0Ped dri " ing printed circuit b °^s was 
equipped With a precision collet and proved capable of drilling holes 
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r 1 1 




Fig. 12.14 Westwind brass jet drilling machine with air 
turbine drilling spindle with aerostatic bearings 



?Zwnt TO 4 in i2M et ?h,^ ^ eS,Wi " d braSS jCt dri,lin « ™ chi '* 
snown in Hg. 12.14. The machine is semi-automatic in operation 

requiring the operator only to load the jets into the slide feeding tte 

indexing plate. The machine indexes, drills and ejects drilled jets in 

automatic sequence following the operation of the feeding shde The 
dr llmg sp , ndle 1S advanced by a a , jc n 8 «. I he 

o" low! n r r m '° 8 ' Ve 3 Sm ° 0,h m0ti ™ at a speed. Ti e 

lollowing performance is typical: 

operation: mm (0-003 94 in) in brass; 

depth of drilling 0-010-0 015 in 
drilling speed: 40 000 rev/mi n 
feed speed : 5 in/min 



APPLICATIONS OF AEROSTATIC BEARINGS 253 

production rate: over 500 holes per hour 
drill life: l 500 to 2 000 holes 

drill type: Muller carbon steel twist drill with 1 mm 

shank 

Aerostatic drilling spindles have also been applied to drilling stainless 
tee s and various plastie and composite materials. To da t m 
apphca ,o„s have been concerned with small hole drilling, np to abon 
0 050 m diameter ,n metals and 0100 in in printed circuit board 
However there .s no reason to suppose that they could not produce 
the same h,gh quahty burr-free holes in larger sizes if such a performance 
were advantageous in any particular instance. A future dev topmem 

f n ZT, Pr ° m,Se T 8ht inV °' Ve ' he appHca,it " 1 of a " aerostatic dE 
8 T era PUrD ,? Se precision benc " "rilling machine. However 8 
b< traditional mult,- P ul ey and belt drive would probably have to be 

sninru V" faV °, r ° f 3 m ° t0r mounted dire «'y °n the dr Lg 
be p^videt S ° me ernat ' Ve meanS ° f Chan8ing speed ™ uld "" d "o 

12.4 Applications to lathes and boring machines 

Unlike the applications to grinding and drilling machines where 

, C Kr a, V yPeS ° f maChines ,he use of aerostatic bearing." . already 
established the application of aerostatic bearings to metaf urning and 
boring ,s st.ll.at the time of writing, in its infancy However the experi- 
ments wh.ch have been undertaken offer much promise fo the fuTure 
and some manufacturers are already planning to produce precision 
lathes w,th aerostatic workheads. In Switzerland a watchmakesTthe 

a o« rOS,at,C Spi " dle has been manufactured for several years 
in 966 some experiments were carried out by the United States 

a1 0 mti,m er f. COm T, Si0n relati0 " ,0 the diamond turning o 
alumtmum cylinders. The cylinders were machined while rotating on 

an aerostatic spindle and were produced round to better than "I 

Turbfn sTtd • H^? finiSh - E " C0Uraged by (his W "*h d 

41 n n P r °dueed aerostatic bearings for the headstock of their 

finish m fl H S PreC T n b °" ng maChine - This maehine is used for the 
finish machining of aerostatic bearing bores while the spindle body 

much „i ? ' *!? P f ara " el 10 3 higb de « ree <* P'°™°» o«"ers 
much promise for the future utilization of aerostatic bearings in 

boring machines. The elimination of friction heating makes size 
consistency easier to achieve, and the adoption of aerosfa.ic bearings 
ntoic ""IT r' mach,n « for boring internal combustion engine 
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Fig. 12.15 Two high-speed air bearing air turbine drilling 
p> J? P rod " ced ^ Westwind Turbines Ltd. The Model 

. ( r 'S ht ) ,s widely used in machines for drilline 
printed c.rcu.t boards. The Model P.C.B.2 is only I in 
in diameter to permit close hole spacing on multi-spindlc 




fl ,r F no' 121 6 Se 5 ioncd air bearing dental turbine showinc 
?Lnrn? ee y h Urb ™ ^ mbber s,abilized * bca ings 8 
^Z% d ) by PemiS5!0a ° f,he De "'<" MonSufn* Co. 
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12.5 Applications to medical equipment 

inIar,ier g Jh?„Te d rs ai Tt b ! t ne T"' mentioned ^ 

earner chapters. This development, wh ch took place in I9fi?/fii 

represented the first large-scale British application of aerostatfc 

55 OoS^ni, " f ° U ^ yCa , rS r °" 0Win 8 its induction I 1963 ov r 

fat r nnn TL P r r ° dUCed Ms SUCCess considerably encouraged 
lakr applications of aerostat c bearings in other field* Th» „ , 

des gn shown in Fig. ,2.16 is still being 8 rodu ed^fa te l^Ztm 

The a o W ri:L a r d P H 0dUCt r SeemS ,ikdy *° contin - 'or se era^ye rs 
hJ ,1 g l,lgh - s P eed alr '"rbine dental drill with ball bearings 
had three major disadvantages. It emitted an intense high pitched 

renL , C0UW " e damagin « ,0 the heari "g. bearings needed 
replacement on average twice a year and it exhausted atomized I lubri 
eating oil mist wh.ch when inhaled could present a heaTh hazard 
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Speed (rev/minx 10" y ) 

Measured at 12 in from turbine in a sound insulated cabinet using a 

uruel and Kjaer condenser microphone type 4133. 

A Typical ball bearing unit 

B Early unit with rigid air bearings 

C Unit with rubber stabilized air bearings 



Fig. 12.17 Sound levels of dental turbines 
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The introduction of aerostatic bearings overcame all three problems 
Hg. 12 17 shows the reduction in sound level which was achieved' 
The early models with rigidly mounted air bearings were very quiet 
compared to the ball bearing supported turbines but were subject to 
some wear due to the occurrence of half-speed whirl. Turbines with 

IpvpI rtl fi K faStCr and With a s,i g ht| y h ' 1 ^ noise 

level. The final design which runs between 450 000 and 500 000 rev/min 

exhibits a noise level of around 63 db compared to about 80 db for a 
turbine with ball bearings. 

The reduction in noise levels which can be achieved by the application 

fi < beanngS " Hke,y t0 be ° f increasin 8 significance in the 

<T< J het A e " de " Cy t0WardS higher r0tationaI s P eed s for example 
the textile industry is tending to raise noise levels while the^ introduction' 
of new Iegislat.on is likely to demand a reduction below the exis Z 
noise levels. Part of the solution to this dilemma may lie i h in 0 
duction of aerostatic bearings. 

Air bearings in dental turbines have established a considerable 
superiority over ball bearings in terms of reliability and Uong Si 
An analysis of the manufacturer's repair records has «hnwn th J 
average five percent of dental turbines with ai ^ bearing "a e r tu neS 
annually for reasons connected with the bearings. Thi compares to 

zss - * «5 « aires swa: 

this requirement SSSSSS tCmperatures U P t0 15 °°C. To meet 
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connected to the instrument, also had to within,) .I,, o ♦ i 
Process. Finally, a terylene covered slll^ 

or'th^t h 6 reqU ' rement - The ^nd special factor was Tthe n ed 

Thist essential Tf S Vo P ^ ^ *? ^ ,6Ver ™ -Lased 
mis is essential if, for example, a swab becomes caught up by the 




(n F ! g ," 12 J 8 Aeros,atic bearings in orthopaedic sureerv 
{Copyright: Ziinmer Orthopaedic Ltd.) 8 * 



Spar? aw 2 r^rss z& 

rotor IM l° m r ttK f r SUpP ' y t0 fted the rear ">™< bea ing The 

wo rThh- f 8 faCe g,v,ng the re 1 uired braking action The 

and ST: " C ° aled W " h U ' ngSten carbide t0 "*•« abras on 
and wear. This is an interesting example of how unusual requirements 

can mfluence the design of a machine and its bearings Such con 

ntoauon. can present great difficulty and lead to a pro facted develop- 

ment period; however they also provide opportunities for a novel 

or ingenious approach which can be rewarding to the designer 



0* 
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12.6 Applications to turbine flowmeters for gases 

For many years the use of a turbine or propeller flowmeter has been 
an established method of metering the flow of liquid in pipes. The 
principle of operation is based upon the fact that over a wide range 
of flow the speed of the turbine is linearly related to the velocity of the 
flow. Thus, if a means of measuring the turbine speed is available the 
instrument can directly be calibrated in terms of volumetric flow rate 
or mass flow rate. It seemed logical to extend this technique to the 
measurement of gas flow. However, it was found that when rolling 
contact or dry rubbing bearings were tried the response of the turbine 
was non-linear and a relatively large gas velocity was necessary to 
start the turbine revolving. The defects were due to the high bearing 
friction in combination with a low turbine torque due to the low gas 
density. The solution was found in mounting the turbine on an aero- 
static bearing. Then the turbine would turn in response to very low gas 
velocities, and the turbine speed increased linearly with gas velocity 
over a flow range exceeding 20 : 1. 

The first turbine flowmeter for gases with an aerostatic bearing was 
developed in 1961 at the University of Southampton for the United 
Kingdom Atomic Energy Authority. The flowmeter is now manufac- 
tured by Westwind Turbines Ltd. under licence to the U.K.A.E.A. 
Fig. 12.19 shows a cross-section drawing of a turbine flowmeter for a 

m diameter pipe. The flow range of this instrument is from 0-5 to 
10 ft /min and it can be used at pressures up to 350 lbf/in 2 and tem- 
peratures up to 250°C. Within this range of conditions it maintains 
an accuracy of volumetric flow rate of the order of ± 1 %. The bearing 
is normally supplied with the same gas as that being metered but at a 
pressure between 10 and 50 lbf/in 2 above the pressure of the metered 
flow. A magnetic transducer head produces an electrical pulse from 
the passage of each of the five turbine blades. The turbine runs to 
2 000 rev/mm for every 1 c.f.m. flowing and so the output signal pro- 
duces 10 000 pulses per cubic foot of gas flowed. Flowmeters of this 
type have been applied by I.C.I. Plastics Ltd. to integrate the total 
mass of gas consumed during various manufacturing processes The 
volumetric flow output of the turbine is compensated by signals from 
linear temperature and pressure transducers in a specially developed 
mass flow calculator The total mass flow integrated over periods of 
up to titty hours has been proved accurate to within + 1 °/ n by exoeri- 
"iTghed 3 C ° ndensable vapour was metered, then condensed and 

Turbine flowmeters of the same basic type as that shown in Fig 12 19 

6000 c tl 111 , C "jS? UP t0 12 in diameter t0 meter flow rates UP to 
6 000 c.f.m. In addition to gas flow measurement they have been 




' n !P„000t 
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applied to the measurement of the flow of gas-borne dust suspensions 
w ere the outflow of gas from the bearing is essential to prevent dus 
intrusion. In one interesting application a 12 in turbine flowrnete 

dus s , ;: e ;r e , f sma ,!' gas turbine ^ ^ -"J 

dus, slorm conditions. In such applications no special sealing of the 

Thi"!S,' S „ n 7 S f ry aPar ' fr ° m ' hat inherenl construe ion 

This fact Ulustrates an important advantage of aerostatic bearing 

MSS aPPreCia ' ed Wh ' Ch — £*Z 

Fia M n 'TL'h 1U H' bine °" ! Sma " central >°»™l faring as in 
Fig. 2A9 has the advantage of minimizing the bearing friction Thus 

the turbine responds to the gas flow with negligible slip and the dea 

tag Jo L V ° vT'nT reSP ,° nSe " C ' OSdy appr0aChed ' The d i^v7n 
tages ot this type of construction are firstly that the small bearing 

equires a relatively high supply pressure, and secondly hat since hf 
onfiguraiion lends itself better to a jet-fed bearing design than a slot 
fed bearing design the jet diameter has to be adjusfed fo? each bearing 

EJZH. COmP ' etely UniVerSal m0dd made These wo 8 

disadvantages are overcome by the turbine flowmeter devised bv C fW 
of Aerostatic Ltd. ,„ this design (shown in Fig. ,2.20 the aerostatic 
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bearing fluid supply 



main liotiM 



bearing gap 



axial 
thrust bearing 



rotor 



magnetic 
material inserts 



metering slits 




UMIlg 



ring ring 



transducer 



plenum chamber 



transducer read-out 



tWfl 12 21 Simp i ified drawing of the construction of the 
Dynafiow meter. The flowmeter uses the principle of slm 
-nlet beanngs {Reproduced by permission o/AerScLtdf 



journal bearing surrounds the turbine A slot fed k« fl ri n „ a • 

sasas afflxszs? 

•urb.ne flow m e,er have fie ,ds of applSon 'S ffih^Kl 
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in many applications either type could be employed. It is interesting 
to see how two designers have sought to solve the same problem by 
the application of aerostatic bearings and yet have evolved different 
and individualistic designs. This illustrates how in a new field of 
engineering, even though the general guide lines are already laid down 
the designer can still find ample opportunity to exercise ingenuity and 
to imprint his work with his own personality. 

12.7 Applications to scientific instruments 

The applications of aerostatic bearings to scientific instruments are 
numerous. Fig. 12.22 lists some representative examples. One large 



Type 


Advantage 


Application 


Low-speed 


Low friction 

Precise axis definition 


Balances 
Dynamometers 

Frictionless pivots and pulleys 
Roundness measurement 


High-speed 


Low friction power 
consumption and 
precise axis definition 


Laser Q-spoilers 
Prism and mirror spinners 
Optical and infra-red choppers 
Neutron choppers 
Atomizing spray discs 
High speed cameras 



imttS^S A PP"calions of aerostatic bearings lo scientific 

ferZatT' iCati0nS **" adVan ' age of ,he effectiv <* «™ Morton of 
aerostatic bearings at zero speed to eliminate the effects of Son' 

tits of °a r e be? r0b ' e H m , in ™ l — beaH »« s - Many early app£ 

2r sSSSPi — S&f 

a*™/? h ' gh - speed scientific instruments have been designed with 

by Westwind Turbine's Lie I fir L £ ? "Tn^ WCre deveIo P^ 

The unit shown "n Fi » P £ a °™ 1 Physical Laboratory. 

snown ,n Fig. 12.23 is an adaptation of an air turbine driven 
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,nfh!'M 2 ; 23 ?£ tUrb ' ne With aeros tat''c bearings supplied 
to the National Phys.cal Laboratory for rotating a large glass 
prism at 25 000 rev/min ""W-feiass 




Fig. 12.24 Pnstn-spinning air turbine with aerostatic bear- 
ings developed by Westwind Turbines Ltd. for the National 
J" 1 Laboratory. This unit spins a pentagonal prism at 
90 000 rev/min for use as a laser 'Q'-spoiler. A developed 
version runs at 130 000 rev/min 



264 DESIGN OF AEROSTATIC BEARINGS 

internal grinding spindle. It rotates a relatively large prism at 25 000 
rev/min. The unit shown in Fig. 12.24 was specially designed to enable 
a prism to be mounted in a hollow rotor in such a way that light 
could be passed axially through the prism if entering and leaving 
within a cone of solid angle of 120°. This consideration imposed severe 
limitations on the design of the air turbine and the aerostatic bearings 
Difficulties also arose through the radial dilation of the rotor and the 
need to mount the prism in such a way as to prevent stress concen- 
trations which could cause polarization of the transmitted light This 
development is typical of several where the application of aerostatic 
bearings has provided the research scientist with a tool of performance 
tar in advance of that available hitherto. Another example is shown in 

f a u ThlS min,ature air tur bine was designed to operate as an 
intra-red chopper in a remote temperature-measuring apparatus 




J 




Fig. 12.25 Miniature air turbine infra-red chopper with 
5^ Educed by permission 'JKA 



It ran at 150 000 rev/min and provided a chopping frequency of 5 kHz 
The ,nlra-red detector was cooled by liquid nitrogen produced from a 

0 75 ,„ so that us volume represent less (han one percenf of "he 
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volume occupied by the low-speed electric motor employed on an 
earlier model of the apparatus. 

12.8 Conclusion 

There are many other applications of aerostatic bearings but lack of 
space prevents their inclusion. It is hoped that the examples chosen 
Will have provided the reader with some idea of their potential both 
their numerous advantages and their adaptability in relation to limita- 
tions imposed by other aspects of the design of the machine in which 
hey are used. It ts hoped above all that the reader has been persuaded 
that the aerostatic bearing is no longer a delicate and temperamental 
device but has evolved into a reliable and effective part of mechanical 
engineering. Finally, to those readers who go on to design their own 
aerostatic bearings the author wishes every success stimulated by the 
same intense fascination which has spurred his own efforts. 
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A.l Physical Properties of Air, Gases and Vapours 

1 Viscosity 

Viscosity of air at 20°C =181 micropoise (uP) 

= 3-8xl0- 7 lbf-s/ft 2 
(100 MP = 21xlO- 7 lbf-s/ft 2 ) 

Viscosity ( M P) of Gases and Vapours at Various Temperatures (°C) 



Gas or vapour 



0 20 50 100 150 200 250 300 



Air 

Argon 

Benzene 

Carbon dioxide 

Carbon 

monoxide 

Chlorine 

Chloroform 

Ethanol 

Ethylene 

Helium 

Hydrogen 

Methane 

Neon 

Nitrogen 

Nitrous oxide 

Oxygen 

Steam 

Sulphur dioxide 



171 181 195 

212 222 242 

70 75 81 

138 146 163 

166 177 189 

123 132 145 

94 102 112 



Suther- 
land's 
constant 
C 



97 
186 

84 
103 
298 
166 
137 
192 



103 
194 
88 
109 
310 
174 
146 
200 



112 
208 
93 
119 
329 
188 
160 
218 



117 126 140 



218 


239 


258 


277 


271 


296 


321 


344 


94 


108 


120 




186 


207 


229 


249 


210 


229 


246 


264 


169 


189 


210 


230 


129 


146 


160 




109 


120 


136 


152 


128 


141 


154 


166 


229 


250 


270 


290 


103 


1 13 


121 


130 


135 


148 


161 


174 


365 


396 


425 


453 


208 


229 


246 


263 


183 


204 


225 


246 


244 


268 


290 


310 


128 


147 


166 


184 


163 


186 


207 


227 



367 

267 

279 
250 



117 
142 

240 

102 
350 



179 


226 


307 




139 


72 


186 


164 




56 


280 


104 


265 


260 


330 


125 


201 


650 


246 


306 
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Conversion Factors for Viscosity 





lbfs/ft 2 


lb/ft s 


poise 


lbfs/ft 2 


1 


32- 174 


4-788 0 
x 10 2 


lb/ft s 


0 03 1 081 


1 


14-881 6 


• 

poise 


2 088 55 
X 10- 3 


0 067 197 


1 


centipoise 


2 088 55 
x 10" 5 


6-719 7 
x 10" 4 


001 


kgfs/m 2 


0-204 817 


6-589 79 


98 066 5 



centipoise 



4-788 0 
X 10» 



kgf s/m 2 



4-882 41 



1-488 16 
x 10 3 



kg/m s 



47-880 1 



0.151 750 



1-488 16 



100 



kg/m s 



0010 197 



01 



2 088 55 
X 10~ 2 



9-806 65 
X 10- 3 



0-671 97 



10 



1019 7 

X 10" 4 



10" 3 



1 



10 4 



0101 97 



9-806 65 



indeoenHent nf the V1SC0sity ° f S ases is expected to be 

ndependent of pressure and to vary as the square root of the absolute 
temperature. The first relationship is true except at very low and vet 
high pressures; the second relationship requires certain corrections 

emo ratrT ^- 31 te K mperatUre ^ * kn0Wn ' the /i a a 

temperature T 2 is given by: ; n 

where C = Sutherland's constant. 
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Density of air at 0°C = 0-080 6 lb/ft 3 

20 "C = 0-075 4 lb/ft 3 
50°C = 0-068 lb/ft 3 



Density of Gases Relative to Air at 0°C 


Argon 


1-38 


Carbon dioxide 


1-527 


Carbon monoxide 


0-965 


Chlorine 


2-49 


Ethylene 


0-97 


Helium 


0138 


Hydrogen 


0 069 5 


Methane 


0-552 


Neon 


0-695 


Nitrogen 


0-967 


Nitrous oxide 


1-525 


Oxygen 


1103 


Sulphur dioxide 


2-26 



Density of steam relative to air at 100 5 C = 0-636 
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3 Specific Heats and Ratios of Specific Heats 

Specific heat at constant pressure C 
Specific heat at constant volume C.. 

Ratio of specific heats 

C p and C„ given in J/g deg C at 20° C 
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c 



Gas 


c P 


c v 


Air 

Argon 

Benzene 

Carbon dioxide 

Carbon monoxide 

Chloroform 

Ethylene 

Helium 

Hydrogen 

Methane 

Neon 


1006 
0-523 
104 
0-835 
1035 
0-603 
1 -53 
5-24 
141 
216 


0-718 
0-312 
0-745 
0-641 
0-800 
0-544 
1 -21 
3-21 
1005 
1 64 


Nitrogen 
Nitrous oxide 
Oxygen 


1022 
0-892 
0-92 


0-732 
0-671 
0-655 


Steam (!00°C) 


1-88 


/ J 66 
\l-45 


Sulphur dioxide 





1-401 

1-667 

1-40 

1-300 

1-297 

1110 

1-264 

I -63 

1-407 

1-313 

1-642 

1-401 

1-324 

1-400 

I 135 (dry saturated) 
1-30 (superheated) 
1-26 
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4 Gas Constant 

Universal gas constant = 2 780 ft Ibf/Ib mol deg K 
For air, Jf* 96-0 ft Ibf/Ib deg K 



Gas 



R 



(ft lbf/lb deg K) 



Argon 

Benzene 

Carbon dioxide 

Carbon monoxide 

Chlorine 

Chloroform 

Ethylene 

Helium 

Hydrogen 

Methane 

Neon 

Nitrogen 

Nitrous oxide 

Oxygen 

Steam 

Sulphur dioxide 



69-5 

35-7 

63-2 

99-4 

39 

23-2 



99-f 
695 
390 
174 
139 

99-4 

63-2 

87 

154-5 
43-4 



Boiling Points of Gases at Atmospheric Pressure 




Argon 
Benzene 
Carbon dioxide 
Carbon monoxide 
Chlorine 
Chloroform 
Ethanol 
Ethylene 
Helium 
Hydrogen 
Methane 
Neon 
Nitrogen 
Nitrous oxide 
Oxygen 

Sulphur dioxide 



185-6 
801 
-78-2 
— 191 3 
-33-8 
61-3 
78-4 
-103-7 
-268-6 
-252-2 
-161-5 
-246 

195-8 
-88-5 
-183 
-10 
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6 Thermal Conductivity of Gases 

■aw asss : zz sawssa- 

K«0-25(9y-5)pC w 
where y _ 

Bt^^^^«^ i„ J/cm , deg c (for 



Gas 



Variatim ofKx 10* hv7/* Temperature (°Q 



Air 
Argon 

Carbon dioxide 

Carbon monoxide 

Chlorine 

Ethylene 

Helium 

Hydrogen 

Methane 

Neon 

Nitrogen 

Nitrous oxide 

Oxygen 

Sulphur dioxide 
Steam 



-100 


0 


1-58 


2-41 


109 


1-62 




1-45 


1 -51 


2-32 




0-72 




1-64 


10-59 


1415 


11-23 


16-84 


1 -88 


3 02 




4-65 


1-58 


2-43 




1 -51 


1-59 


2-44 




0-77 




1-58 



100 



317 
211 
2-23 
3 04 



17 06 
21 -6 

5-70 
312 

3-25 

2-35 



500 



3-60 



38-9 
5-42 

5-7 
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electric motors 
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simple 
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Note from the uploader: 

I found this book some years ago in a library and enjoyed reading it. I tried to find a paper copy for 
purchase but it was quite hard to get hold of. Recendy I came across some webpages belonging to 
the author, which mentioned a way to contact him: 
http://www.amazon.corn/John-W.-Poweliye/BQQlKMIQDG 
http://ezineardcles.com/?Gas-Lubrication:-The-Story-of-a-Book&id=6764942 
http://www.ghanabooksjwp.com/aboutme.htm 

I contacted the author to suggest making this book more widely available and he was helpful and 
supportive. I tried to determine whether the publisher had any copyright that might prevent me from 
placing the book on the internet, but the book was published so long ago that it is difficult to find 
records. It seems that The Machinery Publishing Company Ltd ceased publishing books in the early 
seventies, and the author was of the suspicion that Wiley may have taken over this book. The author 
contacted Wiley and received an e-mail stating that they had no knowledge of the book. I contacted 
Companies House and obtained a disc containing the financial records of the Machinery Publishing 
Company, which included a note from 1975 explaining that they were exiting the business of 
publishing books. The records also showed that the company was wound up around 1981, and 
showed entries relating to the assets of the company at that time. There was no specific reference to 
any copyright assets at that time, however the liquidator did receive £90.22 in exchange for a "deed 
of assignment" to the Industrial Press of the USA, without any information about which rights this 
related to. 

I contacted the Industrial Press, and asked them about this book, and whether the payment they 
made in the early eighties had anything to do with this book. They did not find any records relating 
to it, and in any case they had no objection to me uploading the book. 

Therefore after my best efforts to find any successor to the publisher, who may or may not have had 
some right over this book, I can find no such entity and therefore assume in good faith that only the 
author remains in a position to decide the conditions under which this book may be distributed. If 1 
am mistaken and you can prove that you or your company has the rights to this book, please contact 
me with proof of your copyright claim, and I will assist you to take whatever actions are required. 

The author has kindly provided me with the statement (overleaf). 

If you find this book to be interesting or useful then I would encourage you to visit the author's 
website above and perhaps let him know. 

Chris Jones 



www.chrisj.org 



"As the author of this book I do not object to it being made available on the internet under a 
Creative Commons Attribution-ShareAlike 4.0 (CC BY-SA 4.0) licence. Due to difficulty in finding 
historical records, I do not make any representation about whether other parties may hold rights 
over this book." 
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